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Editorial

In recognition of the 50th anniversary of the ASME International Gas Turbine Institute’s annual gas turbine
conference, TURBO EXPO ’05, this April 2005 issue of the Journal is devoted to papers from the conference’s most
recent meetings.

About 65–75 percent of Journal papers come from TURBO EXPO. Since the first IGTI gas turbine conference in
1956, a remarkable total of 12,453 refereed papers have been published in conference proceedings and presented at
this one annual meeting. Usually, between 25 and 35 percent of conference papers are judged by reviewers to be
archival. Thus, for the last half century, I estimate that about 4000 or so have been published in the Journal, in our
companion publicationJournal of Turbomachinery, or in the predecessor of both, theJournal of Engineering for
Power.

The IGTI First Annual Gas Turbine Conference and Exhibit was held April 16–18, 1956 at the Hotel Statler in
Washington, DC. This very first ASME all-gas turbine meeting had 25 exhibitors, six technical sessions, a total of
17 papers and an attendance of about 750. The conference fee was $5~with papers! and $2~without papers!. By
way of contrast, IGTI’s 49th gas turbine conference, TURBO EXPO ’04 in Vienna, June 14–17, 2004 had 155
exhibitors, 187 technical paper sessions, a total of 732 papers and an attendance of 2443.~It goes without saying
that the Vienna conference fees were substantially higher than those of 1956.!

The IGTI gas turbine conference has been ASME’s leading international technical meeting from its very begin-
ning. The annual meeting is held in North America and in Europe on alternate years. Currently, more that half of the
papers presented are from non-North American parts of the gas turbine community, most coming from Europe and
Asia.

The gas turbine is the ‘‘youngest’’ of energy converters. The first jet engine-powered flight took place in Germany
and the first operation of a gas turbine to generate electrical power occurred in Switzerland, both in 1939. Within
five years of this ‘‘birth,’’ the organization of IGTI—and of the gas turbine conference—commenced. Here are a few
milestones, facts and dates that led to TURBO EXPO:

• On May 8–10, 1944, ASME’s 17th National Oil and Gas Power Conference was held mid-continent~wartime!
at the Mayo Hotel in Tulsa, OK. The technical program consisted of four sessions~a total of ten technical
papers!; three on diesel engine technology and one~two papers! on the newly emerging gas turbine. As
Mechanical Engineeringmagazine reported: ‘‘Demonstrating the technical interest aroused by the gas turbine,
first new prime mover in 50 years, a capacity crowd of approximately 250 attended the first technical session
which was devoted to that subject.’’ In anticipation of this intense interest in new gas turbine technology, on
May 7, 1944, the Executive Committee of the Oil and Gas Power Division voted to form a ten member Gas
Turbine Coordinating Committee~GTCC! to provide ‘‘ . . . coordination and dissemination of new technical
information on the gas turbine through periodic meetings and the presentation of technical papers.’’ This newly
formed GTCC, with R. Tom Sawyer of the American Locomotive Company as its chairman, was the start of
IGTI.

• By March 1947, GTCC had grown to 31 members and had sponsored an increasing number of gas turbine
papers at ASME conferences. With its growing membership, the GTCC petitioned ASME for division status,
and this was granted on August 14, 1947. Thus the Gas Turbine Power Division was formed, later to be called
simply, the Gas Turbine Division~GTD!. As the prime organizer~and by then author of the text,The Modern
Gas Turbine!, R. Tom Sawyer was the first chairman, serving for the remainder of 1947.

• The new GTD started in 1948 with three technical committees: Committee on Theory, Committee on Design,
and Committee on Application. Over the last 57 years, these three grew into the 17 technical committees which
form the backbone of IGTI today.

• As the international gas turbine community grew, the number of papers sponsored by the GTD increased to the
point that it was obvious a separate meeting was needed. The first one was held in Washington, DC, in 1956 as
mentioned above, with succeeding annual meetings taking place in other US cities. In 1966 Zurich was chosen
as the first European site for the gas turbine conference. Not long after, the annual meeting developed into its
present schedule of locating in North America and Europe in alternate years.

• As the GTD conferences increased in size in the years after 1956, it became more and more apparent that a
separate ASME staff was needed to take over the administration and operation of the Division. In 1978, Donald
D. Hill became Director of Operations for the GTD and set up his office in Atlanta, with Sue Collins as his
assistant. In 1982, additional staff was hired to take over direct management of the exposition.

• By 1986, the Gas Turbine Division outgrew its divisional status and was made an institute of ASME—the
International Gas Turbine Institute—as we know it today. In 1988 the annual gas turbine conference was
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renamed TURBO EXPO. Projects and services developed, produced and financed by IGTI have increased, and
the professional staff now numbers eight. The Atlanta office is IGTI’s headquarters and the hub of its interna-
tional activity.

This Journal started 125 years ago as a collection of papers on energy conversion technology in the 1880 first
volume of the Transactions of the ASME. For the last 50 years, IGTI’s annual gas turbine conference has been a
major contributor to the Journal. We salute the authors, reviewers, and organizers of TURBO EXPO, as they prepare
to present papers and celebrate the 50th gas turbine conference in Reno, Nevada on June 6–9, 2005.

Lee S. Langston
Editor
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Dr. Max Bentele—Pioneer of the
Jet Age
This paper documents the pioneering work of Dr. Max Bentele during his long and
distinguished career in Germany, the UK, and the United States. His early work on
turbojets at the Heinkel-Hirth Corporation in conjunction with his life-long friend, Dr.
Hans von Ohain, culminated in the development of the advanced HeS 011 turbojet. Dr.
Bentele’s pioneering work in the area of blade vibration is documented along with details
of his spectacular solution of the turbine blade vibration problem of the Junkers 004B
engine which propelled the world’s first operational jet fighter—the Me-262. Also covered
are his pioneering contributions to turbine blade cooling and blade manufacturing and
his important work at Curtiss—Wright and Avco Lycoming prior to his retirement.
@DOI: 10.1115/1.1807412#

1 Introduction
Max Bentele was born on January 15, 1909 in Ulm Germany,

graduating from high school in 1927. A visit to the Deutsches
Museum in Munich influenced him to study engineering. After his
graduation from school, he worked as an apprentice at a ball bear-
ing manufacturer. He enrolled at the Technical University of Stut-
tgart in the Fall of 1928, to work toward a degree in mechanical
and electrical engineering. He obtained his undergraduate degree
in 1932 and having completed a thesis on ‘‘Sound dampers for
pipelines,’’ was awarded a Doctorate in Engineering in 1937. This
thesis1 laid the foundation for his future work in vibrations and
dynamics, an area in which he would gain an international repu-
tation. In May 1938 he joined Brandenburgische Motorenwerke
~Bramo! in Berlin Spandau, and in late 1938, he joined Hirth-
Motoren located in Stuttgart-Zuffenhausen.

2 Early Work on Turbosuperchargers at Hirth
Upon joining the applied research department at Hirth Motoren,

Dr. Bentele was tasked with the improvement of the specific
power, frontal area, and weight of existing Hirth engines. He was
appointed Director of the Applied Research Department and
worked on the advancement of aeroengine turbocharger design, to
facilitate mass production. At that time, Hirth-Motoren was inves-
tigating turbocharger technology and had obtained a manufactur-
ing license from DVL~Deutsche Versuchsanstalt fu¨r Luftfahrt2!.

The turbocharger featured a two-stage centrifugal compressor
and a single-stage axial flow turbine connected to the compressor
by a quill shaft. As the turbine section blading had to withstand
temperatures of 1000°C~1832°F! and as no alloys were available
to withstand this temperature, air-cooling had to be utilized. The
DVL designs featured a solid blade axial turbine with partial ad-
mission utilizing one sector for the hot exhaust and one sector for
cooling air.

In the summer of 1942, a twin-engine Heinkel He 111,
equipped with Junkers V12 Jumo 211 engines utilizing DVL/Hirth
turbochargers experienced a turbocharger blade fracture in two
turbine blades. A rash of similar failures resulted in a major in-
vestigation. DVL, which was the licensor of the turbocharger,
stated that they had never experienced any test failures during

their test and development programs and felt that the failures were
due to problems with the manufacturing processes, material grain
size, surface finish, and general machining tolerances. The man-
agement at Hirth desperately searched for a way out of this di-
lemma, even offering a financial award to anyone who could re-
solve this problem. Dr. Bentele immersed himself in the resolution
of this problem.

The DVL/Hirth turbochargers were built in two models with
different gas-to-air partial admission ratios of 50/50 and 60/40.
The pressure of the exhaust gas before the turbine was much
higher than the cooling air. Dr. Bentele intuitively felt that the
sudden and alternating changes would induce periodic blade ex-
citation, which under resonance conditions would lead to high
vibratory stresses. He hypothesized that these, in combination
with the gas and centrifugal stresses, would lead to fatigue cracks.
Dr. Bentele embarked on an experimental/analytical program to
confirm his hypothesis.

The turbine rotor blade attachment was a fairly rigid fir tree. By
striking the blade airfoil, a distinct sound could be obtained. As no
frequency analyzer was available, musicians in Dr. Bentele’s
group were enlisted to help. By stroking the airfoil tip and trailing
edge with a violin bow,3 the bending and tortional mode natural
frequencies tones were generated. A piano was then used to match
the frequencies. The fundamental bending frequencies of the tur-
bocharger blades were approximately 2000 Hz. Dr. Bentele ap-
proximated the frequency changes under operating conditions due
to centrifugal stiffening, tightening of the root attachment, and the
high operating temperature. He conducted a Fourier analysis to
determine the individual harmonics, their orders and their ampli-
tudes. He found that for the 50/50 admission ratio, only odd num-
bered harmonics occurred, their amplitudes diminishing with their
order number. Similar overall declines existed with the 60/40 ad-
mission. To determine resonance conditions, Dr. Bentele con-
structed a frequency-speed diagram, as shown in Fig. 1~Bentele
@1#!. It showed that for turbochargers operating with 60/40 admis-
sion, the sixth and higher orders were in the operating speed
range. For the 50/50 turbocharger design, the fifth order was
above the maximum operating speed of 20,000 rpm, and the sev-
enth and higher orders were within. To further corroborate this
theory, Dr. Bentele calculated the approximate danger levels of the
critical frequencies from the turbine power, gas, and centrifugal
force on the blade and the exciting forces based on the Fourier
analysis results.

The conditions for the 60/40 turbocharger design is shown in
Fig. 2. As can be seen in this figure, the sixth harmonic is more

1His thesis was published by VDI as a book.
2This was a governmental body similar to NACA in the USA or the RAE in the

UK.
Contributed by the International Gas Turbine Institute~IGTI! of THE AMERICAN

SOCIETY OF MECHANICAL ENGINEERSfor publication in the ASME JOURNAL OF
ENGINEERING FOR GAS TURBINES AND POWER. Paper presented at the Interna-
tional Gas Turbine and Aeroengine Congress and Exhibition, Atlanta, GA, June
16–19, 2003, Paper No. 2003-GT-38760. Manuscript received by IGTI, October
2002, final revision, March 2003. Associate Editor: H. R. Simmons.

3Stroking the blade tip gave the bending natural frequency. The torsional natural
frequency was obtained by stroking the blade tip. This was the first time this tech-
nique was employed.
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than twice as dangerous as the higher ones due to the higher gas,
centrifugal and exciting forces. As the sixth harmonic was near
the maximum speed, it could easily be increased by raising the
blade natural frequency by shortening the airfoil and increasing its
taper. For the 50/50 turbocharger, the seventh harmonic was the
most dangerous and occurred for an extended duration during the
aircraft climb. As the turbocharger speed could not be avoided,
this model was discontinued on Dr. Bentele’s recommendation.
Dr. Bentele was now able to explain the observed blade losses
from the flight times spent in climb and cruise. The results of this
elegant analysis established Dr. Bentele as an expert in blade vi-
brations at Hirth Moteren. DVL, however, still felt that the under-
lying cause for the failures was manufacturing differences at
Hirth, as compared to the turbochargers built at DVL. Dr. Bentele,
therefore, requested DVL to provide him with one of their manu-
factured turbines. Upon receipt of the turbine, the natural blade
frequencies were determined and it was recognized that a danger-
ous seventh-order excitation would occur between 17,500 and
18,400 rpm. The DVL-manufactured turbocharger was installed
on a test stand and was vigorously tested resulting in a blade
failure, as predicted by Dr. Bentele’s theory. The turbine wheel

and broken blade is shown in Fig. 3. Vibrations had caused a
fatigue crack halfway across the airfoil. The fatigued blade
showed classic crack growth, followed by an overload failure.
Based on this dramatic demonstration, Dr. Bentele’s theory was
fully accepted and his recommendations put into effect. This work
resulted in Dr. Bentele being established as one of the leading
experts in the area of blade vibrations, which would later be con-
firmed when he resolved blade vibration problems with the Junker
Jumo 004 engine. It is also worthwhile noting that his develop-
ment of a Bentele diagram was made without his knowledge of
Campbell’s classic work done in 1924 investigating steam turbine
disk vibration.4 Bentele’s approach as shown in Fig. 2, however,
was unique in that it presented a visualization of the blade vibra-
tion danger levels.

3 Work Related to Turbine Cooling
Recognizing the inherent problems with partial admission as a

means for blade cooling, Dr. Bentele’s team investigated several
forms of internal blade cooling of the blade and root, studying
heat transfer, mechanical design, and manufacturing aspects. Ini-
tial efforts were concentrated on hollow convectively cooled tur-
bine blades. While others~mainly the DVL! had experimented
with air-cooled blades, Dr. Bentele was able to blend theory and
practice and incorporate practical lessons learned to develop
workable blading. One of his inventions was the Faltschaufel5

~folded blade! shown in Fig. 4 that could be mass-produced at an
exceedingly low cost.6

4 German Jet Engine Developments
Turbojet development in Germany initially included two inde-

pendent programs that were not, at least initially, under the aus-
pices of the German Air Ministry known as the Riechluftfahrtmin-
isterium ~RLM!. As is typical of revolutionary technological
changes, these two programs did not initiate at the traditional
aeroengine companies but started at Heinkel Airframe and at
Junkers Airframe Company. Ultimately, both these programs
ended up under Heinkel, however, Heinkel could not capitalize on
his position as a jet age pioneer. So great was his disappointment
that in his autobiography entitled ‘‘Stormy Life- Memoirs of a
Pioneer of the Air Age’’ published in 1956, no mention is made of

4Wilfred Campbell of the General Electric Company had presented a detailed
ASME paper in 1924 entitled ‘‘The Protection of Steam-Turbine Disk Wheels from
Axial Vibration.’’

5A modification of this concept was finally used successfully in turbochargers and
finally in the Heinkel-Hirth HeS011 turbojet, and was known as the Topfschaufel
~tubular or bootstrap blade!. Dr. Bentele is named as a coinventer on the patent.

6One manufacturer claimed to manufacture a blade at a rate of 1 Mark and still
make a profit.

Fig. 1 Frequency-speed diagram developed by Dr. Bentele for
60Õ40 admission turbocharger „1942…

Fig. 2 Danger level of excitation for different orders „60Õ40 ad-
mission turbine …

Fig. 3 Cracked turbocharger blade
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any Heinkel-Hirth turbojet development team member’s names.
Details regarding the overall development of the German jet pro-
gram and in particular the pioneering work of Dr. Hans von Ohain
may be found in Meher-Homji and Prisell@2#. Further details on
the history of turbojet development may be found in Constant@3#
and Meher-Homji@4,5#.

4.1 Turbojet Engine Development Work at Heinkel. von
Ohain developed the idea of his jet engine while he was a doctoral
student at the University of Go¨ttingen. The 24 year old von Ohain
was hired by Heinkel and soon headed Heinkel’s jet engine devel-
opment work. Dr. Hans von Ohain received a permanent contract
and was named head of Heinkel jet propulsion development after
the successful run of his hydrogen demonstrator engine~the HeS
1!. After this successful engine run, Heinkel pushed hard for a
flight engine and this resulted in the HeS 3B designed by von
Ohain. On August 27, 1939, a He 178 piloted by Erich Warsitz
made a historic 6 min flight from the Heinkel airfield in
Marienehe. This was the first aircraft in the world to fly utilizing a
turbojet. Heinkel rushed to inform the RLM of this achievement,
but met with indifference as the RLM had more immediate prob-
lems of gearing up for the war that was to start within a few days.
Later, Heinkel arranged for a demonstration of the He 178 that
was observed by the German Air Ministry, but there was little
enthusiasm displayed by the Air Ministry representatives.

4.2 HeS 8A Engine Development for the He 280 Jet
Fighter and the Purchase of Hirth Corporation by Heinkel.
Shortly after the demonstration of the He 178 to the RLM, Hei-
nkel started development of a twin engine fighter that was desig-
nated the He 280. The aircraft could not use engines of the HeS
3B type because of the large engine diameter and low perfor-
mance. At this time, however, an axial flow engine~designated the
HeS 30! that was being developed by Mueller, who had arrived at
the Heinkel Rostock plant, experienced serious development prob-
lems. Recognizing that this engine would not be ready in time,
von Ohain designed a back-up solution designated the HeS 8
which would employ a radial rotor similar to the HeS 3B com-
bined with an axial vane diffuser and a straight through flow com-
bustor. Only 14 months were available for this development, as
the He 280 airframe was developed much faster than its engines.
The engine program was done under a RLM contract with the
engine getting the first RLM turbojet designation~109-001!. De-
velopment was not without risks because the specification of the
aircraft limited the engine diameter making the axial diffuser
function and efficiency together with the straight through combus-
tor very critical. Luckily for Heinkel, von Ohain’s HeS 8 engine
managed to meet the minimum requirements and was ready in
time for the first flight of the He 280 which took place in late
March 1941. After the demonstration flight of the He 280, Heinkel
finally received permission to purchase Hirth Motoren located at

Zuffenhausen near Stuttgart.7 With the acquisition of Hirth, Hei-
nkel had access to the engineering capabilities and manufacturing
know-how of this well-known engine company. The formal name
of the company created when Heinkel took over Hirth Motoren
was Ernst Heinkel AG-Werk Hirth Motoren~known as Heinkel-
Hirth for short!. It is interesting to note that when asked during a
conference in 1978@6# what single item von Ohain needed the
most during his early development days, he stated that the greatest
need was for expertise in the area of blade vibration which, he
said, he got from the Hirth Company in the form of Dr. Bentele
who was, by then, recognized as the leading expert in Germany
specializing in aeromechanics and blade vibration. The close
friendship between Dr. von Ohain and Dr. Bentele endured for 57
years right through the passing away of Dr. von Ohain in 1998.

5 Design and Development of the Advanced Heinkel-
Hirth HeS 011 Turbojet

In 1942 the RLM granted Heinkel-Hirth the contract for a
second-generation engine known as the HeS 011~RLM designa-
tion 109-011!, which provided a quantum step in specific power
and performance. The specifications of this engine were a maxi-
mum thrust of 2863 lbs~12.75 kN! with a growth to 3307 lbs
~14.7 kN!, a weight under 1985 lbs~900 kg!, a pressure ratio of
4.2:1, an altitude capability 50,000 ft~15 km!, and a specific fuel
consumption of less than 1.4 lb/lb-h.

Dr. von Ohain was in charge of the development and Dr. Max
Bentele was responsible for component development and man-
aged the development on the compressor and turbine sections of
the engine. The best performance parameters attained by the en-
gine in December 1944 were a thrust of 2940 lb~13 kN! at a rotor
speed of 10,205 rpm. The leading particulars of the first genera-
tion Jumo 004B engine which was in production and the advanced
HeS 011 are compared in Table 1. The engine layout is depicted in
Fig. 5 ~Neville and Silsbee,@7#!. Additional details on the engine
may be found in Bentele@8#, Hirth-Moteren reports@9,10#, Avia-
tion Magazine@11#, US Navy report@12#, Bamford and Robinson
@13#, and Carter@14#.

5.1 Compressor Section. The compressor had a single
stage inducer row followed by a diagonal compressor8 ~mixed
flow! stage and then three symmetric~50% reaction! axial flow
compressor stages. As the air exited the first axial inducer stage,

7This acquisition was fraught with politics, with Heinkel’s rival Messerschmitt
reportedly delaying the acquisition for several months.

8This was called ‘‘Kombinationsverdichter,’’ a layout conceived by Dr. von
Ohain.

Fig. 4 Folded turbine blade developed by Dr. Bentele. „Ben-
tele, †1‡…. The folding process is shown here. Two reinforce-
ment strips increased the blade strength. The inside strip also
provided proper distribution of cooling air. Blades would be
pinned to the disk with an axial pin.

Table 1 Comparison between the Junkers Jumo 004B and the
Heinkel Hirth HeS 011 engines

Parameter Jumo 004 B HeS-011A

Manufacturer Junkers Engine Heinkel-Hirth
Thrust ~lbs! 2000 ~8.927 kN! 2863 ~12.75 kN!
Weight ~lbs! 1650 ~750 kg! 1950 ~885 kg!
T/W ratio 1.21 1.44
Length 152-in.~3860 mm! 131.6-in.~3343 mm!
Frontal diam 30 in.~760 mm! 32 in. ~805 mm!
Air mass flow
rate ~lb/s!

46.7
~21.2 kg/s!

64 ~29 kg/s!

Pressure ratio 3.1:1 4.2:1
rpm 8700 10,205
Compressor
configuration

Eight-stage
axial flow

Diagonal stage1three
axial stages

Turbine
configuration

One-stage turbine Two-stage air cooled

Fuel
consumption
~lb/lb thrust!

1.4–1.48 1.35

Turbine inlet
temperature~F!

1427°F~775°C! 1427°F~775°C!
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the annular passage was reduced by a shaft fairing to the diagonal
compressor. The combination of a diagonal stage with axial flow
stages was ingenious as it made the operating line very flat and
imparted growth potential without incorporating variable geom-
etry that would be required for higher pressure ratios. The double-
skinned intake hoods served the dual function of straightening the
airflow and housing the accessories, oil tank, and lube oil pump.
Both warm air and electric heating were available for anti-icing. A
photograph of the compressor section showing the mixed flow
stage is shown in Fig. 6.

To develop this compressor, a 1600 kW electric test stand in
Zuffenhausen and a steam turbine driven 15,000 hp stand in Dres-
den were utilized. The rigs allowed the measurement of flow,
pressure, and temperature distributions in the flow path and con-
siderable challenges had to be met in designing the mixed flow
compressor section. Rather than arriving at an optimal configura-
tion for the axial stages analytically, this was done experimentally
using adjustable stators. A variety of settings were tested on the
stand and finally this led to satisfactory performance as shown in
the compressor map of Fig. 7~Bentele,@1#!. About half of the
total pressure ratio of 4.2 was derived by the mixed-flow section
~but with moderate efficiency!. The axial stages raised the effi-
ciency of the full compressor to 82%. Bentele recounts that during
one test, in spite of smooth running of the engine, the occurrence
of discrepancies in pressure and temperature readings puzzled the
test team. The issue was resolved when a technician appeared
holding some broken aluminum blades which he had found at the

compressor air exit and inquired if this might be the problem!
Evidently, the uniform breakage of the blades did not result in
significant unbalance.

5.2 Combustor. The combustor was an annular design with
airflow being divided into two flow streams by an annular head-
piece with a small airflow being routed into the headpiece for
mixture preparation and combustion. Most of the air was routed
through two of the outer and inner rows of vanes at the end of the
combustion chamber and into the mixing chamber to attain the
required temperature. The housing wall located around the com-
bustor was protected against radiant heat transfer by an annular
insulator around which fresh air from the chamber was circulated.
Sixteen equispaced fuel nozzles were utilized with four igniter
plugs, two on the lateral axis and two 45° upwards. Bentele indi-
cated that the combustor was a great design challenge and obtain-
ing a satisfactory radial and circumferential temperature profile
was not easy given the flow profile emanating from the mixed
flow compressor wheel. The combustor was, therefore, a workable
design compromise. Dr. Bentele indicated that the combustor was
one of his most frustrating assignments—he had reservations

Fig. 5 Layout of the HeS 011 engine

Fig. 6 Compressor section of the HeS 011 Fig. 7 HeS 011 compressor map „Bentele, †1‡…
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about too much sheet metal being present in the primary and
mixing zones and concerns that small sector testing of an annular
combustor would induce false results.9

5.3 Turbine Section. The HeS 011 had a remarkable two-
stage air-cooled turbine section~Fig. 8! designed by Dr. Max Ben-
tele. Two rows of hollow turbine nozzle blades were cooled by air
bled off through the annulus after the final compressor stage. This
nozzle cooling air was ducted between the combustion chamber
and the rotor shaft, which was shielded by an annular insert. Both
of the discs had hollow vanes with air being routed to the second
stage through holes bored in the first stage. The airflow exited the
blades at the tip. The development of the turbine section was most
challenging. Initially solid blades were employed and stress rup-
ture occurred at the first stage and fatigue failures at the second
stage. The resonance failure was traced to the location of four
struts of the rear bearing support and these were eliminated by
spacing the struts at unequal angles, thus minimizing the forced
excitations that were in resonance with the second-stage rotor
blades. A Bentele Diagram of the blading is depicted in Fig. 9.
~Hirth-Motoren report, January 1944@9#!.

The final air-cooled blade designed by Dr. Bentele was called
‘‘topfschaufel’’10 and did not utilize any strategic materials. These
blades were manufactured starting with a circular plate of auste-
netic chrome-moly sheet steel from which a closed end tube was
drawn in several stages with intermediate heat treatments. As seen
in Fig. 10~Hirth-Motoren Report, April 1944@10#!, wall thickness
diminished from 0.079 in.~2 mm! at the root to 0.017 in.~0.45
mm! at the blade tip, so as to match the stresses with the prevail-
ing radial temperature profile. The airfoil shape was then induced
and finish machining done. Both the first and second turbine
stages utilized this construction and contained an insert for the
proper distribution of the cooling air and for damping blade vi-
bration. Further details of the HeS 011’s construction, accessories,
fuels systems, and controls may be found in Meher-Homji and
Prisell @2#.

6 Planned Variants and Potential Applications of the
HeS 011 Engine

On July 15, 1944, the RLM submitted request for proposal
number 226/II~known as the ‘‘Emergency Fighter Competition’’!
to Germany’s aircraft manufacturers for the second-generation of
jet-powered fighters. The requirements included that this aircraft
be powered by a single Heinkel-Hirth HeS 011 turbojet, operate at

a level speed of 1000 km/h~621 mph! at 7000 m~22,966 ft! and
be armed by four MK 108, 30 mm cannon. The fighter had to have
an operating altitude of 14,000 m~45,931 ft!, and have a pressur-
ized cockpit. There were several proposals submitted by Focke
Wulf, Messerschnmitt, Heinkel and Blohm and Voss, with the
Focke Wulf Ta-183 being finally selected. The Ta-183 design con-
cept is shown in Fig. 11. This design was never built in Germany
as the war ended prior to its development.

7 Resolution of Vibratory Blade Failures on the
Junker Jumo 004 B Turbojet

The world’s first production turbojet was the Junkers Jumo 004,
which was the powerplant for the Messerschmitt Me-262 fighter
~Fig. 12!. The engine was developed by Dr. Anselm Franz and his
design team at Junkers. The Jumo was brought from conceptual
design to production in a span of four years. Details of this engine
may be found in Meher-Homji@5# and Franz@15#. As Franz had
no opportunity to design individual engine components a decision
was made to design an experimental engine, the 004A, which
would be thermodynamically and aerodynamically similar to the
final production engine. The goal in developing the 004A was to
have an operating engine in the shortest time frame without con-
sideration for engine weight, manufacturing considerations, or
minimizing the use of strategic materials. Based on the results of
the 004A engine, the production 004B engine was to be built. On
July 18, 1942 the first flight of the Me-262 powered by two Jumo
004A jets took place and lasted for 12 min.

The Jumo 004B engine was available in June 1943 and during
the summer, several catastrophic turbine blade failures that re-
sulted in aircraft crashes were experienced when operating at full
speed. The Junkers team worked diligently to resolve the problem.
The Air Ministry, getting increasingly concerned with the prob-
lem, scheduled a conference at the Junkers Dessau plant in De-
cember 1943, to be attended by turbine experts from government,
industry, and academia. Max Bentele was asked by the ministry to
attend this conference.11 Dr. Bentele listened to the numerous ar-
guments pertaining to material defects, grain size, and manufac-
turing tolerances. When his turn came, he stated that the underly-
ing cause of the problem was excitation induced by the six
combustor cans and the three struts of the jet nozzle housing after
the turbine. The combustor and struts excited a sixth-order reso-
nance with the blade bending frequency in the upper speed range.
The predominance of the sixth-order excitation was due to the six
combustor cans~undisturbed by the 36 nozzles! and the second
harmonic of the three struts downstream of the rotor. In the 004A
engine, this resonance was above the operating speed range but in
the 004B it had slipped because of the slightly higher turbine
speed and due to the higher turbine temperatures. Dr. Bentele’s
elegant analysis allowed the problem to be solved by increasing
the blade natural frequency by increasing blade taper, shortening
blades by 1 mm, and reducing the operating speed of the engine
from 9000 to 8700 rpm. Dr. Bentele’s resolution of this problem
had a major impact on the operational availability of the Me-262.

8 Blade Design Recommendations on the BMW 003
Turbojet

BMW also produced an axial flow turbojet engine~BMW 003!
with a thrust of 2,000 lbs~907 kg!. The engine had a seven-stage
axial compressor with a pressure ratio of 3:1, an annular combus-
tor, and an air cooled turbine that had a very unusual disk attach-
ment as shown in Fig. 13. This attachment was plagued by failures
and Dr. Bentele was consulted to resolve the problem. Dr. Bentele
found the design overly complex, with the wedge and pin being
unnecessary because the centrifugal forces would have held the
blade in place. He made several suggestions that allowed trouble-
free operation.

9When engine runs confirmed this opinion, the combustor was given several
nicknames—‘‘Guinea pig,’’ ‘‘rat’s tail’’ and worse! The time was not ripe for an
annular combustor of short length, low pressure drop, and high efficiency.

10This was a scaled derivitave of the ‘‘topfschaufel’’ invented by Dr. Bentele for
turbocharger turbines. 11At 34 years of age, Dr. Bentele was the youngest person to speak up.

Fig. 8 Photo of the HeS 011 two-stage air-cooled turbine
section
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9 Post-War Contributions in Germany and the UK

After the termination of hostilities in Europe, Dr. Bentele met
with technical teams put together by the allies who were im-
pressed by the advanced HeS 011 engine. The US Navy decided
to build and test these engines. Dr. Bentele interacted with engi-
neers from the Whittle team including R. G. Voysey, and his pio-
neering work on blading vibration was reviewed with great inter-
est. He also promoted the concept of turbine blade air-cooling but

this was not followed up by the allies,12 who believed that cooling
was not needed due to the superior high temperature alloys that
they had available.

Dr. Bentele then met Dr. A. T. Bowden of C. A. Parsons of the
UK who was interested in automotive applications of the gas tur-
bine. Dr. Bentele was invited to present a monograph to the AVA

12It took approximately 10 years before air-cooling was considered in the US and
the UK.

Fig. 9 ‘‘Bentele diagram’’ showing excitation and natural frequencies „Hirth-Motoren
Report, January 1944 †9‡…
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on the feasibility of the gas turbine as a vehicle power plant. This
monograph covered several investigations of compressor configu-
rations, regenerators, and other practical aspects and included a
treatment of regeneration, water injection, ceramic materials, and
the concept of a vehicular gas turbine. Because of his contribu-
tions to this and other studies, Dr. Bentele was offered a contract
from the British Ministry of Supply~MoS! to work on a gas
turbine tank engine project that was being developed at Parsons.
He contributed significantly to the mechanical design of the en-
gine and in resolving several problems. Dr. Bentele’s contribu-
tions included the design of a mechanical control system and ther-
mal shock investigations. Because of the special transient
operating regime of a tank engine, Dr. Bentele started a systematic

Fig. 10 Ingenious method of developing air-cooled turbine blade starting with a cir-
cular plate 25 mm diameter „Hirth Motoren GmbH report, April 1944 †10‡…

Fig. 11 Focke Wulf TA-183 with HeS 011 engine
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investigation into the thermal shock aspects of turbine blading.
The study included an analysis of thermal stresses in a slab for
static conditions of constant heat flow and constant temperature
difference. Four different materials were considered. Thereafter,
transient conditions were modeled where the surface temperatures
were suddenly changed. The resulting calculations and models
were then extended to shapes approaching those of turbine blades
to arrive at a qualitative relationship for the number of thermal
cycles to failure. Dr. Bentele and his group verified his thermal
shock investigations in test rigs with actual turbine nozzles of
their tank engine. The test rigs developed allowed testing to ex-
amine the cyclic thermal behavior of blading and combustor
walls. A detailed paper was published by Dr. Bentle and Mr.
Lowthian @16# which appeared in the February 1952 issue of
‘‘Aircraft Engineer.’’ This paper drew an important analogy be-
tween thermal shock and vibration phenomena in showing that
surface condition, heat treatment, ageing, and varying the ampli-
tude of the applied load had similar effects.

10 Work at Heinkel-Hirth „1952–1956…
After his stay in the UK, Max Bentele was persuaded by Ernest

Heinkel to rejoin Heinkel at the Stuttgart plant, as Chief of De-
velopment. He joined Heinkel in 1952 and Ernst Heinkel relied on
his expertise in managing a variety of technical and business is-
sues. Dr. Bentele worked on a range of development initiatives on
reciprocating engines and motor scooters that Heinkel was mak-
ing. Heinkel’s heart was, however, set on aviation and he tried to
build a team to work on engines. On Heinkel’s request, Dr. Ben-
tele served as a consultant to a project involving a gas turbine
utilizing thermal compression.13 Heinkel’s most ambitious project

was the design of a jet fighter and its engine. The engine was
designated as the HeS 053 and borrowed features from the
HeS011, and SNECMA’s Atar engines. Ultimately the engine and
fighter projects were cancelled. In 1955 Curtiss Wright offered Dr.
Bentele a job and Dr Bentele emigrated to the USA in 1956 where
he joined the Wright Aeronautical Division~WAD! of Curtiss-
Wright.

11 Contributions at Curtiss-Wright
At Curtiss-Wright Dr. Bentele worked on several projects in-

cluding detailed studies on turbine blade cooling and transpiration
cooling. Several experimental results were developed on a test rig
enabling Curtiss-Wright to replace the two-stage turbine design
for the J65 engine with a single stage air-cooled design. This
development was, however, too late to be put into production. Dr.
Bentele was appointed Manager of Mechanical Components for
advanced gas turbines and made contributions to blade vibrations
caused by forced excitation, rotating stall, and aeroelastic flutter.

In May of 1958, on a Friday afternoon, Dr. Bentele was called
into the office of Roy T. Hurley~the President and Chairman of
Curtiss-Wright!. Hurley handed him a crude plastic 536.5 in.
model of an engine and said ‘‘That’s supposed to be an engine.
Find out over the weekend whether it is, and its pros and cons.
Report to me on Monday and don’t talk to anybody about it!’’ On
Monday, Dr. Bentele reported his findings in detail to Hurley and
then learned that its inventor was Felix Wankel. This was the start
of Dr. Bentele’s important involvement with this rotary engine and
Curtiss-Wright’s position as it exclusive licensor of North
America. Max Bentele is recognized as an important figure in the
development of the Wankel engine and made major contributions
to its design. In 1966 he was granted a patent on this engine for
burning of a wide range of fuels. By 1966, Curtiss-Wright stopped
engine manufacture and restructured itself to be to a major sup-
plier of components to the aerospace and other industries.

12 Contributions at Avco Lycoming
In May of 1967, Dr. Bentele joined Avco Lycoming as Consult-

ing Engineer to the Vice President of Engineering. During his
career and prior to his retirement in 1974 he made several impor-
tant contributions including the following.

1. Solutions to major service problems with the T53 and T55
engines.14 Dr. Bentele spearheaded investigation of a rash of
disk failures where tennons of aluminum disks holding blade
dovetail roots were breaking causing engine failure. In rec-
ognition of his worldwide reputation and integrity, Dr. Ben-
tele was selected by the Army Aviation Systems Command
~AVSCOM! to chair a blue ribbon panel to find a solution to
the problem. It was determined that a failure mode included
stress-rupture, high cycle fatigue caused by blade vibrations,
and low cycle fatigue due to frequent takeoffs and landing of
the helicopter. The solution was a replacement of the disks
with a one-piece welded rotor made of titanium.

2. Development studies of low-power gas turbine engines. Dr.
Bentele worked on a 5 lbs/s flow class gas turbine configu-
ration with a single spool compressor consisting of one axial
and one centrifugal stage driven by a single stage axial tur-
bine, a reverse-flow annular combustor, and a power turbine.
Details of Dr. Bentele’s investigations may be found in Ben-
tele and Laborde@17#.

3. Testing of turbine containment failures. In the fall of 1970 a
containment failure occurred on a T55 engine where power
turbine blades had broken off and the bearing support failed
under the massive unbalance situation, resulting in control
system damage. Dr. Bentele devised an iterative testing

13This concept was originally conceived by Dr. Hans von Ohain and had been
investigated theoretically and experimentally at Heinkel. The post-war project was
run by Max Adolf Müller.

14These helicopter engines were the branchildren of Dr. Anselm Franz, designer
of the Junker Jumo 004 turbojet that powered the world’s first production fighter, the
Me-262.

Fig. 12 The Me-262 powered by two Junker Jumo 004B turbo-
jets. Dr. Bentele was instrumental in resolving a major opera-
tional blade vibration problem with this engine.

Fig. 13 Complex blade root design for the BMW 003 engine
that resulted in fatigue cracks and failures
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method by which stress-rupture failures could be induced at
an exact speed thus reducing the number of very expensive
tests to a minimum.

13 Closure
The long and distinguished career of Dr. Max Bentele has been

covered, with an emphasis on his pioneering work on turbojet
engines. During WW II he worked on the development of the
advanced HeS 011 engine. He made seminal contributions in the
area of blade vibration, blade fabrication, air cooling, and turbojet
design. While not focused on in this paper, his significant contri-
butions to the development of the Wankel engine earned him the
title of the father of the Wankel engine in the USA. A photograph
of Dr. von Ohain, Sir Frank Whittle, and Dr. Max Bentele is
shown in Fig. 14. This photograph taken in 1987, is the last
known photograph of these jet pioneers together. Dr. Bentele is
Fellow of the SAE, Associate Fellow of AIAA and member of the
VDI. He holds 12 patents. In 1971 The University of Wyoming
invited Dr. Bentele to place his technical material in their Ameri-
can Heritage Center. This was done in 1972, thus preserving valu-
able documents and reports of his contributions to gas turbine and
aviation engine technology. Dr. Bentele has been awarded many
honors over the years culminating in 2001, with the prestigious
ASME R. Tom Sawyer Award, the citation of which reads: ‘‘For
pioneering work in the development of aeroengines and technical
contributions in the areas of turbine blade fatigue analysis, blade
cooling, and control systems for gas turbine rotary regenerators.’’

For his seminal work on jet engines that started at the dawn of
the turbojet revolution, Dr. Bentele will always be remembered as
a pioneer of the jet age.
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Unique Challenges for Bolted
Joint Design in High-Bypass
Turbofan Engines
Bolted joints are used at numerous locations in the rotors and carcass structure of modern
aircraft turbine engines. This application makes the design criteria and process substan-
tially different from that used for other types of machinery. Specifically, in addition to
providing engine alignment and high-pressure gas sealing, aircraft engine structural
joints can operate at high temperatures and may be required to survive very large applied
loads which can result from structural failures within the engine, such as the loss of a fan
blade. As engine bypass ratios have increased in order to improve specific fuel consump-
tion, these so-called ‘‘Ultimate’’ loads increasingly dominate the design of bolted joints in
aircraft engines. This paper deals with the sizing and design of both bolts and lever
flanges to meet these demanding requirements. Novel empirical methods, derived from
both component test results and correlated analysis have been developed to perform
strength evaluation of both flanges and bolts. Discussion of analytical techniques in use
includes application of the LS-DYNA™ code for modeling of high-speed blade impact
events as related to bolted joint behavior.@DOI: 10.1115/1.1806453#

Introduction

This paper deals with a number of unique challenges that large
commercial turbofan engines present for the design of bolted
joints which secure the engine carcass and rotor components.
These circumferential casing/rotor joints typically utilize flat-
faced lever-type flanges. Figure 1 illustrates the locations of
bolted joints in a typical turbofan engine.

The basic behavior of bolted joints@1# in turbofan engines un-
der normal operation are common to other applications and will
not be discussed here. Unique to the turbofan engine, however, are
constraints on diameter due to weight and packaging concerns,
along with challenging internal pressures, rotational speeds and
temperature levels. Transient operation during engine starts, accel-
eration or deceleration, along with aircraft maneuvers subject
these joints to numerous combinations of loads in the course of
normal engine operation. In addition, the designs must accommo-
date so-called ‘‘ultimate’’ loading conditions, such as the large
imbalance forces generated by abusive rotor imbalance. Such im-
balance can result from loss of a fan blade due to bird strike or
other cause. In that event, damage to the joints is acceptable but
carcass integrity of the engine generally must be maintained to
satisfy FAA requirements. With the latest generation engine fan
diameters growing as large as 129 in.~328 cm!, these ultimate
loads have increased to a point where bolted joints in commercial
turbofan engines must push the state of the art to a much more
significant extent than in common industrial applications.

Industrial practice@2# provides a basis for sizing bolted joints
based primarily on providing adequate sealing against internal liq-
uid or gas pressure. These methods are conservative enough that,
in many cases, externally applied loads may safely be ignored. In
contrast, the design of aircraft engine bolted joints is dominated
by the external loads the joint must support. While leakage control
is still a requirement, adequate sealing usually results as the joint
is designed to meet other requirements—rarely is it a governing

factor in the sizing of the joint. Experience has shown that a
variety of design requirements must be satisfied by the aircraft
engine joint, including:

1. Prevent joint separation under applied loads during normal
operation;

2. Provide transverse-load capability to prevent slippage by
means of sufficient joint clamp and flange friction;

3. Prevent air/fluid leakage;
4. Provide strength sufficient to support limit/ultimate dynamic

loads due to abusive rotor unbalance;
5. Low cycle fatigue~LCF! life in excess of expected engine

lifetime;
6. High-cycle fatigue~HCF! life sufficient to preclude failure

with expected levels of normal engine vibration;
7. Provide strength sufficient to support loads due to limit/

ultimate aircraft maneuvers.

Preload and Residual Preload
Assembly of joints for turbofan engines is usually performed

with the common torque wrench. Variables such as friction coef-
ficients, assembler technique and torque wrench calibration per-
mits control of clamp only within630%. When more accuracy is
necessary, torque-angle techniques have been used to reduce this
variation to620%, but this requires specialized tooling for fas-
tener assembly. Assembly lubricants, such as synthetic engine oil
or graphite grease, have been shown to be effective in minimizing
clamp variation.

The available clamp is determined through component testing
in order to determine the torque-tension or angle-tension relation-
ship. These tests are performed either with force washers or with
ultrasonic measurements of bolt elongation. The latter technique
requires tensile calibration of the ultrasonic extensometers for
each particular type of fastener. Ultrasonic measurement has the
advantage of permitting the determination of fastener clamp on
production engine assemblies, rather than in the laboratory, which
then includes the variables of technician lubrication and assembly
technique.~In rare cases, ultrasonic measurement of bolt exten-
sion during production assembly has been used to insure clamp
variation of less than65%.!

During engine operation, three effects serve to reduce this ini-
tial assembly clamp. The first is simply thermal expansion, since

Contributed by the International Gas Turbine Institute~IGTI! of THE AMERICAN
SOCIETY OF MECHANICAL ENGINEERSfor publication in the ASME JOURNAL OF
ENGINEERING FOR GAS TURBINES AND POWER. Paper presented at the Interna-
tional Gas Turbine and Aeroengine Congress and Exhibition, Atlanta, GA, June
16–19, 2003, Paper No. 2003-GT-38042. Manuscript received by IGTI, October
2002, final revision, March 2003. Associate Editor: H. R. Simmons.
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the fasteners, flanges and any attached bracketry will generally not
be made from the same material or operate at the same tempera-
ture for engine steady-state or transient conditions. This clamp
loss can be simply expressed as:

DB52KETH aBDTBlb2aNDTNhn2(
l

NF

~aFDTFt f ! iJ (1)

Note that the joint combined stiffness term,KET has been used to
account for the load division between bolt load and joint clamp. A
less accurate expression, often found in the literature, simply uses
the bolt stiffness,KET

B .
A second issue leading to preload loss in turbomachinery is the

contraction of the flange thickness due to transverse normal
stresses. Tensile hoop stress will exist in a circumferential casing
flange due to internal pressure or in a rotating flange due to speed.
Flange radial stress levels can also be significant due to thermal
gradients. Both will cause Poisson’s contraction of the flange
thickness and create a further loss in clamp, which can be ex-
pressed as:

DB52KET(
l

NF

$m~sR1sH!~ t f
n/EET

F,n!%n (2)

Equations~1! and ~2! are derived in Appendix A.
A less obvious effect comes about from the change in the elastic

modulus of the joint materials with temperature. A bolted joint is
simply a mechanical arrangement of springs and when the joint
materials are brought to elevated temperature levels, the change in
spring constants due to the reduction in material modulus will
create a further loss in preload. This change in bolt load can be
expressed as:

DB5BRT$KET /KRT21% (3)

Interestingly, while this effect does reduce the clamp at operating
conditions, it alone may not result in a change in bolt strain.
Because of this, the cyclic content of bolt stress which is due to
the modulus change at temperature in many cases can be safely
ignored in the calculation of fastener low-cycle fatigue capability.
A derivation of Eq.~3! and an explanation of the effect on bolt
strain is provided in Appendix B.

Many characteristics of turbomachinery bolted joint behavior,
at least for normal operation, are dependent on the available
clamp at operating conditions. Given the variation in assembly
clamp and the factors operating to reduce it, providing adequate
clamp during engine operation is often a challenge.

Applied Loads in Operation
Bolted joints in turbomachinery are subjected to a variety of

loads in operation that can be broadly categorized as:

1. Axisymmetric loads due to internal pressure, thermal gradi-
ents, torque and rotational speed. These loads can act both
normal and transverse to the bolt axis.

2. Asymmetric loads or beam-bending loads on the engine,
which can be created by rotating imbalance forces, aircraft
maneuvers~Including gyroscopic effects from the rotating
turbomachinery!, aerodynamic forces acting on the engine
inlet and nacelle, and the engine thrust.~Since the engine
thrust is produced at the engine centerline and reacted at the
engine mounts which are offset from the centerline, engine
carcass bending results.!

3. Impact loads resulting from failure events where blade frag-
ments may impact the casings in the vicinity of flanges.

Loading conditions are further categorized according to the like-
lihood of the event and different design criteria applied accord-
ingly. For example, we might require that the joint not separate
~lose clamp at the bolt centerline! for normal engine transient and
steady state operation combined with normal aircraft maneuvers
whereas for a major failure event the criteria would be simply that
the flanges and fasteners not fracture.

It can be seen then, that the designer will be faced with the
construction of a number of combined load cases for a given joint
that must be evaluated against the appropriate design criteria for
that condition. These load cases will involve the combination of
axisymmetric loads with beam moments and shears due to both
maneuvers and imbalance, which will often act in different planes.
This often precludes determination of the most limiting bolt loca-
tion in a joint by simple inspection. It is then necessary to calcu-
late the load on each individual fastener in the joint in order to
identify the most highly-loaded fastener.

Furthermore, the load combination/condition and relevant de-
sign criteria that will in the end size a given joint will not be
known at the point the design is initiated. All possible loadings
must be evaluated against the appropriate design criteria before it
is established whether a design is satisfactory or otherwise.

Design Criteria for Normal Operation
Experience has shown that the following criteria must be satis-

fied for a durable bolted joint when normal operation of the en-
gine and aircraft are considered:

1. Maintain an axial flexibility ratio (Ra
ET) of less than 0.5, i.e.,

maintain the clamping member stiffness at no more than
50% of the clamped members. This minimizes cyclic loads
on the bolt and improves fatigue life.

2. Provide sufficient bolt length, even where thin flanges are
joined, by use of a spacer~thick washer! in the joint. This
both improves the joint axial flexibility ratio and ensures
sufficient stretch of the bolt at assembly to desensitize the
joint from small embedment losses. Longer bolts, having a
greater total strain to failure than short bolts, also afford the
joint greater ultimate load capability, as will be discussed
later in this paper.

3. Provide sufficient clamp to prevent separation of the joint at
operating conditions. This criterion ensures adequate seal-
ing, predictable structural stiffness, and satisfactory bolt
low-cycle fatigue life.

Fig. 1 Structural bolted joints in a typical turbofan engine
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4. Provide sufficient clamp/flange face friction coefficients to
preclude transverse movement of the flanges. Even very
small amounts of transverse displacement of the flanges in
the clamped condition will produce very high bolt bending
stresses and inevitable failure.

5. Related to these criteria is the philosophy that observation of
any evidence of movement, such as wear or entrapped de-
bris, at a joint following engine cyclic endurance testing is a
clear indication of an unsatisfactory joint design. It has been
found that, due to the cyclic nature of aircraft engine opera-
tion, even small amounts of movement at a joint will inevi-
tably produce wear, which leads to loss of clamp, increased
movement and additional wear until failure results.

Ultimate Load Capability: Empirical Methods
Having satisfactorily sized a joint to meet the requirements of

normal operation, the designer must then examine the ultimate
load capability of the joint. Little conservatism is possible consis-
tent with engine weight and space constraints. The design crite-
rion is quite simple: The loadpath must remain intact. First, we
can examine the problem of a bolt under ultimate loading condi-
tions which usually results from a large overturning moment
~OTM! engine beam-bending load. Such loads can result from an
extreme aircraft maneuver or rotor imbalance condition.

A conventional, elastic calculation would simply determine the
maximum local shell load associated with the most highly-loaded
bolt due to the applied bending load using the formula:

PSHELL5
2M

NRS
(4)

The derivation of Eq.~4! is provided in Appendix C.
Accounting for the lever action created by the fact that the bolt

is offset from the line of action of the shell@3#

BAPPLIED5PSHELLF11
l

bG (5)

Typically, the joint would be past the point of separation on the
joint diagram~Fig. 3! for this ultimate condition so preload is not
considered in the calculation. The formulation assumes two-
dimensional behavior of the circumferential flange and has been
found to be reasonably accurate for flanges 20 in.~51 cm! in
diameter or larger. The toe reaction at the outer edge of the flange
is then simply:

R5BAPPLIED2PSHELL (6)

A conservative calculation would then simply compare the result-
ing bolt stress to the bolt material ultimate strength. Note these
simple calculations ignore bolt bending, since, by definition, the
bolt is strained near its elongation limit in tension so that little
bending capability remains.

Component testing has shown that such elastic calculations are
quite conservative. The initial explanation was that a shift in the
neutral axis of bending would bring more bolts to their ultimate
capability, thus increasing the overall strength of the joint. As
illustrated in Fig. 2, this neutral axis shift results since the joint
compression load path, which is simply through the heel of the
flange where the shells abut, is considerably stiffer than the tensile
load path through the bolt, where flange lever action and bolt
elongation contribute to substantially more flexibility. Since the
joint stiffness in the compressive direction is greater than that in
tension, a shift in the neutral axis of bending results in loading
additional bolts in tension as shown. An additional contributor is
bolt plasticity, since the most highly loaded bolt will not fail when
loaded to its ultimate capability, but must also undergo a strain
equal to its tensile elongation capability prior to fracture. These
effects are illustrated in Fig. 2, where elastic/perfectly plastic be-
havior has been assumed for the bolts.

However, experimental measurements of neutral axis shift dur-
ing component tests failed to reveal the magnitude of shift neces-
sary to account for the observed joint capability. An additional
effect, observed from elastic-plastic joint analysis, was that the
flange lever action, as described by Eq.~5!, decreased when sig-
nificant bolt plastic strain occurred. The joint diagram for the most
highly loaded bolt was found to be described by Fig. 3, which is
extended significantly beyond that loading considered in conven-
tional calculations.

Figure 3 describes the load history of the most highly loaded
bolt in a joint as the OTM load is applied. Initially, the assembly
clamp is reduced as the thermal effects discussed in the previous
section occur~point A!. As engine normal operating load is ap-
plied, the load is absorbed primarily by joint compression relief
and some additional bolt load in conventional fashion as described
in Ref. @1# ~point B!. Note that the bolt load in normal operation is
actually less than at cold assembly since the thermal effects dis-
cussed earlier dominate, rather than the applied load. For normal
operation of the turbomachinery, this behavior is typical for high
temperature joints. However, what interests us more is the behav-
ior beyond this point.

As the load is further increased, the slope of the bolt load ver-
sus applied load changes at the point of separation~point C!
where all clamp at the bolt centerline is relieved. However, the
flange toe is still in contact due to the flange lever action and the
toe reaction is present. As load is increased further and the bolt
plastically deforms, the compressive force at the flange toe is
relieved, in much the same way as the clamp at the bolt centerline
is relieved during the early stages of loading, reducing the slope of
the loading curve~point D!. In this fashion, flange lever action is
decreased. By reducing the rate of bolt load increase with applied
load at the most highly loaded bolt, the strength of the joint is
enhanced as the load is redistributed to the adjacent, less highly-
loaded bolts in much the same manner as occurs due to the neutral
axis shift. Both these effects thus combine to afford a much higher
joint ultimate load capability than the simple elastic calculation
would suggest.

The point of bolt failure~point E! is determined by the total
amount of plastic strain that the most highly loaded bolt can sus-
tain. Thus, an explanation for the increased strength of joints with
longer bolts is provided. The larger the bolt total elongation capa-
bility, the more redistribution of load that will occur and the
greater the ultimate strength of the joint.

Data from a number of component tests and correlated elastic-
plastic analysis was interrogated, with the aim of providing a
simple means for bolt sizing for ultimate load conditions. It was
assumed that the basic behavior would be governed by the ratio of
the joint tensile stiffness to the compression stiffness. The test
data was examined and it was found that a quadratic fit using the
flange parameter:

KFLANGE /KSHELL (7)

Fig. 2 Neutral axis shift mechanism for overturning moment
loading
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where

KFLANGE5
K1K2K3

K1K21K2K31K1K3
and KSHELL5

K4K5

K41K5
(8)

and,

K15
2EET

F,1RBp~ t f
1/ l 1!3

N
, K25

2EET
F,2RBp~ t f

2/ l 2!3

N
,

(9)

K35
EET

B ATHb

l B~ l 1b!
K45

2pRs
1ts

1EET
F,1

N
K55

2pRs
2ts

2EET
F,2

N

would provide a simple multiplier for the elastically calculated
bolt capability. Correlation results using this parameter are shown
in Fig. 4.

Similar component tests were carried out to investigate flange
ultimate strength. Calculation methods used in the past, such as
the simple calculation of the peak shell load necessary to stressFig. 4 Empirical multiplier for bolt capability under OTM load

Fig. 3 The joint diagram for a lever flange at high load levels
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the ligament between boltholes to its full plastic moment capabil-
ity, were also shown by test to be quite conservative. Since the
required flange thicknesses are a major driver for engine weight, a
less conservative approach was sought.

An empirical correlation was obtained using the results from a
series of 14 component tests. Specimens were prepared from a
number of typical engine materials, including INCO 718, M152
steel, aluminum 6061, and titanium alloys. Test flange diameters
ranged between 6.6 in.~16.8 cm! to 45 in. ~114.3 cm! and flange
thickness from 0.055 in.~0.14 cm! to 0.267 in.~0.678 cm!, typical
of the values in use in aircraft turbomachinery. Tests included both
symmetrical~Identical flanges! and nonsymmetrical joints. Figure
5 illustrates a typical component test set-up.

The overturning moment load capability of the flange was
found to be described by the relation:

OTMULT5

k1tk2UTSk3~11 l /b!k4S KFLANGE

KSHELL
D k5

~0.2%YS!k6~ l 2DH/2!k8Rf
k9tS

k10
NRS (10)

All flange failures initiated near the edge of the fastener head
nearest to the shell and progressed from that point in various
fashions, primarily dependent on bolt spacing. The tests included
cracks that propagated through the shell at the bend tangent of the
fillet radius, through the flange thickness at the opposite bend
tangent, and pure shear tear-outs. Some typical failures are shown
in Fig. 6. Ultimate capability was not affected by the presence of
flange scallops between boltholes, which are often used for flange
weight reduction in aircraft engine applications.

Figure 7 shows how the empirical correlation compares with

Fig. 5 Typical component test set-up

Fig. 6 Component test flange failures

Fig. 7 Comparison of empirical predictions for flange failure
with component test results
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the actual component test results. Also shown for comparison is a
conventional handbook fully-plastic moment capability calcula-
tion.

Analytical Methods for Ultimate Capability
As it may be imagined, a degree of conservatism must be in-

cluded in any empirical component-test based approach to joint
design, which is undesirable from a weight standpoint and will
necessarily underpredict actual joint capability. Component tests
such as described in this paper are both expensive and time-
consuming and therefore are not a desirable option as a design
tool, particularly in light of efforts to shorten time-to-market of
turbomachinery products. Therefore, an effort was undertaken to
develop Finite-Element analysis techniques to predict flange and
bolt ultimate load capability. An important part of this effort was
to show correlation between the analysis and component test re-
sults.

The ANSYS® program was used. The general features of the
finite element model shown to correlate well for purposes of bolt
capability calculation are illustrated in Fig. 8. This is a relatively
simple 3D plate model of a 180° sector of the flanged connection.
Gap elements are used at the flange faces and elastic-plastic link
elements represent the bolts. The bolt is modeled including an

additional length to represent the bolt head and nut flexibility.
Otherwise, the model is linear. Details such as bolt holes and
flange fillet radii are not modeled. Sufficient shell length is in-
cluded to attenuate the effect of boundary conditions.

The model is loaded incrementally and failure is predicted
when the bolt link elements reach the plastic failure strain level as
established by fastener component tests. This strain value is com-
puted from a standard tensile strength test based on the assump-
tion that the measured bolt strain is uniform over the clamped
length of the fastener including the dummy length included to
account for the head and nut flexibility effects. In reality, the
plastic strain in a fastener is concentrated in the first few threads
past the nut washer face, but, since the fastener is not modeled in
detail, the use of the average plastic extension over this complete
length has been used. While a seemingly crude representation of
the problem, such models have shown excellent correlation to test
results for bolt failure prediction.

Analytical prediction of flange ultimate capability has proven
much more difficult. Simple models such as shown in Fig. 8,
when used to predict flange failure, were found to deviate from
component test results by as much as a factor of 2. It was estab-
lished that very detailed models were required to simulate the
complex interaction between the flanges and the fastener. Detail
modeling of the bolt head or nut in contact with the flanges was
required along with the inclusion of friction in the solution such
that relative movement of the joint elements could occur. An ex-
ample of the type of model necessary to accurately predict flange
ultimate failure is shown in Fig. 9. All elements of this model
have plastic properties. Such analysis starts to challenge even cur-
rent computational capability. Models constructed to this level of

Fig. 8 Simple plate-beam model used for prediction of bolt
OTM capability

Fig. 9 Complex model required for accurate prediction of
flange capability

Fig. 10 LS-DYNA® analysis of a bolted joint in the vicinity of a blade impact on the adjacent casing
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detail have achieved correlation with component test results
within 15% of the actual failure load. In some cases, correlation
within less than 2% has been achieved.

This same, more complex model can, of course, also be used to
calculate the ultimate capability of the bolts, although simpler
models per Fig. 8 suffice for that purpose.

The Impact Problem for Blade Containment
A final unique category of bolted joint loads in turbomachinery

is that which occurs following a blade failure when the released
blade strikes the engine casing with great force. While the casings
are designed to prevent blade penetration, bolted joints in the
vicinity of the impact will see high loads due to casing deforma-
tion during the initial portion of the event, followed by the
imbalance-induced cyclic bending loads discussed earlier in this
paper. Plastic, radial deflection of the fan casing of over 2 in.~5
cm! will occur in the case of metallic fan casings used on large
commercial engines. In order to ensure that the blade or blade
fragments are contained and engine carcass integrity is main-
tained, gross failure of the joints must be prevented during the
blade impact although some loss of individual fasteners is accept-
able.

The LS-DYNA™ code has been used successfully to predict
joint capability under these impact conditions. A model of the
engine casing and rotor is run to simulate the blade release, fol-
lowed by a submodel analysis of a local group of the most highly-
loaded fasteners. Shown in Fig. 10 is the sequence of events pre-
dicted for an engine/inlet joint for a large fan engine following the
release of a fan airfoil and its containment by the casing immedi-
ately adjacent to the flange.

The entire sequence of events shown in Fig. 10 occurs in less
than 8 ms. Since all elements in the model behave in an elastic-
plastic fashion with known failure elongation, failure of any joint
element can be directly predicted. Use of high strain-rate material
data is necessary for an accurate analysis due to the short duration
of the event.

Conclusions
Bolted joints in turbomachinery are designed to maintain clamp

and sealing capacity under normal engine operating conditions,
much like other industrial applications. They also must remain
intact under extremely high loads associated with engine failure
events. Significant insight has been gathered regarding the behav-
ior of lever-flange bolted joints for these severe loading conditions
that aid the designer in achieving the necessary capability within
the space and weight constraints of the aircraft engine application.
~See Fig. 11.!
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Nomenclature

aN 5 nut thermal coefficient of expansion
aB 5 bolt thermal coefficient of expansion
aF 5 flange thermal coefficient of expansion
DB 5 change in bolt load from assembly condition

D l RT-ET
B 5 change in bolt length from assembly condition to

elevated temperature condition
DTB 5 delta bolt temperature from assembly condition
DTf 5 delta flange temperature from assembly condition
DTN 5 delta nut temperature from assembly condition

sH 5 hoop, or circumferential flange stress
sR 5 Radial flange stress
m 5 Flange Poisson’s ratio

0.2%YS 5 0.2% yield strength
ATH 5 thread equivalent area

b 5 distance from bolt centerline to flange free edge,
also known as toe distance

BAPPLIED 5 bolt load due to applied external loads in the sepa-
rated condition, i.e., without preload

BET 5 residual preload at operating conditions considering
temperature effects

BRT 5 assembly bolt load
EET

B 5 Young’s modulus of bolt at elevated temperature
EET

F,n 5 Young’s modulus of flange n at elevated tempera-
ture

DM 5 thread minor diameter
hn 5 nut height
kn 5 empirical constant

KRT 5 joint combined spring constant at elevated tempera-
ture KRT5KB

RT/(11Ra
RT)

KET 5 joint combined spring constant at room temperature
KET5KB

ET/(11Ra
ET)

KFLANGE 5 spring value representing flange flexibility in the
flange parameter used for bolt OTM capability

KSHELL 5 spring value representing shell flexibility in the
flange parameter used for bolt OTM capability

KET
SP 5 stiffness of a spacer or washer

KRT
B 5 series spring combination of the bolt, nut, and

spacer stiffness at room temperature
KET

B 5 series spring combination of the bolt, nut, and
spacer stiffness at elevated temperature

KET
F 5 series spring combination of the flange stiffness at

elevated temperature
KRT

F 5 series spring combination of the flange stiffness at
room temperature

Kn 5 spring parameter in the flange parameter used for
bolt OTM capability

Fig. 11 Lever flange joint geometry

Fig. 12 Representation of thermal and Poissions mechanism
for a bolted joint
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KET
S 5 stiffness of the shell portion of the flange at el-

evated temperature
l b 5 bolt effective length; This usually the clamped

~grip! length increased by a distance 0.8DM to ac-
count for the flexibility of the bolt head and the
threads extending into the nut

l 5 lever distance from casing shell centerline to bolt
centerline

Ra
ET 5 the axial flexibility ratio for the joint at elevated

temperature,KET
B /KET

F

Ra
RT 5 the axial flexibility ratio for the joint at room tem-

perature,KRT
B /KRT

F

M 5 applied overturning moment load or engine beam-
bending moment

N 5 number of fasteners in the joint
NF 5 number of flanges in the joint

OTMULT 5 the overturning moment at the point of flange or
bolt failure

PSHELL 5 maximum shell load at a single bolt due to an ap-
plied over-turning moment

R 5 toe reaction force
RB 5 radius to bolt circle
Rf 5 fillet radius size between the shell and flange face
RS

n 5 radius to shell centerline associated with flangen
S 5 distance of neutral axis shift
t f
n 5 flange thickness of flangen

tS
n 5 shell thickness associated with flangen

Appendix A: the Effect of Thermal Expansion and
Flange Poisson’s Contraction on Bolt Load
at Temperature

Both these phenomena, as described by Eqs.~1! and~2!, can be
represented schematically by considering the bolt deflection~d!
resulting from a change in flange thickness (D l ) as shown in Fig.
12.

For the bolt, it can be seen that:

BET5BRT2dKET
B (11)

DB52dKET
B (12)

For the flange,

DB5$D l 2d%KET
F (13)

Therefore,

d5
KET

F D l

KET
B 1KET

(14)

Substituting into~12!

DB52
KET

F KET
B

KET
B 1KET

D l (15)

Using the definition of the joint combined spring constant,

KET5
KB

ET

~11Ra
ET!

(16)

We obtain:

DB52KETD l (17)

For thermal expansion, we can consider the change in flange
thickness relative to the bolt,

D l 5H aBDTBlb2(
l

NF

~aFDTFt f ! i2aNDTNhnJ (18)

Substitution of Eq.~18! into Eq. ~17! yields Eq.~1!.

Considering the effects of Poisson’s contraction of the flanges,
we obtain the change in flange thickness as:

D l 5(
l

NF

$m~sR1sH!~ t f
n/EET

F,n!%n (19)

Substitution of Eq.~19! into Eq. ~17! yields Eq.~2!.

Appendix B: the Effect of Elevated Temperature Modu-
lus on Bolt Load and Strain

To determine the impact of the change in modulus on a bolted
joint as it is brought to an elevated temperature, we can consider
bolt and flange materials with either an identical, or zero, coeffi-
cient of expansion but with temperature-dependent moduli. If we
consider the fact that any change in bolt length from the as-
sembled condition to the elevated temperature condition must
have an equal change in the clamped length of the flange we can
write the equation:

BRT

KRT
B

2
BET

KET
B

5
BET

KET
F

2
BRT

KRT
F

(20)

Rearranging this equation yields an expression for the bolt load at
temperature:

BET5
BRTKET

F KET
B ~KRT

F 1KRT
B !

KRT
F KRT

B ~KET
F 1KET

B !
(21)

The left-hand side of Eq.~20! represents the change in bolt length
at temperature due solely to the change in modulus. If we substi-
tute Eq.~21! into ~20!, we obtain:

D l RT2ET
B 5

BRT

KRT
F

2
BRTKET

F ~KRT
F 1KRT

B !

KRT
F KRT

B ~KET
F 1KET

B !
(22)

Reducing further,

D l RT2ET
B 5

BRT

KRT
F H 12

KET
F ~KRT

F 1KRT
B !

KRT
F ~KET

F 1KET
B !

J (23)

This quantity becomes zero if:

H KET
F

KRT
F J H KRT

B

KET
B J 51 (24)

For a given geometry, the stiffness terms in Eq.~24! are only
dependent on the modulus. Therefore, if the bolt and flange are
constructed of the same materials, or from materials with similar
modulus response to temperature, little or no change in bolt strain
results from the change in modulus of the joint materials.

Returning to Eq.~21!, we can write:

BET5BRT

KET
B $11KRT

B /KRT
F %

KRT
B $11KET

B /KET
F %

(25)

Rearranging further, we obtain

BET5BRT

@KET
B /$11KET

B /KET
F %#

@KRT
B /$11KRT

B /KRT
F %#

(26)

Using the definition of the axial flexibility ratio,

Ra5KRT
B /KRT

F (27)

we obtain

BET5BRT

$KET
B /11Ra

ET%

$KRT
B /11Ra

RT%
(28)

Using the definition of the combined joint spring constant,
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KRT5
KB

RT

~11Ra
RT!

or KET5
KB

ET

~11Ra
ET!

(29)

Substituting Eqs.~29! into ~28! yields Eq.~3!.

Appendix C: Determination of Maximum Shell Load
for an Applied OTM Load

Assuming a sinusoidal distribution of bolt loads, first we must
determine the function for the shell load that satisfies the relation:

M5E
0

2p

F~u!RS~sinu!du (30)

where

F~u!5X~sinu! (31)

Substituting Eq.~31! into Eq. ~30!:

M5E
0

2p

X~sin2 u!RSdu5XRSH p2
sin~4p!

4 J 5pXRS

(32)

Therefore,

X5
M

pRS
(33)

Substituting Eq.~33! into Eq. ~31! and the result into Eq.~30!,
then and integrating over a single bolt spacing we have, for a bolt
at an arbitrary positionu,

PSHELL~u!5E
~u2p/N!

~u1p/N! M

pRS
~sinu!du

5
M

pRS
H cosS u2

p

ND2cosS u1
p

ND J
5

2M

pRS
~sinu!S sin

p

ND (34)

Assuming that, for a large number of bolts,

sin
p

N
5

p

N
(35)

we obtain:

PSHELL~u!5
2M

NR
sinu (36)

The maximum bolt load is thus given by Eq.~4!.
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Detailed Investigation of Heat
Flux Measurements Made in a
Standard Propane-Air
Fire-Certification Burner
Compared to Levels Derived From
a Low-Temperature Analog
Burner
This paper presents detailed heat flux measurements on a flat plate subjected to the
ISO2685 [The International Organization for Standardization (ISO), 1992, ‘‘Aircraft—
Environmental Conditions and Test Procedures for Airborne Equipment—Resistance to
Fire in Designated Fire Zones,’’ ISO2685:1992(E)] standard, propane fueled burner used
throughout the industry in aero-engine fire-certification. The authors have developed a
custom-built heat transfer gauge to measure the heat flux from the burner under isother-
mal wall conditions. The heat flux from the standard burner is normally calibrated using
either a water-cooled copper tube or a Gardon gauge, each sited at a single position in
the flame. There are no reports in the literature of a detailed survey of heat flux distribu-
tion for the burner and the results are of considerable interest to engineers involved in
fire-certification. The reported measurements constitute the first, detailed distribution of
heat flux from the actual burner flame during a fire test. These measurements provided
benchmark data which allowed the heat flux distribution from the ISO burner to be
compared to levels derived from the low-temperature analog burner developed by the
authors. The analog burner uses liquid crystals to measure heat transfer coefficient and
adiabatic wall temperature on scale models of engine components and provides key data
to facilitate the successful design of components used in fire zones. The objective of this
paper is to further validate the low-temperature analog burner technique developed by the
authors which simulates the standard large propane-air burner for fire-certification in
aero engine. @DOI: 10.1115/1.1806454#

1 Introduction

1.1 ISO2685 Propane-Air Burner. The ISO propane-air
burner is widely used in the UK to certify critical engine compo-
nents exposed to the danger of fire in aircraft engines. The alter-
native, Kerosene burner, which is frequently used in the US, is
also specified in ISO2685@1# and in FAA report@2#. In the stan-
dard structural fire-test, engine components are immersed in the
flame from the ISO burner for a period of 15 min to establish if
they are fireproof. This is to verify the structural integrity of the
components under flame attack. Therefore it is essential to study
the detailed distribution of heat flux within the burner flame.
While a full three-dimensional survey would provide the most
detail, as the standard specifies a test plane for the location of
component surfaces 75 mm downstream from the burner face, the
two-dimensional distribution of heat flux at this location is of
primary interest.

The large propane-air burner consists of a plenum chamber,

burner head and burner face. Mixed propane-air is supplied by
373 copper tubes to the burner head and cooling air is discharged
via 332 smaller holes interspersed with the copper tubes in the
burner face~Fig. 1!. The faceplate acts as a flame stabilizer to
prevent back flow into the burner head. The flow rate of the gas
and air are adjusted to produce the standard flame characteristic.
The ISO standard requires the flame to have the following char-
acteristics: temperature: 1100°C680°C; heat flux density: 116
kW m22610 kW m22.

ISO2685@1# requires that the burner flame temperature must be
within the required tolerance over at least 25% of the burner area.
To this end a rake of thermocouples of specified type and size is
recommended. This rake measurement is normally only per-
formed at the single horizontal line specified. During such a cali-
bration, it can be observed that the thermocouples radiate signifi-
cantly ~Fig. 2!. Neely et al. @3# reports that due to the large
diameter of the thermocouple recommended for the calibration,
the effect of radiation from the thermocouple tip significantly re-
duces the temperature measured in the flame. Once the measured
temperature readings~;1100°C! have been corrected for the ra-
diation losses, the actual peak flame temperature is found to be
approximately 1900°C, as would be expected from an equilibrium
flame calculation. It is noted by the authors that this significant
difference between the actual flame temperature and that specified
in the standard is not widely understood within the industry.

ISO2685 @1# also requires that the heat flux in the standard

1Formerly at the Department of Engineering Science, University of Oxford, Parks
Road, Oxford OX1 3PJ, UK.

Contributed by the International Gas Turbine Institute~IGTI! of THE AMERICAN
SOCIETY OF MECHANICAL ENGINEERSfor publication in the ASME JOURNAL OF
ENGINEERING FOR GAS TURBINES AND POWER. Paper presented at the Interna-
tional Gas Turbine and Aeroengine Congress and Exhibition, Atlanta, GA, June
16–19, 2003, Paper No. 2003-GT-38196. Manuscript received by IGTI, October
2002, final revision, March 2003. Associate Editor: H. R. Simmons.
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burner must be calibrated using either a water-cooled copper tube
calorimeter or an alternative approved calorimeter. The specified
calibration method can only measure a steady heat flux and also
has a very slow response. It requires a 3 min warm-up timebefore
the temperature measurements taken. The temperature history of
the constant flow of water is monitored for a period of 3 min
and used to calculate the average heat flux using the following
equation:

Q5
u̇rcpDT

A
(1)

whereQ is the amount of heat supplied from the flame,u̇ is the
volume flow rate of the water,r is the water density,cp is the
specific heat of water,DT is the temperature difference, andA is
the area of the cylinder. This calibration method only provides a
single measurement of heat flux integrated over the length of the
impingement of the flame onto the copper tube.

1.2 Heat Flux Measurement. There are many methods of
measuring heat flux such as those reported in Schultz and Jones
@4#, Jones@5#, and Ainsworth et al.@6#. However these methods
are unsuitable for surveying the ISO2685@1# standard flame. A
gauge for this purpose must be able to accurately measure the heat
flux up to approximately 200 kW m22 and be able to withstand
prolonged immersion in a 1900°C flame. For this reason, thin film
gauges~TFGs! were chosen to measure the surface temperature of
an enamelled-insulating layer attached to a water-cooled metallic
plate. As well as maintaining the gauges at a manageable surface

temperature, the cooled enclosure accurately prescribes the ther-
mal boundary condition by removing the large step in surface
temperature between the gauge and its surroundings seen for un-
cooled surrounds such as ceramic sheeting.

Thin film gauges were selected to measure the surface tempera-
ture due to their fast response and negligible influence on the
surface flow field. Additionally they are able to endure elevated
surface temperatures.

1.3 Low-Temperature Analog Technique. In order to re-
duce the reliance on conventional fire testing, a new technique has
been developed at the University of Oxford, which is faster,
cheaper, and provides test data at higher resolution than the stan-
dard fire test~Mullender et al.@7#!. Initial testing of engine com-
ponent models using the low temperature technique demonstrated
good agreement with metal temperatures from actual ISO burner
tests. The validation and development of the low-temperature ana-
logue burner technique is discussed in details by Neely et al.
@3,8,9# and Abu Talib et al.@10#.

In this approach the high temperature standard fire test~nomi-
nally 1900°C! is replaced by tests at close to ambient temperature
~approximately 80°C! in which accurate plastic models, surface
coated with thermochromic liquid crystal, are immersed in the
flow from the low-temperature analog burner to enable the map-
ping of heat transfer coefficient,h, and adiabatic wall temperature,
Taw, across the surface of the model. The heat transfer coefficient
distributions are then input as boundary conditions into a finite-
element thermal analysis code, together with knowledge of the
component heat-loss due to radiation and where applicable cool-
ing from the by-pass flow, to permit full thermal modeling of the
behavior of the component during fire attack.

2 Test Facilities and Instrumentation
This section provides detailed descriptions of the instrumenta-

tion used in the heat flux measurements and the experimental
configuration.

2.1 Thin Film Gauge. Thin film gauges are widely used to
measure transient and steady state heat transfer. Since the 1970s
the technique has been developed and used in a variety of gas
turbine applications such as those described in Jones@11,12#. Fur-
ther application and development of the traditional TFG are de-
scribed by Epstein@13#, Doorly and Oldfield@14,15#, and Dunn
@16#.

A TFG can be used to measure surface temperature and local
heat flux when it is used in conjunction with an insulating sub-
strate. The heat transfer rate can be obtained from the steady state
one-dimensional conduction equation as follows:

q5DTS k

DxD (2)

wherek is the substrate thermal conductivity,Dx is the thickness
of the substrate andDT is the temperature difference across the
substrate. The temperatureDT across a sheet of known thermal
properties and dimensions is measured with the traditional sput-
tered gauge sensor and a thermocouple is located on the bottom
side of this insulating layer in a metal test model. The thermo-
couple is placed as close as possible to the metal surface. The
development of the direct heat transfer gauge is fully explained by
Piccini et al.@17#.

The TFGs used in the current work consisted of platinum films
~approximately 0.04mm thick! painted onto the surface of an
enamelled Inconel disc~50 mm diameter and 2 mm thick! ~Fig.
3!. Each platinum TFG is approximately 5 mm long and 1 mm
wide. The enamel is assumed to have properties similar to fused
quartz with thermal conductivity of approximately 1.36
W m21 K21 ~Doorly @18#!. Inconel-600~nickel/chromium alloy!,
which has a good oxidation resistance at high temperature and has
a thermal conductivity of 14.8 W m21 K21 at room temperature,

Fig. 1 ISO2685 standard large „propane-air … fire-test burner †1‡

Fig. 2 ISO burner temperature calibrations
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was used as the base of the enamel. The gauges were connected
using painted gold leads connected to heavier wire connectors.

2.1.1 Principle of the TFG. Resistance of the thin film gauge
varies with temperature as shown in the following equation;

R5Ro~11awbDT! (3)

whereRo is the resistance of the TFG at room temperature,awb is
the temperature coefficient of resistance, andDT is the surface
temperature rise, (DT5Ts2To).

During the test, each TFG is supplied with a small constant
current, I o ~approximately 10 A! producing negligible Ohmic
heating. The constant current source circuit design was adapted
from Anthony et al.@19# ~Fig. 4!. Four separate constant current
sources in parallel were built to supply the current to the circuit.
This is to prevent any discontinuity in the current source if one of
the thin film gauges is broken. Thus,

DT5
R2Ro

awbRo
5

DR

awbRo
(4)

and,

I oDR

I oRoawb
5

DV

Voawb
5DT (5)

Therefore, the TFG will have a change in electrical resistanceDR
when it is subjected to a heat load and thus a change in tempera-
ture, which results in change in voltage. The surface temperatures
measured by the TFGs are combined with the backside tempera-
tures measured by the thermocouples to determine the temperature

difference across the Inconel disk. As we have seen from Eq.~2!,
this temperature difference is proportional to the surface heat flux.

2.1.2 TFG Water Bath Calibration.The temperature coeffi-
cient of resistance,awb of the TFG can be deduced using a ther-
mostatically controlled water bath calibration. From Eq.~3!, the
resistance of the TFG is directly proportional to the change in
surface temperature. Therefore to obtain theawb of the TFG, the
model with TFGs installed was enclosed in a waterproof plastic
bag, to prevent electrical shorting and corrosion, and immersed
into a deionized water bath. The water was gradually heated, typi-
cally in up to 12 temperature steps using a temperature regulator.
Each temperature step was maintained for 180 s to ensure an
equilibrium temperature was reached. The temperature was in-
creased from room temperature to 55°C and brought back down to
room temperature. The resistance of the TFG was recorded at each
time step. A circulator was used to ensure a uniform water tem-
perature in the water bath.awb was determined from the slope of
the curve representing the resistance,R againstDT surface tem-
perature. The calibration was conducted over the range of surface
temperatures expected for the real fire test. TheRo and awb of
each TFG on the enamelled disk are shown in Table 1.

2.2 Fire Test Equipments

2.2.1 Cooling Mechanism.As stated, a cooling mechanism
was required to ensure that the thin film gauges and the insulating
substrate were held at a suitable operating temperature in the high
temperature flame. A flat copper plate 300 mm3180 mm and 6.2
mm thick was machined with a recess, within which the enamel
and instrumented disk was fitted. Three cooling channels, 40 mm
wide31.5 mm deep were machined into the back of the copper
plate. Another copper plate, 190 mm3310 mm and 3 mm thick
was used as a back plate to seal the cooling channels. The two
copper plates were glued and clamped together using gasket seal-
ant and 42 countersunk screws. Water was supplied to and from
the channels through the copper backing plate via two copper
manifolds 15 mm diameter. The manifolds were soldered to the
back of the copper plate to prevent any water leakage.

Wright @20# reported that under a heat flux of 200 kW m22, the
enameled Inconel disk was expected to have a temperature differ-
ence of about 35°C across it. It was assumed that under equilib-
rium conditions, the heat flux, from the flame is removed from the
gauge by the cooling water inside the channels between the two
copper plates. A temperature increase of less than 3°C would re-
quire a minimum water flow rate of 287 g s21 as predicted by the
following equation:

q5ṁcpDT (6)

whereṁ is the mass flow rate of water,cp is the specific heat of
water at 20°C, andDT is the temperature difference between the
back of the gauge and the water. Wright@20# also showed via
calculation that the heat transfer coefficient,h, between the
enamel surface and the flame was expected to be a factor of 100
times lower than theh between the copper and the cooling water
which is 9.2 kW m22 K21. The cooling system described above is
sufficient to maintain the rear surface of the copper plate roughly
3°C above the temperature of the water in the channels.

In the heat flux measurements, the flow of water will not main-
tain a uniform temperature across the plate, as the region beneath
the plume will be hotter. However it does help to maintain a

Fig. 3 Enameled Inconel disk painted with 4 platinum TFGs

Fig. 4 TFG Constant current source circuit diagram †20‡

Table 1 Water bath calibration of the TFG

Gauge Ro awb

1 12.9979 0.0026200
2 17.3843 0.0026524
3 14.6141 0.0025530
4 24.1534 0.0026468
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steady temperature for the duration of the measurements, as the
equilibrium temperature will be reached more quickly. Further-
more it also allows high representative heat fluxes to be measured
at low manageable surface temperatures as in the actual tests.

2.2.2 Traversing Mechanism.The hollow water-cooled cop-
per plate was flush mounted within a 600 mm3600 mm33 mm
thick steel fire shield. This was done to both protect the vulnerable
piping, instrumentation wiring and traversing mechanism from
flame impingement and to provide a uniform flat-plate boundary
condition across the full extent of the survey. The thin steel fire
shield was strengthened by vertical and horizontal ribs to prevent
it from buckling. The copper plate was mounted onto a translating
frame, which allowed vertical and horizontal traverses. The frame
was built in such way to provide a smooth movement for the heat
flux measurements to be taken across the flame~Fig. 5!.

3 Heat Flux Measurements Procedure
This section provides detailed descriptions of the heat flux cali-

bration and the fire test measurements procedure.

3.1 Heat Flux Calibration. The termk/Dx from Eq. ~2!
must be experimentally calibrated due to the uncertainty in the
enamel thickness, thermal properties and the unknown heat trans-
fer properties of the interface between the Inconel and the buried
thermocouples. The TFG heat flux gauge was calibrated at low
temperature against two calibrated micro-foil heat flux~Micro-foil
heat flux sensor—RdF Corporation, 23 Elm Ave, P.O Box 490,
Hudson, NH 03051-0490! sensors as shown in Fig. 6.

The sensors were flush mounted on the enamel surface adjacent
to the TFG. A low level of heat flux was applied by a hot air gun
and assumed to penetrate the micro-foil heat flux gauge and plati-
num film equally. Traversing the gauges through the plume core
and using only the observed peak values compensated for nonuni-
formities in the heat flux distribution from the hot air plume. It is
noted that micro-foil heat flux sensors were prone to damage at
the higher surface temperatures and were therefore not suitable for
use in the actual flame experiments. During the calibration, a con-
stant flow of water was supplied into the copper plate to maintain
a steady manageable surface temperature at the TFGs for the high
levels of heat flux representative of the ISO burner flame. The
voltage signals from the TFGs were amplified to enable a better
accuracy of the calibration since the voltage changes were very
small ~approximately 0.5mV!.

The surface temperature of the enamel was calculated using the
knowledge ofRo and awb . The temperature difference between
the surface temperature and the temperature measured by the ther-
mocouple underneath the enamel were used in conjunction with
the heat flux measured from the thermopile sensors to determine
an equivalent thermal conductivity to thickness ratiok/Dx of the
substrate.

3.2 Fire Test Procedure. The experimental measurements
were conducted at a private commercial fire testing cell in the UK.
The ISO propane-air burner was set up so as not to impinge on the
test plate and ignited. The burner setting was adjusted to get the
correct fuel and air mass flow rates and flame temperatures speci-
fied by the standard. At the same time, the water to the copper test
plate was turned on and was left for approximately 5 min to allow
the plate to reach an equilibrium temperature. The data logger was
set to continuously record the voltage signals from the TFGs and
also the temperature signals from the thermocouples underneath
the enameled disk.

To begin the test, the ISO burner was rotated so that the flame
impinged directly onto the TFGs on the test plate as shown in Fig.
5. The distance between the burner face and the surface of the
TFG was set at 75 mm to conform with ISO2685@1#. The instru-
mented plate was moved horizontally and vertically to 29 loca-
tions across one half of the test plane, which covered an area of
approximately 0.036 m2. It was assumed that the burner flame was
nominally symmetrical about a vertical axis. Each location was
held for 60 s while the TFG voltage level was recorded. An initial
transient voltage was observed as the cooled gauges reached a
new equilibrium temperature. The voltage signals were later aver-
aged over the observed equilibrium period for each 60 s step.
During the experiment, condensation occurred in front of the
cooled copper plate generating a thin film of water dripping to the
floor. It is noted that this exothermic condensation process would
be expected to have artificially increased the surface temperature
readings. It is also noted that this condensation process would also
initially occur on any component being heated from ambient tem-
perature in a standard fire test.

4 Heat Flux Distribution
The heat flux from the ISO burner can now calculated using

information obtained from the heat flux calibration,k/Dx and the
history of the change in temperature,DT during the fire test. The
combination of the value ofk/Dx, obtained from the heat flux
calibration, with the distribution of temperature differences across
the heat flux sensor, measured in the flame, enables the calculation
of the distribution of heat flux to an ambient surface in the ISO
burner flame. Figure 7 shows the distribution of heat flux at the
test plane across one half of the ISO burner plume. It can be seen
that the heat flux distribution from the ISO burner was found to be
lower than the specified values required by the standard and the
most likely reason for this is given later. Knowledge of distribu-
tion of heat flux in the burner plume can be used to benchmark the
measurements of local convective heat transfer coefficient made
in the test plane of the low-temperature analog burner.

In order to compare the heat flux levels derived from both the
low-temperature test and the actual fire-test, the surface tempera-

Fig. 5 Side view schematic of fire test set up
Fig. 6 TFG water-cooled heat flux gauge system
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ture distribution from the fire-test is used to calculate the expected
heat flux for the low-temperature test. A similar flat plate impinge-
ment test has been conducted at low temperature using the low-
temperature analog burner, as described in Abu Talib@21#. From
the low-temperature test, the distribution of heat transfer coeffi-
cient, hLT and adiabatic wall temperature,TawLT is used in con-
junction with the surface temperature,TsFT from the fire test to
obtain the equivalent heat flux,qLT for the low-temperature test
using the following equation.

qLT5hLT~TawLT2TsFT! (7)

For the low-temperature analog burner tests, the heat transfer
coefficient, hLT and adiabatic wall temperature,TawLT must be
scaled to the flame temperature conditions~Neely et al.@3#!. In
the actual ISO burner flame there is a large variation of gas prop-
erties through the boundary layer between the gas and wall due to
the large temperature gradient. The Nusselt number, Nu is affected
by the change in physical properties of the gas~r, cp , k, andm!,
which influence the convection of heat across the boundary layer.
The gradient of physical properties is not simulated in the low-
temperature analog burner case. Therefore a correction procedure
is adopted to account for the property variation. Theh distribution
obtained from the low-temperature test was scaled to ISO burner
temperature conditions using a power law applied to the ratio of
the gas conductivity, ratio of the Nusselt numbers, and the inverse
ratio of the sizes. The ratios of Nusselt number can be first written
as:

S NuFT

NuLT
D5S hFT

hLT
D S dFT

dLT
D S kLT

kFT
D (8)

The literature for high temperature ratio experiment is very lim-
ited ~Eckert@22#, Kays and Crawford@23#, Loftus and Jones@24#,
Forth @25#, and Fitt et al. @26#!. However, the approach by

Petukov @27# is being employed in this case. Petukov reported
limited experimental measurements showing the dependence of
Nusselt number ratio on gas to wall temperature ratio for pipe
flow. The ratio of the Nusselt number can be expressed as:

S NuFT

NuLT
D5un (9)

where u5(Ts /Taw) and n520.36. The distribution of Nusselt
number deduced in this manner is then used in conjunction with
knowledge of the surface temperature distribution in the flame, as
described above, to obtain the expected distribution of heat flux in
the flame as displayed in Fig. 8.

The heat flux distribution from the low-temperature test is
found to be more uniform compared with the distribution of heat
flux from the standard fire-test. This may be due to condensation
and evaporation processes occurred during the fire-test. During
the heat flux measurements on ISO burner using the TFG, con-
densation was observed in front of the water-cooled copper plate.
The condensation occurred since the surface temperature of the
copper~5°C! is lower than the dew point of water~54°C! in the
combustion products. The development of water droplets from
condensation on the copper plate forms a thin layer of water and
flows downwards due to gravitational force. However the water
film evaporated along the enameled disk since it has a higher
surface temperature. The surface temperature of the enamel disk
was 115.74°C when the enamel disk was located at 45 mm above
the burner centreline. This indicates that the heat flux distributions
obtained from the ISO burner using the TFG system is altered by
the heat required for evaporation. The effect of evaporative heat
transfer for natural and force convection on vertical plates and
horizontal tubes has been investigated by Rose@28#. A simple
analysis based on mass transfer analogy has been conducted to
estimate the effect of evaporation on the front surface of the TFG

Fig. 7 Heat flux distribution across half of the test plane of the
ISO burner plume „circle and dotted lines indicates the position
of burner head …

Fig. 8 Heat flux distribution on half of the test-plane from low-
temperature analog burner scaled to flame conditions
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enamelled disk. In this analysis the combustion products from the
plume were assumed at stoichiometric condition and treated as
ideal gas

Nux50.664 Rex
0.5Pr0.33 (10)

A standard Nusselt number correlation@Eq. ~10!# for a forced
convection on a flat plate is applied to the system at the location
of heat flux measurement along the central vertical axis. Equation
~10! can then be written as an average Sherwood number,Shx

Shx5
k̄DX

D
50.664 Rex

0.5Sc0.33 (11)

Sc5
m

rD
(12)

wherek̄D is the mass transfer coefficient,D is the diffusion coef-
ficient of water,X is the displacement,Sc is the Schmidt number,
r is the density, andm is the viscosity. Using the surface tempera-
ture reading from the TFG at the central vertical location in the
plume, we can obtain the corresponding value of concentration of
water vapor. Therefore the mass flow of water evaporation can be
found using the following equation:

ṁ5 k̄D~cg2c`! (13)

whereṁ is the mass flow rate,cg is the concentration of water
vapor, andc` is the concentration of water in the plume. Hence
the amount of heat flux due to the evaporation can be estimated.
Figure 9 shows a comparison of the corrected heat flux values
from fire-test data with the scaled low-temperature analog burner
data. It is found that the heat flux distributions along the vertical
centerline from the fire-test burner are still less than the levels
required by the ISO standard~116 kW m22! even with the added
evaporation correction.

5 Wall Temperature Discontinuity Effect
ISO2685 states in Sec. B4.3, ‘‘An alternative calorimeter may

be used, providing the approving authority agrees to that method
of measuring the heat flux density.’’ Therefore apart from the stan-
dard water-cooled copper tube calorimeter, the heat flux can be
measure using other types of heat flux gauge. The most commonly
used heat flux gauge used in the industry with the ISO propane-air
burner is the water-cooled Gardon gauge, which is a water-cooled
circular disc radiometer. At the private commercial fire testing
cell, which the authors conducted these experiments, heat flux

from the burner is calibrated using such a Gardon gauge. The
gauge consists of a constantan circular foil disk attached to a
copper heat sink with a thermocouple connected to the center of
the disk. The output of the Gardon gauge indicates the heat flux by
measuring the temperature difference between the center and the
circumference of the thin foil disk. During the calibration, the
Gardon gauge is flush mounted within a sheet of ceramic fire
shield as shown in Fig. 10. The gauge is placed 1 in.~25 mm!
above the burner centerline.

The Gardon gauge was constructed in such way that it has a
nonuniform wall temperature across the measuring plane since
only the gauge itself is water-cooled and not the surrounding fire-
shield. The buoyant plume from the ISO burner will immediately
deflect upwards when it impinges onto the surface surrounding the
gauge. Figure 11 clearly shows the development of the thermal
boundary layer and hydrodynamic boundary layer on a flat plate.
It is assumed that the thermal boundary layerD is always thinner
than the hydrodynamic boundary layerd for a partially heated
surface.j represents the separation between the start of the im-
pinging flow and the beginning of the temperature discontinuity
between the heated surroundings and the cooled gauge.

The effects of a nonuniform wall temperature distribution have
been investigated by Schultz and Jones@4# and Ainsworth@29#.
Kays and Crawford@23# give a correlation for Nu to account for
nonuniform wall temperature distribution. The local Nusselt num-
ber can be written as:

Nux50.332 Pr1/3 Rex
1/2F12S j

xD 3/4G21/3

(14)

where Pr is the Prandtl number, Rex is the local Reynolds number,
j is the unheated starting length, andx is the distance from the

Fig. 9 Comparison of heat flux data at vertical central dis-
placement of the burner

Fig. 10 Use of a Gardon gauge to measure central heat flux in
the ISO burner flame

Fig. 11 Boundary layer development on a plate with an un-
heated starting length, j
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stagnation point. Note that this equation is for a laminar boundary
layer but similar equation can be used from a turbulent boundary
layer with an uncooled upstream zone.

The above equation is applied to half of the diameter of the
Gardon gauge. In this case, the starting section is approximately
adiabatic. The discontinuity corresponds to the change from hot
wall to cold wall as opposed to the more familiar cold wall to hot
wall. The effect of the wall temperature discontinuity and the
mathematical solution are independent of the sense of wall tem-
perature change. The gauge is divided into several equally spaced
strips. UsingMATLAB ~The MathWorks Inc, 2001, ‘‘MATLAB—
The Language of Technical Computing,’’ Ver. 6.1 Release 12.1!
software a numerical analysis has been conducted to calculate the
unheated starting length factor;

F12S j

xD 3/4G21/3

(15)

Figure 12 shows the schematic diagram of the numerical analysis
system. The hot plume from the ISO burner will bend upwards
towards the plate.n represent the distance of the plume rise from
the centerline of the burner andm is the distance of the Gardon
gauge centerline from the burner centerline. The unheated starting
length is represented by;

j5j01x8 (16)

where,

j05m2n2~d/2! (17)

x85~12cosu!~d/2! (18)

Hence, the distribution of wall temperature discontinuity factor
can be evaluated and shown in Fig. 13.

The plume rise is not measured directly and so the effect of the
change in the plume rise on the wall temperature discontinuity
factor was quantified and is shown in Fig. 14. Inspection of the
still photographs from the fire test lead to an estimate of the plume
rise as approximately 7 mm. When the discontinuity factor is av-
eraged over the face of the Gardon gauge, it is found that the wall
uniformity factor can be approximated by 1.467, assuming a
plume rise of 7 mm. This means that the actual heat flux measured
using a Gardon gauge mounted in an uncooled fire shield can be
overestimated by approximately 46%. In order to obtain an aver-
age heat flux signal across the Gardon gauge of about 116
kW m22, the technicians at the test cell have to reduce the mass
flow rate of the gas supplied to the ISO burner compared to the
mass flow from a burner set up with a perfect gauge. For this

reason, it is thought not to be surprising that the heat flux mea-
sured using the TFG system is lower than the ISO standard
requirements.

6 Conclusion
A custom built thin film platinum gauge~TFG! calorimeter has

been shown to be able to withstand the heat load from the stan-
dard ISO2685 propane-air fire-certification burner and used to ac-
curately measure the heat flux distributions across the test plane of
the plume. The use of a cooled enclosure around the TFG calo-
rimeter heat flux gauge prescribed the correct form of the thermal
boundary layer expected for component testing. The heat flux
measured from the ISO burner using a water-cooled circular disk
radiometer~Gardon gauge! embedded within an uncooled fire-
shield during the burner calibration was significantly lower than
the prescribed heat values required by the standard. It is thought
that the burner has been adjusted to match the measured heat flux
to the level set by the standard. It is thought the heat flux on the
ISO burner measured using the Gardon Gauge overestimate the
amount of heat load from the burner. The actual heat flux is less
than 116 kW m22 specified in ISO2685. The levels derived from
low-temperature analog burner test scaled to the fire test condition
were found to be equivalent to the heat flux measured from the

Fig. 12 Schematic representation of the impingement plume

Fig. 13 Wall temperature discontinuity factor distributions.
Average factor Ä1.467.

Fig. 14 Plume rise effects on the wall temperature discontinu-
ity factor
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ISO burner using the water-cooled TFG plate after applying the
evaporation correction factor. These low-temperature heat flux
measurements provide useful benchmark data and significantly
improve the understanding of the nature of the standard flame,
helping to facilitate the successful design of components used in
fire zones.

Acknowledgments
The authors wish to thank Rolls-Royce plc for permission to

publish this paper. Thanks are also due to the UK Ministry of
Defense~MoD! and the UK Department of Trade and Industry
~DTI! for their financial support for this work through the Defense
Evaluation and Research Agency~DERA!, Pyestock. The first au-
thor thanks the Malaysian Government and the University Putra
Malaysia for their financial support.

Nomenclature

ṁ 5 mass flow rate~kg s21!
u̇ 5 volume flow rate~m3 s21!
A 5 area~m2!
c 5 concentration~kg m23!

cp 5 specific heat capacity~J kg21 K21!
d 5 diameter of the burner~m!
D 5 diffusion coefficient~m2 s21!
h 5 heat transfer coefficient~W m22 K21!
I 5 current~A!
k 5 thermal conductivity~W m21 K21!

k̄ 5 mass transfer coefficient~m s21!
m 5 height from burner centerline~m!
n 5 plume rise~m!

Nu 5 Nusselt number
Pr 5 Prandtl number

Q, q 5 total heat load or heat flux~W m22!
R 5 radius~m!

Re 5 Reynolds number
Sc 5 Schmidt number
Sh 5 Sherwood number
T 5 temperature~°C!
u 5 velocity ~m s21!
x 5 substrate thickness,~m!
X 5 displacement~mm!

Greek

D 5 thermal boundary layer~m!
d 5 hydrodynamic boundary layer~m!
r 5 density~kg m23!
a 5 temperature coefficient of resistance~K21!
j 5 unheated starting length~m!
m 5 dynamic viscosity~kg m22 s21!

Subscripts

` 5 free stream
x 5 local

aw 5 adiabatic wall
FT 5 fire test

g 5 gas
LT 5 low-temperature test

o 5 ambient surroundings, starting condition
s 5 surface

wb 5 water bath
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Flow and Thermal Field
Measurements in a Combustor
Simulator Relevant to a Gas
Turbine Aeroengine
The current demands for high performance gas turbine engines can be reached by raising
combustion temperatures to increase power output. Predicting the performance of a com-
bustor is quite challenging, particularly the turbulence levels that are generated as a
result of injection from high momentum dilution jets. Prior to predicting reactions in a
combustor, it is imperative that these turbulence levels can be accurately predicted. The
measurements presented in this paper are of flow and thermal fields produced in a large-
scale combustor simulator, which is representative of an aeroengine. Three-component
laser Doppler velocimeter measurements were made to quantify the velocity field while a
rake of thermocouples was used to quantify the thermal field. The results indicate large
penetration depths for the high momentum dilution jets, which result in a highly turbulent
flow field. As these dilution jets interact with the mainstream flow, kidney-shaped thermal
fields result due to counter-rotating vortices that develop.@DOI: 10.1115/1.1806455#

Introduction
The flow and thermal fields in a combustor are one of the most

complex occurrences in a gas turbine engine and subsequently the
most difficult to predict. Typical gas turbine engine combustors
for aeroengines have a chamber with a flow area defined by an
annulus containing evenly spaced fuel-injection nozzles. Annular
combustion chambers have the advantage of requiring less space
and weight than cannular chambers, for example, but have the
disadvantage of being difficult to obtain both a uniform air-fuel
distribution and exit condition.

To evaluate the flow and thermal fields that occur in a typical
combustor of an aeroengine and to further our computational pre-
dictive methods, a large-scale facility was developed to simulate
prototypical combustor flows. Although the simulation presented
in this paper has not included the reacting flow thereby not includ-
ing such effects as the heat release due to combustion, it is impor-
tant to recognize that we should begin by determining whether we
can experimentally and computationally simulate the nonreacting
flow field. The heat release, for example, will depend upon the
mixing characteristics of the dilution jets. If the dilution jets can-
not be accurately simulated under the nonreacting conditions, it
would be difficult to simulate the reacting flow field. In particular,
predicting the turbulent flow fields for high momentum, normal
jets ~dilution jets! in crossflow is very difficult. For the design of
the facility reported in this paper, nonuniformities in both the span
~radial! and pitch~circumferential! directions exiting the combus-
tor have been simulated through the use of cooled combustor
walls, ensuring representative near-wall flows, and dilution jets,
ensuring representative mainstream flows with high levels of tur-
bulence.

The objective for the work reported in this paper was to quan-
tify the flow and thermal field conditions for a prototypical com-
bustor design that is nonreacting. Predictions of highly separated
jets are relevant to that occurring in most aeroengine combustor
designs. The dataset reported in this paper can be used for direct

comparisons to computational fluid dynamics simulations for the
geometry provided. Most often the turbulence produced is under-
predicted with standard two-equation turbulence models~typically
used in industry!. This underprediction results in two concerns.
First, the mean flow field will be predicted to have much stronger
secondary flows~counter-rotating vortices from the dilution jets!
than are actually present. Also, the trajectory of the dilution jets
will not be accurately predicted, which make it impossible to track
the mixing zones. Second, the mixing characteristics will be un-
derpredicted resulting in a misprediction of the temperature profile
entering the turbine. The data provided in this paper gives the
community an opportunity to compare their predictions of the
flow and thermal field in a scaled-up combustor prior to predicting
the more complicated case with reacting flow. After describing the
development of the combustor simulator facility, this paper de-
scribes the experimentally measured flow and thermal fields.

Relevant Past Studies
Many experimental studies have been reported in the open lit-

erature documenting both experimental and computational data
for model combustor flows. The large number prevents a full dis-
cussion of all of the results in our paper. None of these studies,
however, have provided spatially resolved mean and turbulent
flow fields as well as thermal fields for a combustor simulator that
includes two rows of staggered dilution jets, and a film-cooled
liner wall, which are all upstream of a stator vane sector. The
combustor geometry reported in our paper is modeled after a mod-
ern aeroengine design in which both liner-cooling and dilution jets
are simulated. While a complete summary of the literature docu-
menting combustor-type measurements can be found in Barringer
@1#, only a few relevant studies will be discussed in our paper.

Since the work presented in our paper is for a nonreacting com-
bustor, it is necessary to address any differences that may occur
between the measurements we are reporting and those for a react-
ing combustor. Zimmerman@2# conducted one of the first inves-
tigations that measured combustor-generated turbulence at the exit
of a can-type combustor. Turbulence levels, based on local veloci-
ties, ranged between 7%~at idle conditions! and 10%~at takeoff

Contributed by the International Gas Turbine Institute~IGTI! of THE AMERICAN
SOCIETY OF MECHANICAL ENGINEERSfor publication in the ASME JOURNAL OF
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conditions!. The measurements indicated the same turbulence lev-
els independent of whether combustion took place. Goldstein
et al. @3# performed LDV measurements at the exit of two can-
type combustors with and without combustion to determine its
effect on the velocity and turbulence profiles at the combustor
exit. They reported turbulence levels, based upon local velocities,
ranging between 25%,Tu,35% without reactions and 15%
,Tu,25% with reactions. The dependence of the turbulence
levels upon reactions contradicts the measurements performed by
Zimmerman@2# and Moss@4#, who showed no dependence.

Cameron et al.@5# conducted detailed spatial mappings of ve-
locity and temperature in the nonreacting and reacting environ-
ment of a model gas turbine combustor with a dilution jet, similar
to that of our configuration. They concluded that a strong on-axis
recirculation zone located upstream of the dilution jets was
present in the nonreacting case, but was dissipated in the reacting
case. The combustor exit turbulence levels were 25% for the re-
action case, but no data was available for the nonreacting case.

While some differences may occur, it is important to recognize
data is needed to allow for computational benchmarking. A num-
ber of studies have demonstrated the shortfalls of computational
predictions for combustor-type flows in that there is an underpre-
diction of the turbulence levels. Predicting the turbulence levels is
relatively important if accurate mixing predictions are desired.
Gulati et al.@6# measured the mean and rms temperatures at the
exit plane of a full-scale, ten-cup, double annular research com-
bustor. Their results indicated that the dilution air had a significant
affect on the mean and rms temperature profiles. As the outer row
of dilution air was increased, the jets pushed the combustion zone
toward the inner liner and increased the peak temperature. While
these trends were predicted well by computational models using
the standardk-e turbulence model, the model consistently under-
predicted the fluctuations at the exit. This trend of underpredicting
the turbulence levels is in agreement with the findings of Holde-
man @7# and Stitzel@8#.

Malecki et al.@9# reported results using the standardk-e turbu-
lence model with wall function near-wall modeling. To overcome
the low turbulence level predictions, reduced Schmidt numbers
~Sc! were used to compensate for the low turbulence levels in the
mixing of the product species. Using this scheme, good agreement
was achieved between circumferentially averaged exit tempera-
ture profiles from the test rig data and the computational
predictions.

Several studies have been reported that discuss the various ef-
fects of different combustor features. In the majority of these stud-
ies, the dictating features of a combustor flow field are governed
by the presence of high momentum dilution jets. Goebel et al.
@10#, for example, measured velocity, turbulence, and temperature
profiles downstream of a reacting small-scale combustor. They
found that with an appreciable swirl velocity, the dilution jets
acted to disrupt the swirl and actually reduce the turbulence lev-
els. Without swirl and at low swirl velocities, the transverse dilu-
tion jets increased the turbulence levels. Stevens and Carotte@11#
also experimentally investigated the combustor dilution zone and
jet development by focusing on the downstream thermal field in a
nonreacting, annular combustor simulator. Their measurements re-
vealed each jet exhibited a kidney-shaped contour, which is a
characteristic of jets-in-cross-flow. Liou and Wu@12# made mea-
surements for a nonreacting combustor that consisted of a rectan-
gular duct with two opposing side jets. One finding from the study
was that the turbulence was inhomogeneous and anisotropic
throughout most regions of the combustor simulator.

Holdeman@7# simulated a nonreacting gas turbine combustion
chamber by conducting computations and experiments on the
mixing of single, double, and opposed rows of dilution jets with
an isothermal or variable temperature mainstream in a confined
subsonic cross flow. The principle finding from the investigation
was that the momentum flux ratio of the jets dictated the exit
velocity and temperature profiles. The results from the cases in-

volving opposed rows of jets revealed that for in-line jets the two
streams mixed very rapidly and that the effective mixing height
was half the duct height for equal momentum flux ratios on both
sides.

In summary, comparing the results from the studies presented in
the literature indicate that there are some differences for a reacting
and nonreacting flow near the primary zone. Most studies have
indicated the importance of simulating the dilution jets. The tur-
bulence levels at the combustor exit that were reported for the
studies with reaction, were very similar to those found in the
studies without reaction. There was good agreement between
computations, which used some form of a two-equation turbu-
lence model, and experiments in predicting dilution jet penetration
and combustor exit temperature profiles. The computational mod-
els, however, do not have the ability to accurately predict the
turbulent mixing that occurs in the dilution zone. As a result of
this inability, we believe that it is important to provide data docu-
menting the flow in a combustor environment that is nonreacting.
This data provides the first test for computational predictions.

Experimental Facilities
The development of the combustor simulator used in our study

was previously described by Barringer et al.@13#. The geometric
scaling factor for the combustor was 93, which allows for good
measurement resolution in the experiments. This scaling factor
was matched to that of a linear turbine vane cascade that was
pre-existing. Note that the turbine vane is not the focus of this
paper. Measurements that are presented in this paper include mean
and turbulent velocities as well as mean temperatures.

Experimental Facilities. Other than performing the measure-
ments in an actual operating engine, it is not feasible to provide a
measurement environment with representative turbine engine con-
ditions. In designing this combustor simulator, the parameters that
were chosen for a prototypical combustor for aircraft applications
included the following:~i! a nondimensional acceleration param-
eter through the combustor;~ii ! a combustor exit velocity that
ensured the needed inlet Reynolds number for the downstream
turbine section;~iii ! coolant-to-mainstream momentum flux ratios
of the liner cooling holes and the dilution holes; and~iv! scaled
geometric features of a combustor including the film-cooling stag-
gered hole pattern and dilution hole size and placement. Note that
the parameters for the prototypical engine combustor are for ac-
tual running~hot! operating conditions. The air loading parameter
~ALP defined in the nomenclature! for the wind tunnel design was
0.4031024.

Figure 1 illustrates the wind tunnel containing the combustor
simulator and turbine vane test sections. Downstream of a primary
heat exchanger is a transition section that divides the flow into
three channels that include a heated primary channel, representing
the main gas path~center arrows!, and two symmetric secondary
channels ~outer arrows!, representing the coolant flow path.
Within the transition section of the primary channel, the flow im-
mediately passes through a perforated plate that provides the nec-
essary pressure drop to control the flow splits between the primary
and secondary passages. At a distance 2 m downstream of the
perforated plate, the flow passes through a bank of heaters fol-
lowed by a series of screens and flow straighteners. The heater
section comprises three individually controlled banks of electri-
cally powered, finned bars supplying a maximum total heat addi-
tion of 55 kW. Downstream of the flow straighteners, the heated
primary flow enters the combustor simulator. In the combustor
simulator, secondary coolant flow is injected into the primary flow
passage through cooling panels for the combustor liner and
through dilution holes. In addition, the flow is accelerated prior to
entering the turbine section. In addition to heat being rejected
from the primary heat exchanger, the flow in the secondary pas-
sages must pass through a second heat exchanger to further reduce
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the coolant flow temperature. The flow in the secondary passages
is then directed into a large plenum that supplies combustor liner
coolant and dilution flow.

The cooling hole pattern in the panels is illustrated in Figs.
2~a!–2~b!. To ensure representative coolant flow splits among the
four liner panels and dilution rows, separate supply chambers with
adjustable shutters were used. The mass flow exiting the film-
cooling holes was set by applying the appropriate pressure ratio
between the supply plenum and the exit static pressure. Using
previously documented discharge coefficients~Barringer et al.
@13#! the mass flows through the panels were determined. The
mass flows exiting the dilution holes were set by directly measur-
ing the velocity through the use of a pitot probe installed at the
exit of the dilution hole.

The combustor simulator begins at the start of the first panel, as
illustrated in Fig. 2~a!. The cross-sectional area of the simulator at
this location is 1 m in height (H in) and 1.1 m in width~W!. At the
exit of the simulator, the cross-sectional area is 0.55 m in height
and remained 1.1 m in width, giving an area ratio of 1.8. The
width was to allow for a span that was slightly greater than a
turbine sector while the height was matched to that of the radial
extent of a first vane.

The liners for the combustor simulator were a streamwise series
of four film-cooled panels that started 2.7 vane chords~1.6 m!
upstream of the turbine test section. The first two panel lengths
were 39 and 41 cm while the third and fourth panels were 37 and
43 cm. The panels extended across the full width of the test sec-
tion, which was slightly greater than a scaled turbine sector. The

Fig. 1 Illustration of the wind tunnel facility used for the combustor simulator
experiments

Fig. 2 „a… Layout and measurements planes for the combustor simulator „di-
mensions in cm …. „b… Illustration and description of cooling hole arrangement for
liners.
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first two panels were flat to maintain a constant cross-sectional
area while the following two panels were inclined at 15.7 deg to
give the required area contraction. The panels were constructed of
1.27 cm thick urethane foam with a low thermal conductivity (k
50.037 W/mK) to allow for adiabatic surface temperature mea-
surements. The dense matrices of film-cooling and dilution holes
were cut into the urethane foam using a water jet.

One parameter that is not representative is the coolant-to-
mainstream density ratios, which are typically quite high. Typical
operating conditions consisted of a flow temperature just down-
stream of the heater of nominally 50°C and a coolant flow tem-
perature of 20°C. As the coolant flow progressed downstream
through the secondary flow channel, there was a small increase in
the fluid temperature of nominally 1°C. Although the density ra-
tios were not matched, the jet-to-mainstream momentum flux ra-
tios and percentage of mass flow addition by both the film-cooling
and dilution holes were representative. The momentum flux ratio
is the parameter that most affects mixing characteristics of jets in
cross-flow at high momentum flux ratios. The cooling hole pat-
terns, shown in Fig. 2~b!, were configured in equilateral triangles
and spaced evenly across the panel surface. The diameter of the
cooling holes was 0.76 cm, giving anL/D53.3.

The dilution hole diameters were designed to insure the percent
mass addition of the dilution fluid and coolant-to-mainstream mo-
mentum flux ratios were representative of that in an engine. This
first row of dilution holes has three holes evenly spaced with the
center hole being aligned with the center of the simulator~and
also the vane stagnation!. This first row is located at 43% of the
combustor length~0.67 m! downstream of the start of the panels.
The dilution holes in the first row have a diameter that is 8.5 cm.
The second row of dilution holes was located on the third panel at
57% of combustor length~0.90 m! downstream of the start of the
panels. The second row of dilution holes contained two holes
having a diameter of 12.1 cm. The two dilution holes were stag-
gered with respect to the first row of holes. The supply chamber
for the dilution flow was required to be some distance from the
hole exits giving anL/D ratio of 1.5 for both rows. The combus-
tor simulator is symmetric about the vertical mid-span meaning
that for each row the dilution holes were aligned with one another
in the pitchwise and streamwise directions.

As indicated for the operating conditions of the results reported
in this paper in Table 1, 45% of the flow is directed through the
primary passage of the combustor simulator while 55% of the
flow is directed through the secondary coolant passages for the
liner coolant and dilution holes. Of the total cooling flow 36% is
injected through the film-cooling holes and 64% is injected
through the dilution holes.

Instrumentation and Measurement Uncertainty. Thermo-
couples were used in monitoring inlet and coolant temperatures as
well as taking the thermal fields within the combustor. All of the
temperature measurements were made using 30-gauge, type E
thermocouples that were connected to a data acquisition system
through 20-gauge thermocouple extension wire. All of the thermo-
couples used in this study were made using an argon-gas thermo-

couple welder that resulted in spherical beads ranging in diameter
from a minimum of approximately 0.8 mm to a maximum of;1
mm. The thermal fields were taken using a 21 probe thermocouple
rake. The rake spanned a total distance of 10.2 cm with thermo-
couples evenly spaced every 5.1 mm. Each thermocouple probe
on the rake consisted of a 5.1 cm long, 2.5 mm outer diameter
aluminum casing that encapsulated the thermocouple wire. The
approximate flow blockage was shown to have no effect on the
measured thermal field. Each thermocouple bead is fixed approxi-
mately 6.4 mm from the end aluminum shaft in order to minimize
heat conduction effects from the aluminum rod to the thermo-
couple.

Velocities were measured using a two- and three-component
laser Doppler velocimeter~LDV !. The flow was seeded with olive
oil particles that were nominally 1mm in diameter. The probabil-
ity of obtaining a sample was proportional to the speed of the
flow; therefore, statistical particle bias corrections were applied to
the data by weighting each individual sample based on the resi-
dence time of a particle in the probe volume.

In taking flow plane measurements that were aligned with the
flow direction, a single fiber-optic LDV probe capable of measur-
ing two components was used. This setup used a 350 mm focusing
lens without a beam expander and had a measurement volume of
90 mm in diameter and 1.3 mm in length. The plane was acquired
with the probe perpendicular to the outer wall surface. This al-
lowed for the direct measurement of the local streamwise velocity
component,u. However, in order to take measurements near the
surface of the liner panel, the probe was slightly tilted at 7 deg,
whereby there was little effect on the true vertical component
measurements.

For the measurements taken in the cross-stream direction where
three-component velocity measurements were made, two separate
fiber optic probes were used. To allow the measurement volume of
the probes to reach the mid-pitch of the combustor simulator, a 2.6
magnification beam expander along with a 750 mm focusing lens
were used. With the use of the beam expander, the measurement
volume was 73mm in diameter and 1.3 mm in length. Using these
two probes, the measurements were conducted through a nonor-
thogonal setup requiring the velocity components to be trans-
formed into the true components. Furthermore, as with the single
LDV probe measurements, a tilt was applied to both probes to
allow for near-wall measurements. To ensure a single beam cross-
ing, both probes were turned 13 deg toward each other off the
cross-stream direction while the vertical tilt angle was set to 7
deg.

In order to compare the day to day repeatability of the test
conditions and ensure that the correct velocity transformations
were made, the two- and three-component LDV data were com-
pared where streamwise and spanwise measurement planes over-
lapped. This data is shown in Fig. 3 whereby the measurement
times spanned several weeks. The location of this data was just
downstream of the first dilution row and in the spanwise middle of

Table 1 Summary of Coolant Flow Conditions

% Mass Flow
Addition Based
on Local Flow

Rate

Momentum
Flux Ratio

Based on Local
Mass-Averaged

Velocity

Mass Flux
Ratio Based on

Local Mass-
Averaged
Velocity

Density Ratio
Based on

Ups tream Flow
Conditions

Ratio of Mass-
Averaged

Velocity to
Inlet Velocity

Panel 1 2.6 9 3.2 1.12 1
Panel 2 6.3 9 3.2 1.12 1
Panel 3 5.4 9 3.2 1.12 1.6
Panel 4 2.2 9 3.2 1.12 2.7
Dilution 1 18.5 128 12 1.12 1
Dilution 2 12.5 32 6 1.12 1.6
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the outer second row dilution hole. This data indicates consistency
of the velocity transformations that were applied to the data as
well as the repeatability of the test conditions.

The nominal sampling time for each measurement location was
40 s whereby 15,000 data points were acquired for each compo-
nent. For the longer 750 mm focusing lens most measurement
locations had an average sampling time of approximately 100 s
for the same sample size.

The partial derivative and sequential perturbation methods, de-
scribed by Moffat@14#, were used to estimate the uncertainties of
the measured values. Precision uncertainties were calculated
based on a 95% confidence interval. The precision uncertainty for
the streamwise rms velocities was 2.6% while the bias uncertainty
for the mean velocity measurements was 1%. The bias and preci-
sion uncertainties on the thermal field values, was60.04, giving
an uncertainty of 4.5% atu50.9 and 12.6% atu50.3.

Measured Flow and Thermal Field Results
The measurements made in this study were taken at a number

of different locations within the combustor simulator, as shown in
Fig. 2~a!. These locations were chosen to illustrate the different

flow conditions that can occur throughout the combustor and in-
clude the following:~i! downstream of the first liner whereby
film-cooling holes are present~plane 0p); ~ii ! downstream of the
first row of dilution holes whereby the jets are being injected at a
high momentum flux ratio~planes 1p and 1s); and ~iii ! down-
stream of the second row of dilution holes whereby the jets are
being injected from a liner wall that is contracting~planes 2p and
2s). The flow conditions that were set are summarized in Table 1
for each of the panel and dilution flows. Note that two different
film-cooling flows were studied for the first panel (I 53 and 9!,
but for the remainder of the measurements anI 59 condition was
set for this panel.

Liner With Multiple Rows of Film-Cooling Holes. Thermal
field measurements were performed just downstream of the first
cooling panel in plane 0p for two different flow conditions. The
measurement location was atX/L50.24, which is two film-
cooling hole diameters downstream of the last row of cooling
holes (X/d52) in panel one. The average momentum flux ratios
for this panel were set to eitherI 53 or 9, giving an average mass
flux ratio for the panels ofM51.8 and 3.2, respectively. Fifteen
rows of staggered film-cooling holes were present in this panel

Fig. 3 Comparisons of two and three-component LDV profiles measured inde-
pendently in an overlap location just downstream of the first row of dilution

Fig. 4 Film-cooling thermal field measurements in plane 0 p with an average liner flow
of IÄ3, DRÄ1.1
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with the hole spacing as that indicated in Fig. 2~b!. While these
measurements were conducted, the flow condition for the remain-
ing liner panels was set at the same condition as the first panel
(I 53 or 9!. Figures 4 and 5 show the measured thermal fields for
the two blowing conditions. The solid arrows represent the loca-
tion of the last row of film-cooling holes while the dashed arrows
represent the pitch location of the previous row of film-cooling
holes. As can be seen by the thermal field measurements, the jets
are periodic in the pitch direction across the panel.

Figures 4 and 5 indicate a cooler jet for the row of jets closest
to the measurement plane~solid arrows! as compared with the jets
of the previous row~dashed arrows!. For both flow conditions, the
peak temperature contour representing the coolest fluid is located
away from the wall. A separated jet condition is expected given
the high momentum flux ratio conditions for both cases. The ther-
mal field contours for the row of cooling holes closest to the
measurement plane indicate a double-peak with the second peak
being at a slightly warmer temperature~u50.5! than the primary
peak~u50.7!. The second peak is located just above the coldest
peak and is a remnant of the upstream cooling jet at the same
pitchwise alignment. Interestingly, the contour levels for the
dashed arrows~upstream row! do not have this double peak,
which indicates that given enough streamwise distance the stream-
wise jets merge into one cooler core.

Although the conditions through the holes differ by a large
amount of cooling flow, the core of the jets closest to the mea-
surement plane~coldest contour! is nominally at the same tem-
perature level at this location~u50.7! for both blowing ratios.
There are two real differences between these two cases. First, the
penetration depth for theI 59 case appears to be greater than the
I 53 case. Second, and more importantly, the fluid temperature
between the jets near the wall appears to be cooler for theI 59
case~0.25,u,0.35! as compared with theI 53 case~0.15,u
,0.2!.

Downstream of the First Row of Dilution Holes. The ther-
mal field measured in the streamwise direction through the first
row of dilution jets is shown in Fig. 6. Recall at this location in
the combustor simulator, the cross-sectional area of the simulator
is the same as that of the entrance. The spanwise distance~Z! is
normalized by this height (H in). The momentum flux ratio for this
large dilution jet isI 5128 while the mass flux ratio isM512.

The contours in Fig. 6 indicate a penetration distance that is
approximately 18% of the height before the jet trajectory is bent
over by the mainstream flow. Upstream of the jet injection, there
is a relatively thick film-cooling layer that is being transported
into the free stream by the dilution jet. It is also clear that the
temperature gradients are quite high at the jet-mainstream inter-
face near the jet injection, while farther away from the wall the
temperature contours are spreading due to the turbulent mixing.
The penetration depth of these dilution jets does not extend to the
centerline, which is quite probably a result of the opposing jets
that are aligned in the pitchwise and streamwise locations.

The solid line shown in Fig. 6 indicates the penetration distance
predicted by the correlation given by Lefebvre@15#. The correla-
tion overpredicts the trajectory of the jet and underpredicts the
bending of the jet. One plausible reason for the misprediction may
be due to the fact that there is an opposing jet and that these
dilution jets are at very high momentum ratios (I 5128).

Figure 7 shows the measured thermal field for a plane that
extends in the pitchwise direction downstream of the first row of
dilution jets at a location that is two film-cooling hole diameters
downstream of the last row of cooling holes in the second liner.
This location is 1.3 hole diameters (X51.3D1) downstream of the
dilution hole whereby this distance is measured from the hole
centerline. This larger plane was taken to illustrate the pitchwise
symmetry of the dilution flow. These thermal fields indicate that
the coolant from the dilution jets has been transported to a region
slightly offset from the center of the two lobes of the kidney-
shaped vortex. It is important to recognize that the distance be-

Fig. 5 Film-cooling thermal field measurements in plane 0 p
with an average liner flow of IÄ9, DRÄ1.1

Fig. 6 Thermal field contours in a streamwise plane through a
first row dilution hole „plane 1 s… with Lefebvre’s †15‡ jet pen-
etration correlation

Fig. 7 Thermal field contours in plane 1 p
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tween the two lobes as illustrated in Fig. 7 is quite large relative to
that which would occur for a jet-in-cross-flow without an oppos-
ing jet.

At the dilution jet centerline, Fig. 7 illustrates the presence of
film cooling near the wall even though there is only one row of
cooling holes downstream of the dilution jets and upstream of this
measurement plane. It is quite plausible that some of the upstream
film-cooling flow has been wrapped around the dilution jet and is
present at this location. It is also interesting to note the warmer
temperatures that occur as one progresses up from the film-

cooling layer to the dilution jet core atY/W50. The warmest fluid
occurs at the same location as the highest negative streamwise
velocity contour indicating a strong vortex motion, as will be
discussed for Fig. 8.

Figure 8~a! shows the secondary velocity vectors (v and w!
superimposed on the normalized streamwise velocity (u/uin) con-
tours in plane 1p. The measurement plane was taken across a
symmetric section of the combustor simulator. There is a clear
kidney-shaped vortex exhibited by the secondary velocity vectors
as a result of the shear produced from the jet-mainstream interac-
tion. The velocity contours indicate a strong backward streamwise
velocity located atZ/H in50.15 at the hole centerline (Y/W
50). The contours indicate velocities as high as three times the
inlet velocity nearY/W520.075 andZ/H in50.2. These high ve-
locities do not coincide with the center of the vortex core. Near
the spanwise center of the plane (Z/H in50.5), the streamwise
velocity contours indicate a nearly stagnant region as a result of
the interaction between the top and bottom dilution jets.

The turbulent flow field was also quantified for the cross-stream
plane 1p, as shown in Fig. 8~b!. The turbulence levels were cal-
culated using all three velocity fluctuations and then normalized
using the inlet velocity (uin). The turbulence levels produced by
the jet-mainstream interaction are incredibly high, particularly in
the high-velocity region and at the mid-span region where the jets
are impacting one another.

Downstream of the Second Row of Dilution Jets. The ther-
mal field through the center of the second row of dilution jets is
shown in Fig. 9 for plane 2s. The second row of dilution jets are
injecting near the start of the contraction section of the combustor
simulator. The momentum flux and mass flux ratios for these jets
are somewhat lower than the first row atI 532 andM56.

While the momentum flux ratio is much lower for the second
row of dilution jets as compared to the first row, the physical
penetration distance is not that different. In comparing the physi-
cal penetration distances of theu50.95 contour in Figs. 6 and 9

Fig. 8 Measured „a… secondary velocity vectors with contours
of u Õu in and „b… turbulence levels for plane 1 p

Fig. 9 Thermal field contours for plane 2 s showing Lefebvre’s †15‡ jet penetra-
tion correlation
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for the two rows of dilution holes, theZ/H in penetration depth for
each is 0.1 and 0.12, respectively. In relating this distance to the
respective hole diameters, however, there is a different answer.
The first row of jets penetrated to aZ/D151.2 while the second
row of jets only penetrated only toZ/D250.95. The solid line in
Fig. 9 indicates the dilution jet trajectory predicted by Lefebvre’s
correlation@15#. As with the higher momentum dilution jets, the
correlation predicts the trajectory of the dilution flow fairly accu-
rately near the liner panels; however, the bending of the dilution
flow is underpredicted as the jet penetration continues into the
mainstream. It is worth mentioning that Lefebvre’s correlation for
this lower momentum dilution jet seems to fit better than it did for
the higher momentum first row dilution jets.

Similar to that of the first row of holes, the thermal gradients
reduce in magnitude at the jet-mainstream interface as one
progresses farther from the wall. Figure 9 also indicates the pres-
ence of a cooler bulge nearX/L50.65 with a thermal contour
level of u50.45. This cooler region is a result of the lateral
spreading of the cooler fluid from the first dilution row.

The thermal field contours for the near-wall fluid indicate a
relatively thick layer upstream of the dilution jet. Just downstream
of the dilution jets, however, the layer is much thinner but there is
still coolant present. The coolant that is present near the wall
downstream of the injection is there, despite the fact that there is
some streamwise distance~one dilution hole diameter! between
the dilution location and the film-cooling injection location. While
the film-cooling layer near the wall is relatively thin just down-
stream of the dilution injection, this layer becomes relatively thick
caused by the increased turbulence levels generated from the di-
lution jet-mainstream interaction.

Two-component LDV measurements were made for the stream-
wise plane 2s given the symmetric nature of this location~the
v-component was nominally zero!. The streamwise velocity vec-
tors in Fig. 10~a! indicate a downward velocity as the flow ap-
proaches the dilution injection location. This downward velocity
is thought to be the result of the mainstream flow being deflected
away from the jet-to-jet impingement of the first row of dilution at
the mid-span center. The velocity vectors indicate that most of the
jet is exiting from the downstream portion of the dilution hole, but
are pointed toward the upstream direction. This is consistent with
the thermal field contours presented in Fig. 9. These high veloci-
ties have enough momentum to have a jet trajectory that is di-
rected upstream.

Downstream of the jets, the velocity vectors indicate a very

large recirculation region, which is characterized by warmer fluid
behind the dilution jet. Near the wall, it is clear that there is also
reversed flow just downstream of the jet. The coolant present near
the wall may be in fact transported to this region from the down-
stream film-cooling holes, which is consistent with the thinner
coolant layer. The closest film-cooling injection is located atX
51D2 downstream on the dilution injection. NearX/L50.75,
which is slightly greater than two dilution hole diameters (X
52D2) downstream of the jet injection, is the end of the recircu-
lating region.

The vectors also indicate that the flow has been accelerated
both in the near wall region, due to the film-cooling jets, and
above the jet injection near the mid-span, due to the dilution jet
blockage. As the flow exits the combustor, the streamwise profiles
still have remnants of these faster regions.

Figure 10~b! shows the turbulent flow field measurements for

Fig. 10 „a…, „b… Flow field vectors „left … and contours of turbulence levels „right … for plane 2 s , downstream of the second row of
dilution jets

Fig. 11 Thermal field contours in plane 2 p downstream of the
second row of dilution
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plane 2s. The peak turbulence levels, which occur at the jet-
mainstream interface, are 2.2 times greater than the inlet velocity.
It is important to recognize that at the dilution jet injection loca-
tion, the mass-averaged velocity is 2.7 times that of the inlet ve-
locity ~indicated in Table 1! as a result of the mass flow injection
from the first row of dilution jets and the film-cooling addition.
The jet turbulence itself is relatively lower than that occurring as
the jet interacts with the mainstream flow. In the jet recirculating
region, the turbulence levels are very high, considering the fact
that the local flow velocities in this region are relatively low. The
near-wall turbulence that is generated is also relatively high due to

the film-cooling injection. As the flow exits the combustor, the
levels relative to the local exit velocity are on the order of 20%.

Figure 11 shows the thermal field contours downstream of the
second row of dilution jets~plane 2p) for a region larger than the
symmetric locations to illustrate the thermal field symmetry. Note
that both jets inject to approximately the same spanwise location
relative to the mid-span. The dashed lines represent the spanwise
injection location of the first row of dilution holes while the solid
lines represent the second row of dilution holes. At this stream-
wise location, which is one dilution hole diameter downstream of
the second row of dilution holes (X51D2), the coldest tempera-
ture contour for the dilution flow isu50.55 located atY/W5
20.25 at aboutZ/H in50.3. The warmer fluid shown nearY/W
50 at Z/H in50.15 is a remnant of the warm fluid that is trapped
in the recirculating region downstream of the first row of dilution
jets. A similarly warm region is located just above that region near
the mid-span, which is a result of warmer fluid penetrating be-
tween the opposing first row of dilution jets.

Figure 12 shows the secondary velocity vectors superimposed
on the streamwise velocity contours at the same plane 2p only
with a smaller measurement region as compared with Fig. 10. At
this location, it is clear that there is no evidence from the vectors
as to a strong kidney vortex as there was in the case of the first
row of dilution holes. The high turbulence levels, as will be illus-
trated in the upcoming figures, have caused a reduction in the
swirl velocities. There is a strong upward flow that is a result of
the contraction section of the combustor. The streamwise veloci-
ties indicate that the flow has accelerated to about three times the
inlet velocity near the mid-span. At a span of approximately 25%
of the inlet height, there is a near zero velocity just downstream of
the dilution holes, similar to that of the first row of dilution jets,
which is caused by the jet blockage. To illustrate the anisotropic
behavior of the turbulence of the dilution jets, Figs. 13~a!–13~c!
show the measured fluctuations for all three velocity components.
As can be seen, all three contour plots illustrate a very different
behavior. The highest fluctuation levels in this plane are 1.75
times that of the inlet velocity. It is important to remember that at
this location the mass-averaged velocity is 2.7 times faster than
the inlet velocity, which still translates to average rms levels that

Fig. 12 Secondary velocity vectors with contours of the
streamwise velocities in plane 2 p

Fig. 13 „a…–„c… Contours of the rms fluctuations for the flow in plane 2 p
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are 0.65 times the local mass averaged velocity. The peak stream-
wise velocity fluctuations occurs atZ/H in50.3 and Y/W5
20.25, which coincides with the core of the jet~as indicated by
the thermal field contours in Fig. 11!. The peak spanwise velocity
fluctuations (v rms), which are slightly higher at 2.1 times the inlet
velocity, occur near the liner wall just below the core of the jet.
Similar to the streamwise fluctuations, the peak spanwise fluctua-
tions occur at the core of the jet and above.

The turbulence levels for the pitchwise plane, which is a com-
bination of the fluctuations for all three velocity components, is
shown in Fig. 14 for plane 2p. For the second row of injection
(Y/W520.25), the peak level coincides with a region slightly
higher than the core of the jet. While the levels are much lower,
the peak region for the first row of dilution jets coincides more
closely with the mid-span.

Conclusions and Recommendations
The results of this study indicate the complexity of the flow that

occurs in a typical aeroengine combustor. While these results were
acquired with a nonreacting flow, it is important to have a place to
begin when it comes to making comparisons with computational
predictions. In particular, it is important that we are able to under-
stand how the interactions take place between rows of dilution jets
and liner film-cooling. The resolution of the measured data pre-
sented in this paper was only made possible through scaling up of
a combustor.

The measurements indicate the dominance of the dilution jets
on the flow and thermal fields. Kidney-shaped thermal fields were
present as the result of the dilution jet-mainstream interaction.
One notable feature was the spreading of the two kidney lobes
that resulted from the impacting of the jets. Downstream of the
dilution jet injection, there was a large recirculating region that
transported warm fluid into the region just downstream of the
injection. While the near-wall film of coolant is much thinner just
downstream of the dilution holes, there is still coolant present. To
determine whether the coolant was transported by vortices wrap-
ping around the dilution jet or transported by the reverse flow
downstream of the dilution jet is not known at this time. Further
work needs to be conducted to determine the true mechanism that
is important for combustor cooling strategies.

The turbulence levels were measured to be extremely high
throughout the combustor as well as highly anisotropic. It is clear
as to why current two-equation turbulence models underpredict

these turbulence levels given the model assumptions of isotropic
turbulence. The exit turbulence levels, based on the local average
exit velocity were 20%.

Further studies need to be done to evaluate cooling schemes
along the liner wall and ensure good coverage near the dilution
holes. More detailed measurements are needed near the dilution
holes to evaluate these cooling schemes. Given the results pre-
sented in this paper, it is possible to compare computational pre-
dictions with measured flow and thermal fields.
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Nomenclature

ALP 5 air loading parameter, ALP5P0
1.75ArefD ref

0.75eT/300/ṁ,
Lefebvre@15#

d 5 film cooling hole diameter
D1 , D2 5 dilution hole diameters for first and second rows

H in 5 combustor inlet height
I 5 momentum flux ratio,I 5rcUc

2/r`U`
2

L 5 film cooling hole length, combustor simulator
length

ṁ 5 mass flow rate
M 5 mass flux ratio,M5rcUc /r`U`
P 5 vane pitch

Ss , Sp 5 streamwise, pitchwise film cooling hole spacing
T 5 temperature

TL 5 turbulence level, TL50.33(urms
2 1v rms

2 1wrms
2 )0.5/uin

~3-comp.! and TL50.5(urms
2 1wrms

2 )0.5/uin ~2-comp.!
u, v, w 5 local, mean velocity components
X, Y, Z 5 coordinate system shown in Fig. 2~a!

W 5 combustor inlet width

Greek

r 5 density
n 5 kinematic viscosity
u 5 nondimensional temperature,u5(T`2T)/(T`2Tc)

Subscripts

ave 5 spatial average
rms 5 root mean square

` 5 free-stream conditions~primary flow!
c 5 coolant conditions~secondary flow!
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The Use of Helmholtz Resonators
in a Practical Combustor
The drive to reduce emissions has led to the development of lean premixed combustors.
However, lean premixed combustion is often associated with combustion oscillations
which can be so severe that they can cause structural damage to the engine. Since the
associated frequencies are typically of the order of hundreds of Hertz, there is a need for
a compact device to absorb the noise which drives the oscillation. Helmholtz resonators
are commonly used as absorbers of incident acoustic power. In addition they are relatively
compact. However, their use in combustors creates practical issues, such as placement
within the chamber, neck length, and cooling, which need to be addressed. In this paper
we consider these practical problems and describe how to overcome them in a real
combustor.@DOI: 10.1115/1.1806838#

1 Introduction
Low NOx combustion can be achieved using lean premixed

systems. Here the temperature is more evenly distributed and the
peak temperature lower, leading to low NOx production. Unfortu-
nately, low NOx combustors are often associated with combustion
instabilities which can be so severe that structural damage to the
engine occurs. Helmholtz resonators are commonly used to damp
incident acoustic waves in a number of applications~see, for ex-
ample@1–6#!. Helmholtz resonators have the advantage that they
require a relatively small volume to damp oscillations at the rela-
tively low frequencies found in combustion systems and thus pro-
vide a useful damping mechanism for combustion oscillation
@1,3#. In order to control oscillations, they must communicate with
the combustor itself. This places practical constraints upon their
design, limiting their performance.

The need to incorporate the Helmholtz resonator so that it can
communicate with the combustion chamber places strong con-
straints upon the aperture size, neck length, and volume of the
Helmholtz resonator. In particular, the neck length needs to be
relatively long and this results in a compromise between the ab-
sorption obtained at the peak and the frequency range over which
significant absorption is obtained. A systematic approach for
choosing the parameters is developed and described in this paper.
We also consider the case of a neck which is long in comparison
with the wavelength and its practical use in an engine.

We consider two types of configuration: no mean flow and with
a mean flow. The mean flow may be either tangential across the
face of the aperture or be like a cooling flow through the aperture.
A combination of a cooling flow with a tangential flow is also
possible. The no flow case is associated with nonlinear absorption
of sound which depends upon the amplitude of the neck pressure,
which in turn depends upon the incident acoustic energy, the com-
bustor geometry, and the location of the neck. We describe this
regime by using a model developed by Cummings@7# for the
nonlinear behavior of an aperture and compare our results with an
experiment, obtaining good agreement.

In the presence of a mean flow the absorption coefficient is
linear ~i.e., independent of neck pressure! and associated with the
convection of unsteadily shed vorticity from the neck of the reso-
nator. However, it still depends upon the combustor geometry and
the location of the neck. Both tangential and cooling flows are
modeled by using a Rayleigh conductivity first derived by Howe

and his co-workers for each flow regime separately. In the pres-
ence of a tangential mean flow the convecting vorticity can also
interact with the downstream edge of the aperture and generate
sound. This can be overcome by rounding the downstream edge or
by combining the tangential flow with cooling through the neck.
Finally we draw some conclusions.

2 Practical Helmholtz Resonators

2.1 Introduction. Helmholtz resonators consist of a cham-
ber and a neck as illustrated in Fig. 1. Oscillation occurs when the
mass of gas in the neck vibrates against the gas in the chamber.
They can simply consist of a perforation in a plate above the
chamber@8#, the end correction acting as the neck. In the absence
of a mean flow, absorption of incident sound is related to the
nonlinear viscous damping of the flow in the neck region, and the
absorption is only significant near resonance. This mechanism ul-
timately ensures that the neck velocity remains finite. Further-
more, a significant proportion of the incident sound energy will
only be absorbed at high acoustic amplitudes. This phenomenon
can be modeled by an appropriate nonlinear model such as pro-
posed by Cummings@7#. A similar model applied to Helmholtz
resonators was successfully used by Bellucci et al.@1#.

In the presence of a mean flow incident acoustic waves cause
unsteady vortex waves to be shed at the edges of the aperture
which is swept away by the mean flow. This convecting vorticity
acts as a sink to the incident sound near the upstream edge.

In this paper, we consider the acoustic response of an idealized
system consisting of a resonator chamber connected to a pipe
containing incident sound energy via an aperture. The problem
can be separated into three features: the acoustic properties of the
combustion chamber, the local absorption due to a finite pressure
difference between the pipe and the Helmholtz resonator chamber,
and the enhancement of the absorption due to resonance. When
the neck of the Helmholtz resonator consists of an aperture in a
pipe wall connecting it to the resonator chamber, the local absorp-
tion is characterized by the Rayleigh conductivity. This was de-
rived by Howe and his co-workers for mean flow both through the
aperture@9# and for tangential flow across it@10#. A correction is
required for the finite wall thickness. Howe’s model has been used
extensively in the literature to model the interaction between
sound and mean flow in a wide variety of applications, including
Helmholtz resonators@2,4–6,11–17#.

In a practical system, space will often prevent Helmholtz reso-
nators from being attached to the region of interest via a short
neck. We consider, therefore, practical resonators with notable
physical lengths. Initially the Rayleigh conductivity for the neck is
assumed to be a known complex quantityk5g2 id.

Contributed by the International Gas Turbine Institute~IGTI! of THE AMERICAN
SOCIETY OF MECHANICAL ENGINEERSfor publication in the ASME JOURNAL OF
ENGINEERING FOR GAS TURBINES AND POWER. Paper presented at the Interna-
tional Gas Turbine and Aeroengine Congress and Exhibition, Atlanta, GA, June
16–19, 2003, Paper No. 2003-GT-38429. Manuscript received by IGTI, October
2002, final revision, March 2003. Associate Editor: H. R. Simmons.
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Consider the system illustrated in Fig. 1. This consists of an
infinitely long pipe of cross-sectional areaS1 , to which a Helm-
holtz resonator chamber is attached atx50 via a neck of effective
length l and areaS2 . An incident sound wave, whose complex
amplitude isA at x50, propagates along the pipe from left to right
from x52` to x50. A second incident acoustic wave, with com-
plex amplitudeD, propagates from right to left fromx51` to
x50. At x50, a right propagating wave, of complex amplitudeC,
is generated by the combination of transmission of waveA and
reflection of waveD. Similarly a left propagating wave, of com-
plex amplitudeB, is generated in the left-hand part of the pipe. In
addition unsteady flow of speeduHR and mass flowmHR8 enters
the Helmholtz resonator through the neck and a low Mach number
~which may be zero! mean flow flows along the pipe from left to
right. We neglect viscous effects, except at the opening.

We begin by equating the change of mass inside the chamber to
the unsteady neck flow:

V
]r28

]t
5 r̄S2uHR8 ,⇒ ivVr285 r̄S2uHR8 (1)

for harmonic excitation of angular frequencyv. If we further
assume that the unsteady flow inside the resonator chamber is
isentropic, then we can relate the fluctuating resonator chamber
pressure,p28 , to the fluctuating density,r28 , and hence to the neck
velocity via Eq.~1! to give

p285c2
2

r̄uHR8 S2

ivV
(2)

The acoustic pressure waves on either side of the resonator are
related~from energy or momentum considerations! by

A~11M !1B~12M !5C~11M !2D~12M ! (3)

The behavior of the neck is linear in the presence of a mean
flow, but nonlinear with no mean flow. We consider the nonlinear
behavior first.

2.1.1 Non-Linear Theory. Following Cummings @7# the
acoustic velocity,u18 is given by

p182p285 l
]u18

]t
1

c

2
u18uu18u (4)

5 iv lu181
c

2
u18uu18u (5)

wherel is the effective length of the Helmholtz resonator neck and
c is the discharge coefficient describing the nonlinear behavior of
the neck. Both the effective neck length,l, and the discharge co-
efficient, c, are determined experimentally. Substituting forp28
into equation~5!,

p185u18i S v l 2
c̄2r̄S

vV D1
c

2
u18uu18u (6)

For low amplitudes, the nonlinear real part of the right-hand side
of Eq. ~6! is small and so little absorption of sound energy occurs.
The imaginary part then gives resonance at the frequency given by
classical theory.

Nonlinear equation~6! is solved numerically for the acoustic
velocity, u18 , for a given neck pressure amplitude,p18 , which can
also be related to the downstream wavesC andD using Eq.~3!.
u18 can be related to the incident acoustic velocities by considering
the conservation of acoustic mass flow, i.e.,

r̄A1S A2B

r̄ c̄ D5 r̄Su181 r̄A1S C2D

r̄ c̄ D (7)

Equation~7! together with Eq.~3! can be solved to give the inci-
dent and reflected wavesA andB.

Equations~3! and ~7! together with equation~6! are used to
predict the four acoustic waves,A, B, C and D, for a range of
sound pressure levels. We present our results in terms of the ab-
sorption coefficient, defined as the fraction of incident energy
which is absorbed, since we are interested in absorption,

i.e., D512S uBu21uCu2

uAu21uDu2D (8)

Sample results are shown in Fig. 2 which is for a neck pressure
of 165 dB which also shows comparison with experimental mea-
surements. The experimental arrangement is described in the Ap-
pendix. The agreement between the theory and the experiment is
good. Although much of the literature on Helmholtz resonators is
concerned with predicting the resonant frequency~see, for ex-
ample, Chanaud@11,12#!, a number of other studies have also
found good agreement with experiment for the amplitude response
@1,4–6,13–17#. At the peak 65% of the incident sound is ab-
sorbed. Even at 135 dB the peak absorption is between 50% and
60% depending upon the configuration. However, the absorption
characteristics include a distinct minimum. This results from a
pressure node at the neck of the Helmholtz resonator. This has two
effects. The first, and most obvious, is that the sound pressure
levels found in practice will be low near this frequency. Second,
when the unsteady pressures nearly cancel at the neck of the reso-
nator, specific neck pressure levels can only be achieved with
large incident sound waves. The unsteady velocity into the reso-
nator, u18 , however, is solely a function of this neck pressure
amplitude@see Eq.~6!# and so will not be affected by the presence
of the node. Thus the actual amount of energy absorbed is purely
a function of the neck pressure and the behavior of the resonator.
The incident acoustic energy, and thus the fraction of energy
which is absorbed, however, also depend upon the amplitude of

Fig. 1 An illustration of a real Helmholtz resonator attached to a pipe
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the incident waves required to generate the neck pressure. Thus
when the neck is situated near to a pressure null, the fraction of
acoustic energy which is absorbed will always be small.

To confirm the effect of the node, comparison is made in Fig. 3
between the predicted and measured absorption for a different
configuration with an open end. The symbols represent the mea-
sured values and the solid line represents the predicted behavior.
Here the minimum shifts to a frequency of 350 Hz.

Figure 4 summarizes the effect of amplitude, showing the pre-
dicted absorption coefficients as a function of frequency for sound
pressure levels of between 120 and 185 dB, in steps of 5 dB. With
a sound pressure level at the neck of 120 dB, absorption occurs
only over a very narrow frequency range and the maximum ab-
sorption coefficient is less than 10%. There is a minimum in ab-
sorption at a frequency of about 275 Hz, corresponding to the
frequency at which there is a pressure node at the opening, at all
amplitudes, as discussed above. As a result there are two maxima
in absorption either side of the node.

2.1.2 Linear Theory. To quantify the unsteady mass flow
rate into the Helmholtz resonator we relate it to the fluctuating
pressure difference across the neck via the Rayleigh conductivity
defined as

~p182p28!k5 r̄ ivS2uHR8 (9)

where k is a complex quantity which we choose to write ask
5g2 id, following Howe@9,10#. g represents the inertance of the
neck and is related to the effective length of the neck.d relates to
the reactance of the neck or opening and thus to any generation
~or absorption! of acoustical energy~e.g., by vortex shedding!
associated with the neck. The negative sign is used so that positive
d relates to absorption of sound.

Since the resonator chamber pressure is related to this acoustic
velocity via Eq.~2! we can rewrite Eq.~9! as an equation foruHR8
in terms of the acoustic pressure above the neck,p18 , as follows:

ruHR8 5S p18~g2 id!

ivS22 i ~g2 id!c2
2S2 /vV

D (10)

All acoustic energy absorbed or generated is associated with the
mean acoustical energy flux into the resonator via the neck.

i.e., absorption}2p18r̄uHR8 S2

The acoustical pressurep18 describes the amplitude of the inci-
dent acoustic waves and the mode shape of the pipe~or combus-
tion chamber! to which the resonator is attached. We take this as
our reference and therefore suppose its phase to be zero. Thus
only the real part ofuHR8 contributes to the generation or absorp-
tion of acoustical energy.

Evaluating the real part of Eq.~10! we have

R~ r̄uHR8 !52p18dS vS2

a2d21~vS22ag!2D (11)

where

a5
c2

2S2

vV
(12)

giving an absorption

p18
2

r̄
dS vS2

2

a2d21~vS22ag!2D (13)

Fig. 2 Comparison between the measured and predicted ab-
sorption coefficient as a function of frequency for an incident
sound pressure amplitude of 165 dB with a closed end. ¿ ex-
perimental measurement, ——— theory.

Fig. 3 Comparison between the measured and predicted ab-
sorption coefficient as a function of frequency for an incident
sound pressure amplitude of 170 dB with an open end. ¿ ex-
perimental measurements, ——— theory.

Fig. 4 The predicted absorption coefficient as a function of
frequency for a range of incident sound pressure amplitudes
from 120 to 185 dB with increments of 5 dB. The lowest graph
is for 120 dB.
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Comparison between theory and experimental measurements of
the absorption obtained by this mechanism is shown in Fig. 5 for
a sample cross flow Mach number of 0.04. Here the Rayleigh
conductivity used for the predictions is taken from Howe’s model
@10#. Similar results have also been obtained for a cooling flow
and a combination of a cooling flow and a cross flow~also from
Howe’s model! and were presented in a previous paper@18#. The
absorption is shown for a variety of amplitudes of unsteady pres-
sure at the neck and shown to have little effect on the overall
absorption, which is reasonably high here. As before the minimum
absorption occurs when the resonator neck is near a pipe node.
Notice that at this temperature and with a relatively short neck the
absorption is high and occurs over a broad range of frequencies.
This ceases to be the case at higher temperatures and with long
necks as would be required if it were to be implemented in a real
combustion chamber. The practical implications of this are dis-
cussed below.

2.2 Discussion. For low amplitude sound waves in the ab-
sence of a mean flow, the Rayleigh conductivity of the neck is
purely imaginary~i.e., d50!, leading to the denominator of Eq.
~13! being purely imaginary and becomes zero when

vS25ag, i.e., when v5c2Ag

V
(14)

Since g5S2 / l e f f ective , the familiar formula for the resonant
frequency of a Helmholtz resonator is recovered. Here the un-
steady flow velocity into the Helmholtz resonator is large, and
nonlinear effects become important. This limits the velocity and
leads to some sound absorption, as described above. In the pres-
ence of a mean flow, however,d has a nonzero value, leading to
absorption away from resonance. Since the imaginary part of the
denominator in Eq.~13! can still be set to zero at the frequency
defined by Eq.~14!, this might be supposed to enhance the ab-
sorption for modestd. When this occurs Eq.~13! becomes

absorption5
p18

2

r̄ S g3/2V1/2

dc2
D (15)

sincevS25ag. It is clear from Eq.~15! that the absorption at the
conventional resonance frequency is inversely proportional tod.
This occurs becaused describes the local absorption of the neck
irrespective of its acoustics environment. For very small but finite
d, there is a little absorption at most frequencies. Near resonance,

however, the large neck velocities enhance the absorption. Asd
increases, noticeable absorption occurs over a broader range of
frequencies. However, at resonance the effect of the increased
‘‘local’’ absorption is to suppress resonance, reducing the peak
absorption. This is illustrated in Fig. 6, which shows the variation
in absorption coefficient of one Helmholtz resonator at three dif-
ferent flow conditions. All configurations are for mean flow
through the aperture. The volume of the resonator chamber is
chosen to give peak absorption at 500 Hz for the lowest neck
velocity, which has the greatest peak absorption. The Rayleigh
conductivity used in the calculations to produce Fig. 6 is from
Howe et al.’s solution for an aperture in an infinitely thin plate
@10#, as before, with a correction applied to account for the physi-
cal length of the neck. Since the Rayleigh conductivity, andg in
particular, is a function of Strouhal number and hence frequency,
the frequency at which peak absorption occurs varies slightly be-
tween the three configurations. This has not been compensated for
here since the magnitude of the absorption depends upona8,
which is itself a function of the volume. Nevertheless, it is clear
from Fig. 6 that increasingd gives absorption over a broader
range of frequencies, but at the expense of peak absorption. This
has strong consequences for the use of Helmholtz resonators in
combustion systems. If the resonators are to have a significant
effect in damping the oscillations, then it is essential that they are
attached to the combustion chamber itself. However, the high tem-
peratures in the combustion chamber result in complicated liners
and a cooling system. As a result the neck of the Helmholtz reso-
nator will often have to be several centimeters long. The damping
described by Fig. 6 suggests that this limits the overall perfor-
mance of the resonator, leaving the designer to choose the balance
between the maximum absorption achieved and the frequency
range over which this absorption occurs. Unfortunately, the cur-
rent understanding of the instability does not presently give ana
priori estimate of the amount of absorption required.

The other factors which appear in Eq.~15! are g; the sound
speed in the Helmholtz resonator chamber,c2; the volume of the
Helmholtz resonator chamber,V; the mean density,r̄; and the
acoustic pressure above the aperture,p18 . g describes the inertance
of the aperture per unit area and is large for large radius and short
neck length. In common withd, g is proportional to the aperture
diameter. Sinceg has a higher power in Eq.~15! than d, the
absorption increases with aperture size. The absorption is in-
versely proportional to the sound speed and so we require a small
sound speed, and thus a low temperature in the Helmholtz reso-
nator chamber for high absorption. The volume of the resonator
chamber,V, is constrained to give resonance at the desired fre-

Fig. 5 The variation of acoustic absorption coefficient with
frequency for a Helmholtz resonator with a sound pressure
level at the neck opening of 155 dB and in the presence of a
mean pipe flow Mach number of 0.04. ——— theory, Œ ¯ 145 dB,
Ã–"– 150 dB, ¿ ——— – 155 dB.

Fig. 6 A graph showing the variation of absorption coefficient
with frequency for three different mean aperture velocities, for
a practical Helmholtz resonator with a finite neck length
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quency by Eq.~14!. However, since the resonant frequency is
related tog/V, the volume must also increase asg increases to
keep the resonant frequency constant. The increased volume also
increases the absorption. The mean density,r̄, affects both the
incident sound and the absorption equally and so has no effect
upon the proportion of incident sound which is absorbed. The
acoustic pressure above the aperture,p18 , is determined by the
incident sound energy and the mode shape in the pipe or combus-
tion chamber containing the incident sound waves.

The requirements for good acoustic performance, defined as
high absorption over as wide a frequency range as possible, are
therefore summarized as large aperture, large volume, short neck
and low temperature. One might also be interested, however, in
the total amount of absorption over the entire frequency range of
interest. This is considered next.

2.3 The Total Energy Absorbed. The total amount of
acoustic energy absorbed over a range of frequenciesv1 to v2
can be determined by multiplying Eq.~13! by S2 and integrating
with respect tov:

Total absorption5E
v1

v2

p18R~u!S2 dv5I

5E
v1

v2S p18
2dvS2

2

r̄~a2d21~vS22ag!2!
D dv (16)

If g and d are assumed to have constant values over this fre-
quency range, Eq.~16! can be solved directly to give

I 5
p18

2

r̄ S d

4D ln@a82d21~v2S22a8g!2#v1

v21
p18

2

r̄ S g

2D
3F tan21S v2S22a8g

a8d D G
v1

v2

(17)

where

a85va5
c2

2S2

V
(18)

Over the full frequency range,v50 to v5`, d andg will vary,
and so Eq.~17! cannot be used to evaluate the overall acoustic
energy absorption directly. However, since it is valid for all fre-
quency ranges for whichd and g can be considered constant, it
can be used to give a piecewise estimate of the overall absorption.
We consider three cases: maximumd for v2S2@a8g ~case 1!,
maximumd for v2S2'a8g ~case 2! and maximumd for v2S2

!a8g ~case 3!. Sincev2S25a8g at the resonant frequency of
the Helmholtz resonator in the absence of a mean flow, and maxi-
mum d occurs when the local absorption is maximum; these con-
ditions correspond to the three possibilities for the relative posi-
tions of maximum local absorption and the no flow resonant
frequency of the Helmholtz resonator.

2.3.1 Case 1. This occurs when the mean flow speed asso-
ciated with the aperture is large and the aperture diameter is small.
The first term in Eq.~17! is only significant when thev2S2

@a8g and is proportional tod. Sinced is maximum in this range
for case 1, the first term is maximum for case 1. In practice,d
}r ~for fixed mean flow speed and frequency!, where r is the
radius of the aperture. Hence greatest absorption is achieved if the
limit is achieved with a large aperture mean velocity rather than
with a small aperture diameter. The second term in Eq.~17! is also
only significant whenv2S2@a8g. Sinced is significant in this
range, the second term evaluates to (p18

2/ r̄)gp/4. g describes the
aperture inertance, and is greatest for a small neck length. Liked,
g is proportional tor and so large diameter apertures are benefi-
cial.

2.3.2 Case 2. This occurs for modest mean flow velocities
and aperture diameters. The first term in Eq.~17! is not significant
for case 2, sinced is small whenv2S2@a8g. The second term in
Eq. ~17! depends upon the range of frequencies for whichd is
close to its maximum. When this range is small, then the only
significant contributor to this term is whenv2S2@a8g and d is
small. Then the term evaluates to'(p18

2/ r̄)gp/4 as for case 1.
When this range is large, however, (v2S22a8g)/d can be large
and negative and so this term can be as large as (p18

2/ r̄)gp/2 for
large a8g. As for case 1 this term is greatest for a short neck
length and a large aperture diameter. It is also worth noting that
the total acoustic energy absorption over a range of frequencies is
less dependent upon a frequency range than is the case for case 1.
This implies that if the overall absorption over a range of frequen-
cies is the same for two arrangements, one for case 1 and one for
case 2, the acoustic absorption at any given frequency will be
greatest for case 2.

2.3.3 Case 3. This occurs for small mean aperture velocities
and large aperture diameters. As for case 2, the first term in Eq.
~17! will not be significant sinced is small whenv2S2@a8g. The
second term in Eq.~17! has smalld for most of the frequency
range and so will be'(p18

2/ r̄)gp/2. Once again, overall absorp-
tion is improved with a short neck length and a large aperture
diameter. Unlike cases 1 and 2, however, increasing the aperture
diameter brings the conditions nearer to the limit described by
case 3. Indeed the diameter is only restricted by the condition that
the aperture diameter be small in comparison with the wavelength.

It is notable that the most significant factors in determining the
total amount of energy absorbed over a range of frequencies are
the relative positions of the frequency for peakd and the resonant
frequency of the Helmholtz resonator, and the range of frequen-
cies chosen. The absolute magnitude ofd is only important in
determining the overall absorption for the first term in Eq.~17!
which is only significant when the frequency at whichd is maxi-
mum occurs forv2S2@a8g, i.e., for case 1. The second term in
Eq. ~17! is nearly independent ofd and depends nearly exclu-
sively on the range of frequencies and the relative positions of the
two optimum frequencies.

2.4 The Resonant Frequency for Large Local Damping.
In the discussion, so far, the local absorption by the aperture, for a
given fluctuating pressure difference across it, has been assumed
to have been small~i.e., d has been assumed small!. However, for
sufficiently large aperture diameters near the optimum Strouhal
number,d can become significant. This is particularly true in prac-
tical systems where the physical length of the neck can be non-
negligible and sog is small. It is worth noting, therefore, the
effect this has on the frequency at which maximum absorption is
achieved. Since absorption is proportional to the real part of the
unsteady velocity, this frequency can be obtained by differentiat-
ing Eq.~13! with respect tov ~for constantg andd! and equating
to zero. This gives

p18
2

r̄
dS2S 2S2

2v422S2a8gv213a82~g21d2!

~a82d21~v2S22a8g!2!2 D (19)

Equating to zero and solving the quadratic equation we have

v res5c2SAA4g213d22g

V
D (20)

Note that this reduces to the no flow result in the limitd→0.
Equation~20! can be substituted into Eq.~11! to give the peak
absorption:

p18
2

r̄
V1/2dS ~A4g213d22g!3/2

4c2~d212g22gA4g213d2!
D (21)

This reduces to
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absorption5
p18

2

r̄

V1/2g3/2

4c2S2d
(22)

wheng@d. This differs by a factor of 4 from the peak absorption
given by Eq. ~15!. This occurs because in the limitd→0, the
greatest absorption becomes infinite and is not a formal maxi-
mum. The formal maximum occurs at a slightly higher frequency
where the absorption is lower. It has already been noted, however,
that absorption occurs over a narrow band of frequencies in this
limit. Broadband absorption occurs in the limitd/g→`. In this
limit the frequency from Eq.~20! becomes

v res5c2S 31/4S d

VD 1/2D (23)

and the absorption becomes

absorption5p18V
1/2

d1/2

4c2

(24)

Thus for large damping the amplitude of the peak absorption
increases withd. In practice, however, the absorption predicted by
Eq. ~24! is small except for very large volumes and such large
aperture diameters that the assumption that the aperture is com-
pact becomes invalid.

2.5 Conclusions. In practical systems, physical constraints
imposed by the system to be damped can have a strong effect
upon the performance of Helmholtz resonators. A reliable damper
would be one which provides high absorption over a large range
of frequencies, with high absorption at the peak frequency. This
requires a short neck, a large aperture diameter, a large resonator
chamber volume, and a low temperature within the resonator. In
addition the resonator should be positioned as near to an acoustic
anti-node as possible. In practice all these factors are constrained.
As a result designers have a trade off between high absorption at
the peak and broadband absorption. This trade off can be con-
trolled via the mean flow speed through the aperture. In designing
Helmholtz resonators, designers should first choose as large an
aperture diameter, as short a neck length, and as low a resonator
chamber temperature as physical constraints permit. Second, they
should choose the volume of the Helmholtz resonator to give reso-
nance at the required frequency. Third, the mean velocity through
the aperture is chosen to set the Strouhal number of the aperture.
The absorption should be calculated at this stage to check that the
absorption is both broadband and significant. If space will allow,
multiple Helmholtz resonators positioned around the circumfer-
ence can be used to extend the bandwidth for absorption. Where
circumferential modes are important, as is often the case in com-
bustors, circular symmetry means that with only one Helmholtz
resonator, it is always possible to have a pressure node at the neck
of the Helmholtz resonator and when this is the case the resonator

will have no effect. Since their presence changes the boundary
conditions this can be the case even if a node does not exist at that
position when there are no resonators in place and is in fact al-
ways the case. More than one Helmholtz resonator can be used to
avoid this and then the circumferential spacing required would
depend upon the order of the circumferential mode.

3 Side Branch Resonators
Although Helmholtz resonators are a compact way to absorb at

a particular frequency, it was shown above that a compromise is
set up between obtaining high absorption at the peak and obtain-
ing absorption over a range of frequencies. This problem can be
overcome by using a side branch resonator where space permits.

Consider the geometry illustrated in Fig. 7. Two incident sound
waves, one with complex amplitudeA propagating from left to
right in the left-hand portion of the pipe, and one propagating
from right to left with complex amplitudeD in the right-hand
portion of the pipe, propagate along an infinite pipe of cross-
sectional areaS1 towardsx50. At x50, y50; both pipes are
attached to a side branch of lengthl and areaS3 via an aperture of
areaS2 and Rayleigh conductivityk. Through a combination of
reflection and transmission of incident wavesA and D, two out-
going waves~B, propagating from right to left in the left-hand part
of the pipe, andC, propagating from left to right in the right-hand
portion of the pipe! are generated. As before a mean flow of low
Mach number~which may be zero! flows from left to right along
the pipe. An acoustic wave of complex amplitudeE propagates in
the negativey-direction towardsy52 l where it is reflected to
give a second acoustic wave of complex amplitudeF towardsy
50. The complex amplitudesA, B, C, D, E and F are all refer-
enced tox50, y50. The factore2 ivt is suppressed throughout.
At the end of the side branch~i.e., aty521! an arbitrary bound-
ary exists which could be a solid wall, an open end, a chamber, or
some other boundary. The viscous effects are ignored everywhere
except in determining the Rayleigh conductivity of the aperture.
In a practical system, the infinite pipe could be replaced with a
finite length pipe by relating wavesC andD via a reflection co-
efficient at the end of the pipe.

The acoustic velocity entering the side-branch,uSB8 , is related
to the pressure difference across the aperture via the Rayleigh
conductivity:

~p182~E1F !!k5 r̄ ivS3uSB8 (25)

For an arbitrary reflection aty52 l we define the reflection
coefficientR asF5RE. Hence

E5
kp18

~11R!k1 ia~12R!
(26)

and

Fig. 7 An illustration of a side-branch resonator with an arbitrary base attached to
a pipe
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uSB8 5S E2F

r̄c1
D 5

kp18~12R!

~11R!k1 ia~12R!
(27)

where

p185
p18

r̄c1

, a5
vS3

r̄c2

Equation~27! relates the unsteady velocity into the side branch,
uSB8 , to the local acoustic pressure,p18 , and the acoustic proper-
ties of the aperture~characterized by the Rayleigh conductivity,k!
and the reflection coefficient,R. Absorption or generation of
acoustic energy is related to that part of the acoustic velocity,uSB8 ,
180 deg out of phase~or in phase for generation! with the local
acoustic pressure,p18 . As for the conventional Helmholtz resona-
tors, we assume thatp18 is entirely real and take the real part of the
velocity. TakingR5R0(cos(f)1i sin(f)) andk5g2 id,

uDu2RS uSB8

p18
D 5~g21d2!~12R0

2!1ad~2R0 cos~f!2~11R0
2!!

(28)

where

uDu25~g21d2!~11R0
212R0 cos~f!!1a2~11R0

222R0 cos~f!!

14gaR0 sin~f!12ad~R0
221! (29)

This simplifies whenR051:

RS uSB8

p18
D 5S ad~cos~f!21!

denominator D
(30)

where denominator5 ~g21d2!~11cos~f!!1a2~12cos~f!!

12ga sin~f!)

Notice that since cos~f!<1, anda(5vS2 / r̄c2) and the denomi-
nator (5uDu2) are always positive, Eq.~30! is always negative for
a positived, i.e., the side-branch resonator with simple reflection
at y5 l always absorbs when there is absorption aty50. In con-
trast with the Helmholtz resonators, however, the denominator of
Eq. ~30! can become zero even in the presence of absorption at the
neck because of the phase difference between the acoustic waves
E and F resulting from the length of the side branch. As the
denominator tends to zero the real part of acoustic velocity into
the side branch rises. This gives rise to increased absorption. The
absorption cannot be greater than the incident sound energy, how-
ever, and, so, as the acoustic velocity rises, the resonator responds
by enforcing a node near the aperture. In practice, however, the
numerator also becomes zero when

cos~f!51 (31)

and so overall best absorption is achieved for smalla so that the
denominator vanishes near cos~f!521. Smalla requires a large
sound speed~and thus a large temperature! and a low side tube
area, which has an adverse affect on the area over which sound is
absorbed. As a result, side tube resonators are likely to be re-
stricted in their range of absorption as the absorption will drop to
zero near cos~f!51 and it is difficult to arrange for the denomi-
nator to become zero~and thus obtain the maximum absorption! at
frequencies greatly removed from this minimum. Side branch
resonators also have the disadvantage that they require a much
greater volume to absorb at the required frequency than is the case
for Helmholtz resonators.

4 Conclusions
In this paper, we have discussed the effects of practical con-

straints on the acoustic performance of absorbers. It has been
shown that the need for high temperatures and long necks for
Helmholtz resonators leads to a compromise between broadband

absorption and high peak absorption. In designing an absorber,
therefore, designers should first try to arrange for the neck length
to be as short as possible and for the aperture size to be as large as
possible. The volume is then chosen to give maximum absorption
at the required frequency. The Strouhal number of the neck flow is
chosen to give the desired balance between broadband absorption
and high peak absorption. Where space allows, multiple resona-
tors should be used and spaced around the combustor in order to
increase the bandwidth. This is also beneficial since with only one
Helmholtz resonator the change in the mode shape will result in a
pressure node at the resonator neck resulting in no damping.

Side branch resonators provide an alternative absorber, but
these take up a great deal of space and have a number of frequen-
cies in which the absorption drops to zero.
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Nomenclature

A, B, C 5 complex amplitude of acoustic waves
D, E, F 5 complex amplitude of acoustic waves

M 5 Mach number5Ū/c1 in the pipe
R 5 reflection coefficient
S 5 cross-sectional area
U 5 velocity
V 5 volume of resonator chamber
c 5 speed of sound, discharge coefficient
p 5 pressure
a 5 positive real function
g 5 real part of Rayleigh conductivity
d 5 negative imaginary part of Rayleigh conductivity
k 5 Rayleigh conductivity
r 5 fluid density
v 5 angular frequency

Subscripts

1 5 pipe
2 5 aperture
3 5 side branch

Superscripts

¯ 5 mean value
8 5 perturbation

Appendix: Experimental Arrangement
Figure 8 shows an illustration of the experimental set up used.

The pressure oscillation between 50 and 500 Hz is provided by
pumping air through a rotary valve. The flow rate of air through
the main pipe is measured with a flow meter. The Helmholtz reso-
nator consists of a nylon cylinder of radius 62 mm bounded by a
nylon cylinder at one end and a metal plate at the other. The metal
plate has a 12.5 mm diameter circular aperture at the center which
separates it from the test pipe. The plate is flat on the side of the
nylon cylinder, but curved on the other side so that it smoothly
meets the test pipe. The volume of the resonator chamber is varied
by adjusting the position of the piston between 5 and 20 cm from
the metal plate. The aperture has sharp edges.

The acoustic waves upstream and downstream of the resonator
are measured using three kulites in each section of the pipe and
applying the two microphone technique of Seybert and Ross@19#.
The kulites are also calibrated in the way suggested by Seybert
and Ross@19#. Two additional kulites, one below the resonator
neck and one in the resonator chamber, are also used to measure
p18 andp28 , respectively.
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Surface-Stabilized Fuel Injectors
With Sub-Three PPM NOx
Emissions for a 5.5 MW Gas
Turbine Engine
ALZETA Corporation has developed surface-stabilized fuel injectors for use with lean
premixed combustors which provide extended turndown and ultralowNOx emission per-
formance. These injectors use a patented technique to form interacting radiant and blue-
flame zones immediately above a selectively perforated porous metal surface. This allows
stable operation at low reaction temperatures. A previous ASME paper (IJPGC2002-
26088) described the development of this technology from the proof-of-concept stage to
prototype testing. In 2002 development of these fuel injectors for the 5.5 MW turbine
accelerated. Additional single-injector rig tests were performed which also demonstrated
ultralow emissions ofNOx and CO at pressures up to 1.68 MPa (16.6 atm) and inlet
temperatures up to 670°K (750°F). A pressurized multi-injector ‘‘sector rig’’ test was
conducted in which two injectors were operated simultaneously in the same geometric
configuration as that expected in the engine combustor liner. The multi-injector package
was operated with various combinations of fired and unfired injectors, which resulted in
low emissions performance and no adverse affects due to injector proximity. To date sub-3
ppmNOx emissions with sub-10 ppm CO emissions have been obtained over an operating
range of 0.18–1.68 MPa (1.8–16.6 atm), inlet temperatures from 340 to 670K (186–
750°F), and adiabatic flame temperatures from 1740 to 1840K (2670–2850°F). A full
scale multi-injector engine simulation is scheduled for the beginning of 2003, with engine
tests beginning later that year.@DOI: 10.1115/1.1839920#

Introduction
ALZETA Corporation is developing a surface-stabilized com-

bustion system for industrial turbine applications capable of sub-3
ppm emissions of oxides of nitrogen (NOx) with simultaneous
low emissions of carbon monoxide~CO! and unburned hydrocar-
bons. Surface-stabilized combustion is a simple approach which
can maximize the emissions benefit of lean fuel/air premixing by
increasing flame stability, and doing so in a compact and flexible
manner. This paper will discuss progress towards deploying this
technology, already commercially successful in atmospheric boil-
ers and process heaters, in gas turbine engines. The application of
surface-stabilized combustion to gas turbines is being developed
under the name nanoSTAR™.

Low emissions of oxides of nitrogen (NOx), as well as carbon
monoxide and unburned hydrocarbons can be achieved with thor-
ough fuel/air mixing and control of the adiabatic flame tempera-
ture of that mixture below about 1920 K~3000°F!. One of the
great difficulties with such lean premixed systems has been main-
taining flame stability in the narrow flame temperature range be-
tween high NOx production and lean flame extinction. Aerody-
namically stabilized injectors have very narrow ranges of
operation, necessitating multiple injector staging~up to four
stages in some systems! or piloting @1#. Such dry low NOx , or
DLN systems, have been successfully deployed to achieve sub-25
ppm NOx emissions in several gas turbine applications, and in
some cases much lower. To date, however, such systems have not
been refined to reliably achieve sub-3 ppm NOx emission levels.

A more recent development has been the demonstration of cata-

lytic combustors in gas turbine engines which can achieve sub-3
ppm NOx emissions@2#. These combustors use a catalyst to sta-
bilize gas phase combustion at temperatures less than 1645 K
~2500°F!. However, precious metal catalyst life is greatly limited
at temperatures above 1310 K~1900°F!, and temperatures consid-
erably higher than 1365 K~2000°F! are required to realize accept-
able CO and HC emissions. Methods have been developed to
circumvent these problems, but they introduce additional com-
plexities and limitations that result in incompatibility with a num-
ber of existing gas turbine configurations unless extensive engine
modifications are performed.

Surface-stabilized combustion is a simple approach that extends
the operating range of lean premixed systems to achieve sub-3
ppm NOx emissions. The technology has advanced through proof-
of-concept testing in pressurized rigs and demonstration in a 1
MW test engine. Prototype injectors for the 5.5 MW Taurus 60
have been designed, built, and rig tested. The present work is
focused on addressing operational and design issues relevant to an
annular combustion liner configuration. Specifically, the ability to
ignite at pressure, operate with adjacent fired and unfired injec-
tors, and determine the optimal distance between injectors. Addi-
tional single injector tests were performed at higher inlet tempera-
ture and pressure to establish the feasibility of applying
nanoSTAR to higher pressure ratio engines. The successful results
from these tests support continued development of nanoSTAR
with full combustor testing and engine testing planned for the
coming year.

Technology
The particular style of surface-stabilized combustion inherent in

NanoSTAR injectors is best described as laminar blue-flame com-
bustion stabilized by significant velocity gradients above a porous
metal-fiber mat. The operation of this type of surface-stabilized

Contributed by the International Gas Turbine Institute~IGTI! of THE AMERICAN
SOCIETY OF MECHANICAL ENGINEERSfor publication in the ASME JOURNAL OF
ENGINEERING FOR GAS TURBINES AND POWER. Paper presented at the Interna-
tional Gas Turbine and Aeroengine Congress and Exhibition, Atlanta, GA, June
16–19, 2003, Paper No. 2003-GT-38489. Manuscript received by IGTI, October
2002, final revision, March 2003. Associate Editor: H. R. Simmons.
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combustion is characterized by the schematic to the left of Fig. 1,
which shows premixed fuel and air passing through the metal fiber
mat in two distinct zones.

In the porous-only zone true surface combustion~A! is realized.
Under lean conditions this will manifest as very short laminar
flamelets, but under rich conditions the surface combustion will
become a diffusion-dominated reaction stabilized just over a mil-
limeter above the metal matrix, which proceeds without visible
flame and heats the outer surface of the mat to incandescence.
This type of radiant surface combustion can be seen between the
laminar flamelets to the right of Fig. 1.

Portions of the metal fiber mat are perforated to allow higher
mass flux~B!. In these zones stretched laminar flames are estab-
lished that are anchored by the adjacent surface combustion. This
produces the distinctive flame pattern seen in the right-hand pic-
ture of Fig. 1. The specific perforation arrangement and pattern
control the size and shape of the laminar flamelets. The perforated
zones operate at flow velocities of up to ten times the laminar
flame speed producing a factor of 10 stretch of the flame surface
and resulting in large laminar flamelets. The alternating arrange-
ment of laminar blue flames and surface combustion allows high
firing rates to be achieved before flame lift-off occurs, with the
surface combustion stabilizing the long laminar flames by provid-
ing a pool of hot combustion radicals at the flame edges.

At atmospheric operation, nominal injector output would be
3.15 MW/m2 ~1.0 million Btu/h/ft2!, so an injector with a fired
area of 0.047 m2 ~0.5 ft2! would have a capacity of 146.5 kW

~500,000 Btu/h!. Assuming the firing rate of the injector increases
linearly with pressure, the surface firing rate~SFR! remains con-
stant as pressure increases. This results in a compact injector size
for a given capacity in high pressure systems. Therefore the 146.5
kW ~500,000 Btu/h! injector at 0.1 MPa~1 atm! becomes nomi-
nally a 1465 kW~5 million Btu/h! injector at 1 MPa~10 atm!. Put
another way, based on a gas turbine with a heat rate of 10,000
Btu/kW/h and a combustion pressure of 10 atm, only about one
square foot of injector surface area would be required for every
megawatt of gas turbine output.

NanoSTAR injectors are constructed of small metal fibers
which are compressed and sintered, resulting in an all-metal struc-
ture. This porous pad is perforated to produce a proprietary ar-
rangement of perforation zones. The perforated metal fiber pads
have a very low pressure drop but excellent flow uniformity. They
also display excellent durability in fired service. In an atmospheric
cycling test, a nanoSTAR metal fiber pad withstood over 15,000
ignition/cooling cycles over a 30 day period without a significant
loss in operability. Further material and oxidation studies are to be
conducted to estimate injector life which is expected to exceed
8000 h. Figure 2 depicts an injector in a gas turbine combustor
liner.

The laminar blue flame combustion zones created by the sur-
face stabilization contribute to lower NOx emissions in three
ways. The dominant mechanism is the expected benefit from us-
ing fully premixed fuel and oxidizer, resulting in a uniform tem-
perature across the reaction zone, and lean burning, resulting in
reaction temperatures below the 1920 K~3000°F! limit for ther-
mal NOx formation. The second is the much lower residence time
in the hot combustion zone. The peak temperatures are realized in
the combustion front formed by each laminar flamelet which, like
that of a Bunsen injector flame, is very thin. So the residence time
in the peak flame temperature zone for a nanoSTAR injector is a
fraction of that of a typical aerodynamically stabilized injector.
The third mechanism is a more rapid postflame cooling of each
blue-flame zone via the gas phase radiation mechanism. By
spreading the flame over a larger surface, the gas layer thickness
at any specific location on the injector is thin~relative to that of a
conventional injector! and can more rapidly transfer energy as a
result.

These mechanisms combine in a nanoSTAR injector to produce
lower NOx emissions than a typical lean premixed aerodynami-
cally stabilized injector. Figure 3 shows a comparison between
nanoSTAR injector emission results from a high-pressure rig test
and perfectly premixed aerodynamically stabilized emission re-

Fig. 1 Surface-stabilized combustion

Fig. 2 Surface-stabilized nanoSTAR injector
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sults from a 1990 paper by Leonard and Correa@3#. In both cases
the tests were conducted at 1.01 MPa~10 atm! and 535–590 K
~500–600°F! inlet temperatures.

In addition to lower emissions with a wide turndown window,
nanoSTAR injectors can be designed to fit within existing com-
bustor liners and fitted to existing fuel/air premixers without ex-
tensive modification to the combustion equipment or pressure
case. Furthermore, they require no extraordinary control schemes
or equipment beyond that which would be required for an aero-
dynamically stabilized lean-premixed injector.

Past Work
A previous ASME paper~IJPGC2002-26088! described the de-

velopment of nanoSTAR from the proof-of-concept stage to pro-
totype testing@4#. These tests were part of a development program
pursued after a relationship was established between ALZETA and
Solar Turbines. The initial target applications were Solar gas tur-
bines in the 5–7 MW range.

Initial proof-of-concept tests occurred at the National Energy
Technology Laboratory’s~NETL! Low Emission Combustion Test
and Research facility in Morgantown, West Virginia. These high-
pressure rig tests demonstrated operability and low emissions in a
simulated gas turbine environment. The surface-stabilized injector
was shown to operate stably over a pressure range of 0.18–1.24
MPa ~1.8–12.2 atm! at the nominal values of flame temperature
and mass flow, so the operating envelope of the injector was
shown to be large. NOx emissions, at the lowest flame tempera-
tures, were generally below 2 parts per million~corrected to 15%
O2) and at times below 1 ppm. The highest value recorded was
less than 3.5 ppm.

After the success of the testing at NETL, additional proof-of-
concept tests were conducted at Solar Turbines’ San Diego facili-
ties. The most significant of these was a demonstration on an
operating gas turbine engine, which demonstrated the ability of a

nanoSTAR injector to provide stable operation through the start
ramp and across the engine load range. An existing modified 1
MW Solar Saturn engine was used. The engine is outfitted with an
external side-mounted combustor that allowed for easy hardware
modification and instrumentation. The side-mounted design also
provides variable geometry in the form of butterfly valves to con-
trol the air flow split between the primary and dilution zones.

On the first day of testing, the surface-stabilized injector took
the engine through the start ramp to the point of starter drop-out,
the idle point where combustion provides enough energy to main-
tain air flow through the engine. By the second day of testing
stable operation up to 92% engine speed was achieved. Figure 4
shows the gas producer speed and NOx emissions from this test
run. No effort was made to optimize emissions performance as
operational characteristics of the technology were the focus of the
demonstration. However, NOx emissions were well below the
typical dry low NOx value of 25 ppm~15% O2). On the third and
final day of testing the start ramp was completely automated. The
engine was brought to idle speed entirely by the control system
except for manual adjustment of the air flow split. As control
algorithms were developed, several system shutdowns occurred,
and the nanoSTAR injector responded with reliable ignition and
performance through several start ramps. The engine was operated
to 95% speed before a high temperature limit upstream of the
turbine section~unrelated to the surface-stabilized injector! pre-
vented further increase.

The proof-of-concept tests confirmed that nanoSTAR technol-
ogy can operate under the conditions of pressure and temperature
found in a gas turbine engine, and can in fact provide the motive
power for an actual engine. The next phase was to design, test,
and demonstrate a prototype injector for Solar’s Taurus 60 engine.

First, the technology itself was refined based on the results of
the previous tests. A new generation of monolithic nanoSTAR
injectors were produced. This produced a simplified combustion
surface free of welds or other joints, and allowed the injectors to

Fig. 3 Surface-stabilized compared to aerodynamically stabilized emission results; both tests
conducted at 1.01 MPa „10 atm … pressure and 535–590 K „500–600°F… inlet temperatures
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be produced in a variety of shapes to interface with any particular
combustor liner. An example of the resulting injector head is
shown in Fig. 5 during an atmospheric test.

An extensive program of single-injector rig tests was conducted
at Solar’s high-pressure test rig facility. The prototypes were
tested under a variety of conditions, ranging from near atmo-
spheric all the way up to simulated full-load conditions. The in-
jector demonstrated stable operation at each of ten pressure, tem-
perature, and fuel flow combinations targeted. At a pressure and
air preheat designed to simulate a full-load operating condition
~1.24 MPa~12.2 atm!, 640 K ~690°F! inlet temperature!, the fuel
flow was reduced to near lean blowout in an effort to identify a
point of optimal emissions. In this range, several data points were
collected with NOx emissions less than 3 ppm and CO emissions
less than 25 ppm. A final data point was collected with NOx emis-
sions less than 2 ppm, but CO emissions had jumped to about 80
ppm. Figure 6 shows a plot of NOx and CO emissions versus AFT.

Present Work: Multiple Injector Tests
All previous testing of nanoSTAR injectors at Solar Turbines

had involved a single injector firing in conjunction with a cooled

liner wall. However, nearly all proposed engine configurations
would require numerous individual injectors to be placed inside
an annular combustor liner. This creates a situation where the fired
surface of one injector will be exposed to the fired surfaces of
other injectors just inches away. At this stage in the development
program, it was necessary to determine an optimal separation dis-
tance for two neighboring injectors in a Solar engine. Interactions
between a fired injector and a neighboring unfired injector would
also be investigated.

Testing was conducted with a set of identical and replicable
injectors. The tests involved a set of two injectors placed side by
side in a rectangular liner approximating a sector of the combustor
annulus of a Solar Taurus 60 engine~hence the term ‘‘sector rig’’
tests!. This two-injector configuration allowed investigation of all
relevant operating modes. One side of each injector was exposed
to the adjacent injector, while the other side faced a hot, insulated
wall.

The proximity testing made use of an existing sector rig at
Solar Turbines. This rig was initially designed and used to simul-
taneously test up to three DLN injectors inside a simulated sector
of a Taurus 60 combustor liner. The pressure vessel of the rig
underwent minor repairs and was pressure tested. The combustor
liner, Fig. 7, was completely rebuilt for the test. The top and
bottom of the liner were backside cooled while the ends were
lined with ceramic insulation board. This configuration creates a
thermal environment similar to that found in an engine. The liner
has a rectangular cross section, which adequately simulates the
large radius of curvature in the Taurus 60 engine. The rig and the
liner both feature accommodations for a direct-spark igniter.

The inlet ‘‘dome’’ of the liner was redesigned in order to mini-
mize air leakage into the primary zone at the injector/liner inter-
face. Injectors are flange mounted and can easily be replaced if
necessary. The dome also features a sliding mechanism that al-
lows for continuous variation of the injector separation distance.
This distance can be adjusted from 5 in. down to 3 in., with
approximately 3 in. being the target for most engine designs. The
interior of the dome is lined with ceramic insulation board.

Instrumentation and data collection in the sector rig were simi-
lar to that of previous single-injector rigs. Two quartz sight glasses
were installed to allow optical access to each injector via video
cameras connected to monitors in the control room. Emission

Fig. 4 Gas producer speed and NO x emissions from Saturn test run

Fig. 5 NanoSTAR injector during atmospheric testing
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probes drew samples from a number of discrete tubes arrayed
across the exit plane of the combustor liner. These samples were
combined and sent to the emissions train for continuous sampl-
ing of NOx , CO, HC, O2 , and CO2 concentrations. Thermo-
couples and hydrocarbon sample tubes installed on each injector
allowed accurate online calculation of the AFT for each injec-
tor. Pressure losses for the combustor as a whole and for each
injector individually were read with pressure transducers. Com-
bustor inlet and exit temperatures and liner temperatures were
measured. All data were continuously sampled and electronically
recorded throughout the test.

The first issue to be addressed during sector rig testing was that
of pressurized ignition. Many of the potential schemes for achiev-
ing engine turndown involve turning certain injectors, or zones of
those injectors, on and off at different points in the engine loading
cycle. A characterization of ignition of one unfired injector by an
adjacent fired injector is critical to the development of these con-
trol schemes. Ignition tests were conducted at a variety of inlet
pressures, inlet temperatures, and airflow rates that simulate full
and part load turbine speed conditions. In each case, one injector

was fired at a steady-state condition while the other injector re-
mained unlit with only air flowing through the surface. An appro-
priate amount of fuel was then supplied to the second injector, and
the resulting ignition event studied.

The second focus of the sector rig tests was steady-state testing
with two injectors firing simultaneously. Beginning at 5 in. sepa-
ration distance, the two injectors were tested through a range of
simulated engine operating conditions, including a Taurus 60 full-
load condition. Visual observations of both injectors were made
during testing in order to identify any potential surface nonunifor-
mities. Emissions data were gathered in an attempt to determine if
emissions are impacted by injector-to-injector interactions. Lean
blowout testing was also conducted to identify any effect on sta-
bility from the multi-injector configuration. As testing progressed
the injectors were moved closer together and portions of the tests
were duplicated. At a separation distance commensurate with the
Taurus 60 engine~approximately 3 in.!, a longer steady-state test
was conducted.

The final focus of investigation was steady-state tests with one
fired injector and one unfired injector. Single-injector testing has
indicated that the presence of cold airflow directed at or across the
injector surface can potentially lead to combustion instabilities
and poor emissions. In this configuration, which is integral to
many of the engine turndown schemes, the cold air flowing
through the surface of the unfired injector will likely have some
interaction with the combustion on the surface of the fired injec-
tor. This interaction was studied at each separation distance by
testing one injector through a matrix of simulated engine operat-
ing conditions while the other injector admitted airflow but re-
mained unfired.

Multiple Injector Results
Testing proceeded initially over six days, with the injectors be-

ing moved closer together on succeeding days~Fig. 8!. Day one
was a shakedown test with only one injector installed, while day 6
was a durability test performed at the last separation distance. At
each injector separation distance a full day of testing was con-
ducted during which firing with only one and with both injectors

Fig. 6 Emissions versus calculated adiabatic flame temperature

Fig. 7 Solid model of sector rig liner with two nanoSTAR in-
jectors installed
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was attempted, pressurized ignition behavior was evaluated, and
emissions data were collected. After each day of testing the injec-
tors were visually inspected.

Table 1 summarizes the pressures at which ignition of the sec-
ond injector was conducted while the first injector was fired. As
can be seen from the chart, most tests were conducted at low to

intermediate pressures. This is because pre-test cycle analyses in-
dicated that these pressures corresponded to engine operating con-
ditions where pressurized ignition would be necessary for success-
ful low emissions performance.

On days 3 and 4 the ignitions were smooth and repeatable. At
no point were there significant combustion dynamics or pressure
oscillations during these ignitions. On day 5, some of the pressur-
ized ignitions took place at high injector SFR~near 1.4!, resulting
in unusually high velocities through the surface. Under these con-
ditions there were some small measured pressure oscillations dur-
ing ignition, which disappeared once the second injector was fully
burning. At nominal to low SFRs there were no observable dy-
namics or oscillations, just as in the previous tests. Injector sepa-
ration distance did not appear to affect pressurized ignition behav-
ior.

On Day 2 extensive testing was performed with one injector
fired and one not. The presence of the unfired injector did not
appear to influence the stability of the fired injector. Turndown
and NOx emissions were similar to those observed in previous
single-injector tests. However, the presence of the second injector
did affect CO emissions. Figure 9 shows CO emissions from four
days of testing whenever the one-injector-fired configuration was
run. Emission levels were mostly in the 50–100 ppm range~cor-
rected to 15% O2) even at higher AFTs. Relatively cool air from
adjacent unfired injectors quenches CO oxidation that normally
occurs in the liner volume. Within the range tested, the injector
separation distance did not affect this tendency.

The final series of tests were with both injectors firing at all
simulated operating conditions and the three separation distances.
When fired in this configuration the observed steady-state interac-
tion between the two injectors was minimal. There was no inter-
action between the laminar flamelets established on the surface of
each injector, and the sections of the injectors facing each other
did not glow excessively from radiant heating. No excessive com-
bustion dynamics or pressure oscillations were observed.

Figures 10 and 11 show the NOx and CO emissions when both
injectors were fired at the three separation distances tested. NOx
emissions less than 3 ppm and CO emissions less than 25 ppm
were achievable. The CO emissions were higher than those ob-
served during single-injector testing. One potential explanation is

Fig. 8 Injector separations on successive days of testing

Fig. 9 CO emissions during one fired Õone unfired tests

Table 1 Pressurized ignition summary

Testing No. of ignitions Pressures~atm!

Day 3 5 1.3, 2.1, 3.6, 4.8, 6.5
Day 4 8 2.2, 3.1, 4.2, 5.9, 6.8, 7.9, 8.9, 10.0
Day 5 7 1.7, 2.2, 3.3, 3.4, 4.5, 6.9, 7.7
Day 6 2 7.4, 9.6
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that purge/cooling air from the two quartz viewports was observed
impinging on the surface of both injectors, to such an extent that
flames in those areas were deflected by the flow. This could have
driven higher CO emissions than those observed during single-
injector testing. Also note that the emissions performance is inde-
pendent of the injector separation distance.

The firing of two injectors in close proximity to each other
appears to have no adverse effect on the NOx emissions when
compared with single-injector tests. Figure 12 shows the mea-

sured NOx emissions from the 3 in. separation tests plotted with
the NOx emissions from a previous single-injector test with an-
other nanoSTAR injector.

Day 6 included an ‘‘endurance test’’ in which both injectors
were run for a full day. In total, over all days of testing, the total
fired run time on the first injector exceeded 40 h, while the total
run time on the second injector exceeded 20 h, including 22 pres-
surized starts. After the entire program of testing the two injectors

Fig. 10 NOx emissions for both injectors fired

Fig. 11 CO emissions for both injectors fired
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were examined and neither showed any signs of excessive aging
due to the proximity testing. Figure 13 shows before and after
pictures of the first injector.

Higher Pressure Operation
Previous tests at multiple facilities clearly established the vi-

ability of nanoSTAR surface-stabilized combustion technology at
pressures and volumetric heat release rates consistent with indus-
trial gas turbines with pressure ratios up to 12. Higher inlet tem-
peratures and pressure ratios are required to increase engine effi-
ciency and are encountered in higher output engines such as Solar

Turbines’ 13.5 MW Titan 130. This engine operates at a pressure
ratio of 16 as opposed to 12 for the Taurus 60. To assess the
feasibility of applying the technology to higher pressure ratio en-
gines, a prototype Taurus 60 nanoSTAR injector was rig tested
under simulated Titan 130 pressure and temperature conditions.

As in previous tests the injector was ignited at near-atmospheric
conditions and ramped through a series of pressure/temperature
combinations, however, this time the ramp was continued beyond
Taurus 60 full load conditions, ultimately reaching 1.68 MPa
~16.6 atm! and 670 K~750°F!. At these elevated pressure and inlet
temperature conditions, the injector displayed greatly enhanced

Fig. 12 Comparison of day 6 NO x data with data from a single injector test on Dec. 7, 2001

Fig. 13 Pictures of the first sector rig injector before testing „left … and after
testing
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stability over previous tests at 12 atm and below. A lean blowout
ramp was conducted and the injector was able to reach an AFT
below 1685 K~2575°F! prior to flameout. NOx emissions as low
as 1.1 ppm were recorded, though CO had climbed above 100
ppm at that point. More reasonable CO emissions of 29 ppm were
displayed at a flame temperature of 1710 K~2618°F! and corre-
sponding NOx emissions of 1.6 ppm. The crossover point where
NOx and CO emissions were equal was around 3 ppm and a flame
temperature around 1755°K~2700°F!. Figure 14 shows measured
emissions of CO and NOx at the nominal 1.6 MPa~16 atm! pres-
sure condition.

During these tests the nanoSTAR injector displayed stable, low-
emissions operation in the 1.20–1.68 MPa~12–16 atm! range and
throughout a broad range of surface firing rates and adiabatic
flame temperatures. After testing, the injector was inspected and
displayed no physical change, and indeed after 10 h of intensive
testing and multiple ignition starts the injector appeared virtually
the same as it did prior to testing. In addition, the lower emissions
and increased lean stability at the higher operating pressure indi-
cate that the nanoSTAR injector benefited in terms of stability
from the higher inlet temperature without paying the expected
emissions penalty. Although NOx emissions are higher with in-
creased preheat at any given flame temperature, this effect is more
than counteracted by the increase in lean stability. The net effect is
that lower overall NOx emissions are attainable at the increased
temperature and pressure conditions encountered in the Titan 130
engine.

Conclusion
The extensive tests conducted with two injectors in close prox-

imity demonstrated sustainable operation down to 3 in. of separa-
tion as required for application in the Taurus 60 without modifi-
cation of the combustion liner. NOx emissions when both injectors
are fired were unchanged from previous single-injector tests. Det-
rimental interaction between the two injectors when fired together
was not observed, and neither injector was damaged in any way

by proximity firing. Pressurized ignition was successful and was
repeated at several pressures with no observable combustion dy-
namics and little pressure fluctuations.

The one issue identified during the proximity testing was that
CO emissions appeared higher when one injector was fired while
the other was not. Two facts might mitigate this effect operation-
ally, however. One is that for the majority of the test points the
CO emissions in this configuration were between 50 and 100 ppm
~corrected 15% O2). Thus, a small increase in the combustor vol-
ume may reduce CO to the targeted level. The second is that all
cycle analyses conducted on both the Taurus 60 and Titan 130
cycle data indicate that situations involving unfired injectors only
arise below about 60% load. Therefore higher CO emissions due
to nonfiring some injectors would only be a part-load effect. CO
emissions lower than 25 ppm could be expected at higher engine
loads. This issue still requires further investigation.

Recent rig tests by ALZETA and Solar Turbines have clearly
demonstrated the viability of nanoSTAR surface-stabilized fuel
injectors under operating conditions of 1.68 MPa~16.6 atm! and
670 K ~750°F! inlet temperatures. Ultralow emissions of NOx ~,3
ppm! and CO~,10 ppm! were demonstrated at these higher pres-
sure and temperature conditions.

ALZETA and Solar Turbines are continuing with the next phase
of deploying nanoSTAR technology, which will be a multi-
injector full scale rig test in the first quarter of 2003. Engine
testing is scheduled to begin later that same year.
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Nomenclature

AFT 5 Adiabatic Flame Temperature; a value calculated
from the inlet temperature, pressure, fuel/air ratio,
and fuel composition.

Fig. 14 NOx and CO emissions at 116 MPa „16 atm … versus AFT

284 Õ Vol. 127, APRIL 2005 Transactions of the ASME

Downloaded 02 Jun 2010 to 171.66.16.98. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



SFR 5 Surface Firing Rate; injector firing rate per square
foot of injector fired surface area per atmosphere of
pressure. Closely tied to injector pressure drop and
firing rate.
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Measurement of Smoke Particle
Size and Distribution Within a Gas
Turbine Combustor
The objective of the work described in this paper was to identify a method of making
measurements of the smoke particle size distribution within the sector of a gas turbine
combustor, using a scanning mobility particle sizing (SMPS) analyzer. As well as gaining
a better understanding of the combustion process, the principal reasons for gathering
these data was so that they could be used as validation for computational fluid dynamic
and chemical kinetic models. Smoke mass and gaseous emission measurements were also
made simultaneously. A ‘‘water cooled,’’ gas sampling probe was utilized to perform the
measurements at realistic operating conditions within a generic gas turbine combustor
sector. Such measurements had not been previously performed and consequently initial
work was undertaken to gain confidence in the experimental configuration. During this
investigation, a limited amount of data were acquired from three axial planes within the
combustor. The total number of test points measured were 45. Plots of the data are
presented in two-dimensional contour format at specific axial locations in addition to
axial plots to show trends from the primary zone to the exit of the combustor. Contour
plots of smoke particle size show that regions of high smoke number concentration once
formed in zones close to the fuel injector persist in a similar spatial location further
downstream. Axial trends indicate that the average smoke particle size and number con-
centration diminishes as a function of distance from the fuel injector. From a technical
perspective, the analytical techniques used proved to be robust. As expected, making
measurements close to the fuel injector proved to be difficult. This was because the
quantity of smoke in the region was greater than 1000 mg/m3. It was found necessary to
dilute the sample prior to the determination of the particle number concentration using
SMPS. The issues associated with SMPS dilution are discussed.
@DOI: 10.1115/1.1839921#

Introduction
With respect to gas turbine engines, the radiation emitted by

smoke particles is detrimental to combustor and turbine blade life.
Smoke emissions also pose a threat to health and the environment.
Although some legislation currently exists for smoke emissions, it
is likely that more stringent pollution control will be forthcoming.

Currently the only reliable way of determining the smoke con-
centration is by using experimental test rigs. If, however, a reli-
able smoke model were to be evolved, then considerable cost
savings could be the net result as expensive rig testing could be
reduced or eliminated.

Experimental Configuration
Within this section the hardware configuration will be exam-

ined. In order to provide sufficient data for computational fluid
dynamic~CFD! model validation full gas analysis measurements
were made in addition to the smoke measurements presented.

High Pressure Test Rig Configuration. A section from a
fully annular aero, gas turbine combustor was used in this work.
The sector combustor encompassed an arc of approximately 70
deg and comprised four air-spray fuel injectors. Since the com-
bustor was not fully annular, water-cooled sidewalls were placed
at either side. The area within the combustor which encompassed
the two central fuel injectors has been shown to be representative

of a fully annular combustor@1,2#. The segments next to the wall
of the combustor are not representative because of wall quench-
ing, and recirculation effects. Measurements were therefore re-
stricted to the two central segments.

A test rig has been in use for some years at QinetiQ, Pyestock
in Hampshire U.K, which has the unique ability of being able to
extract gaseous samples from within the volume of a gas turbine
combustor. The test rig has the capability of supplying inlet air
temperatures up to 900 K, air mass flow rates up to 5 Kg/s and
pressures up to 10 bar. The arrangement of the facility is illus-
trated in Fig. 1. The main components of the rig are compressor,
heater, fuel system, exhaust system, sample probe with traversing
gear, and combustion chamber.

Combustion products were extracted from different axial planes
in the combustor using an intrusive gas sample probe as identified
in Fig. 2. Data presented within this paper were measured at
planes B, D, and F. Plane B is located at the exit of the primary
zone, with plane D downstream of the dilution ports and plane F
at the combustor exit. The total number of test points measured in
planes B, D, and F were 11, 19 and 17, respectively.

The gas sample was designed so that the gaseous sample is
conditioned to a temperature~423 K615! where no further chemi-
cal reactions are likely to occur and no condensation takes place.
A heated stainless steel sample line connected to the sample probe
was used to convey the sample from the combustor to the gas
analysis system. This sample acquisition system incorporates high
pressure back purge air, which could be maintained at a pressure
of about 1500 Pa, and was used to stop fuel flowing down the
sample line at light-up. The backpurge system was actuated by a
valve that allowed almost instantaneous changes between the
sample or backpurge air and was also used to maintain a clear
passage in the sample probe.
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The probe was intrusive, however it was designed to minimize
the interference with the local environment. The inlet orifice di-
ameter was 1.5 mm and the outside diameter of the sample probe
was 10 mm. Smaller diameters could not be used because the
physical strength of the sample probe would be insufficient and
distortion would result. The traverse mechanism used to drive the
probe had 4 deg of movement which were pitch, yaw, translation
and rotation. Each of the 4 deg of movement were measured using
individual potentiometers. Before rig testing, the position of the
sample probe was determined through calibration. The gaseous
samples entered the sample probe under rig pressure; excessive
sample was spilled close to the sample probe. Although the
sample flow was not perfectly isokinetic, perturbations in the
sample train were not significant.

Smoke Mass Instrumentation. The mass of smoke from the
primary to the exit zone of a gas turbine combustor has been
shown to vary by three orders of magnitude@3#. Due to this large

variation in smoke concentration, it was necessary that two differ-
ent analytical techniques were used. In the first, a standard filter
stain technique was employed, whereby a filter paper was used to
trap a quantity of smoke from a fixed volume of sample gas. A
reflectometer was then used to determine the concentration of
smoke present, the result of which was expressed as the SAE
smoke number@4#. This technique was generally used at the exit
of a gas turbine where the smoke concentrations were likely to be
low. The instrument used to make the measurements was a Rich-
ard Oliver smoke meter~Part number MK1 1023!.

When making measurements inside the combustor an optical
technique was used. A visible light SIGRIST nephalometer, which
works on the principle of deflecting the optical beam at an angle
of 15 deg was used@5#. It should be noted that although the
instrument is an optical device, the smoke sample is extracted
from within the combustor and fed to the analyzer. The calibrated
range of the SIGRIST was from 10 to 1000 mg/m3, although the

Fig. 1 Schematic representation of test rig

Fig. 2 Generic sector of combustor
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analyzer read up to 2000 mg/m3. The SIGRIST was initially cali-
brated against a known mass of smoke generated by a combustor
@6#. Subsequent checks on the optics were undertaken using re-
flective rods. Maximum errors associated with the optical tech-
nique have been found to be625%.

SMPS Instrumentation. In order to determine the number
concentration and size distribution of the smoke particulates, a
TSI, scanning mobility particle sizing~SMPS! analyzer was used.
The SMPS system measures the size distribution of aerosols in the
size range from 14 to about 800 nm using an electrical mobility
detection technique. The SMPS analyzer was connected to the
same dedicated smoke sample line which also incorporated the
SIGRIST and the SAE measuring instruments. A direct compari-
son between the different analytical techniques could then be
made. It was important when using the SMPS analyzer that the
sample was fed at a constant pressure. This was achieved by re-
ducing the sample pressure to near atmospheric. This reduction in
pressure must be achieved with minimal disruption to the flow in
order to reduce effects on smoke measurements and was achieved
using the configuration identified in Fig. 3.

The sample is expanded slowly into a large volume that is
vented to atmosphere downstream. A small percentage of the
sample flows into the SMPS instrument through a secondary
sample tube located in the center of the large volume. This ensures
that the pressure is reduced while maintaining sample fidelity.

The SMPS system measures the size distribution of particulates
using an electrical mobility technique. A radioactive Kr-85 source
is used to neutralize and charge incoming particulates. The
charged particles then enter a classifier where they are sequen-
tially separated by electrostatic repulsion.

After the sample has been ‘‘classified’’ by the SMPS, the
sample was drawn, by a pump, through a condensation particle
counter~CPC! to determine number concentration.

Sample Dilution. In order to make SMPS measurements
within the combustor; it was necessary to dilute the gaseous
sample before determination of the particle size and distribution.
There are several reasons why the sample must be diluted prior to
measurement. The main ones are related to water of combustion
concentration, particulate number concentration, and coagulation
of smoke particulates in the sample line.

Particulate number concentration is a concern when values ex-
ceed 1E7 particles/cm3 for any given size range. This instrument
is not able to measure such high values and defaults to a statistical
approach~photometric effect!. Dilution reduces the likelihood of
this occurring as the particle number counts are reduced.

Water of combustion only becomes a problem if the dewpoint
of the gaseous water is exceeded and particulates are lost in the
condensate. Heating the sample lines to 423 K ensures no conden-
sation takes place in the sample line. It was not, however, possible
to heat the lines within the SMPS analyzer, therefore the dew
point has to be adjusted by dilution so that none of the particulates
are lost due to condensation.

Coagulation of smoke particulates occurs when the individual
particles collide and stick to each other@7#. Upon initial coagula-
tion, more and more of the particulates collide, thus forming ever-
larger particulates. When initially formed, smoke particulates are
very small, these particulates upon coagulating diminish in num-
ber but increase in size. The effect of coagulation is shown in Fig.
4 which shows smoke particulates magnified 310,000 times. It can
be seen that when they coagulate they become larger and lose
their spherical shape. This image, although collected from an aero
engine, was not acquired from the combustor used in this work.
Diluting the sample reduces the proximity of the particulates to
each other thus increasing the mean free path before collision and
possible coagulation occurs.

The dilution air was generated using a compressor and then
filtered by using a two stage BOLSTEN filtering system. This
system removes particles down to a size of 0.01mm, as well as
water and oil. The total particulate number concentration for this
filtered air was measured using the SMPS and found to be be-
tween 20 and 50 particles/cm3. The need for filtering the dilution
air was shown by checking ambient air concentration values in the
test control room which were found to be between 3000–8000
particles/cm3. The dilution air line was heated to 42365 K for a
length of about 1 m prior to joining a Y piece. The Y piece al-
lowed the dilution air to merge with the gas sample as depicted in
Fig. 5. The reason that the air was heated was to offset any po-
tential effects upon the sample.

The gas analysis system was used to determine the dilution
ratio of the sample. The gas analysis facility consisted of a suite of
gas analyzers, which were used to determine the concentration of
pollutants. The analysers that were available are shown in Table 1.

It can be seen from Table 1 that the CO and CO2 analyzers

Fig. 3 Pressure regulation system

Fig. 4 Smoke particulates magnified 310,000 times
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covered a number of ranges to enhance the accuracy of the mea-
surements. With the cycles considered, the CO2 concentration be-
tween the combustor face and the exit of the combustor could
vary between 0.5% and 15%, hence the need for two analyzers.
The gas analysis system used conforms to the requirements of the
International Civil Aviation Organization, July 1993@8#.

Dilution was determined by taking a gas analysis measurement
before and after the dilution air was added to the sample. NO,
NOX , O2 , CO2 , total hydrocarbons and CO were measured at
each of the test points. The most stable chemical species, how-
ever, was CO2 , and this was used to determine the dilution ratio.
Two individual CO2 analyzers were used to measure the concen-
tration of the specific species, and the ranges of the two analyzers
were 0%–2% and 0%–15%.

The dilution ratio as determined by CO2 was checked against
values obtained using NOX (NO21NO) and the results obtained
were in good agreement. Although NOX could be used to deter-
mine the dilution ratio, NO and NO2 measured individually could
not. This is because of possible chemical reactions occurring in
the sample line prior to the measurement of the species. The maxi-
mum uncertainty associated with the dilution ratio was611% at
dilution ratios up to 35, while at a dilution ratio of 150 the uncer-
tainty was623%.

Line Losses. Work undertaken by Hurley@9# has shown that
smoke particulates are lost on the walls of the sample line as they
are transported to the smoke measuring equipment. Hurley de-
rived the following line loss equation~E1!. The equation takes
into account factors such as velocity, composition of sample line,
line diameter, and length:

n/n05exp~2~1.05E24V12.27E24!L/DV!, (E1)

where n/n05The ratio of smoke particles coming out of the
sample line~n! to those entering the line.

V5velocity ~m/s!
L5sample line length~m!
D5sample line internal diameter~m!
The calculated line loss found for the operating conditions used

in this work was found to be between 21% and 24%. All data
presented in this paper have been corrected for line loss.

Summary of Experimental Configuration. A number of
factors affect the accuracy of the SMPS measurements, some of
which are reduced through the use of dilution and conditioned
sample lines. The experiment has been configured to minimize all
of the associated errors, although it is not possible to determine an
overall systematic error, the smoke measurements performed will
be compared to more traditional techniques to gain confidence in
the data. Although it is desirable to maximize the dilution ratio,
the sensitivity of the gas analysis measurement system presented a
practical limitation. SMPS measurements had not been previously
performed within the combustor and as a consequence the mini-
mum required dilution was unknown at the commencement of the
testing and had to be derived experimentally.

Determination of Minimum Dilution Ratio

Dilution Effects With Respect to Probe Location. Smoke
and gas analysis measurements were made at a number of axial
planes within the combustor: B, D, and F as illustrated in Fig. 2.
Preliminary tests were undertaken to ascertain the effect of dilu-
tion upon the particulate number concentration in each of the axial
planes.

Figure 6 shows a plot of normalized particulate number con-
centration versus particulate size for an individual test point taken
within plane F. The diluted data have been multiplied by the di-
lution factor as determined from the gas analysis measurements.
The dilution value as determined from the CO2 measurements was
found to be 19. The mean particle size for the diluted sample was
found to be 50 nm while for the undiluted test point the value was
52 nm. The fact that the mean particle size does not significantly
change suggests that coagulation is not a problem in this axial
plane.

Figure 7 shows a diluted test point multiplied by the dilution
factor, and also the undiluted test point acquired at the same spa-
tial location in plane D. Gas analysis measurements at this test
point suggest that the dilution ratio was 19. The value for the
mean particle size of diluted sample was found to be 67 nm while

Fig. 5 Layout of the dilution system

Table 1 Analysers used

Type of analyzer Technique
Range

%

Carbon dioxide Infrared 0–15
Carbon dioxide Infrared 0–2
Carbon monoxide Infrared 0–0.05
Carbon monoxide Infrared 0–1
Carbon monoxide Infrared 0–15
Total HC Flame ionization 0–10
Hydrogen Chromatography 0–10
Oxygen Paramagnetic 0–30
Nitrogen oxides Chemiluminescense 0–0.1
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for the undiluted sample the value was 201 nm. Although it ap-
peared that there was little effect of dilution in plane F, it can be
seen that the effect in plane D is pronounced. This shift in par-
ticulate size shows that coagulation effects were significant. A
similar result, not reported here, was found in plane B although
the difference in particle size and dilution factors was more
pronounced.

The above plots show that for planes B and D dilution is nec-
essary, although for plane F it is less significant. The combination
of change in particle size and number concentration with the ad-
dition of dilution air suggests the effect of coagulation is the
dominant factor. Unsurprisingly the effects are more pronounced
the closer the sample is taken to the fuel injector and thus opti-
mum dilution ratio must be determined for each plane.

Effect of Increasing Dilution Air. It was important to estab-
lish the effect of varying the amount of dilution air in the sample.
This was necessary because it is likely that there is a minimum
amount of dilution air required to avoid coagulation of the sample
in the sample line. At a discrete sample point in plane D of the
combustor, the dilution ratio was varied and the results are shown
in Fig. 8.

Again, Fig. 8 shows the diluted data multiplied by the dilution
ratio ~in this case 23, 31, and 200! calculated from the gas analy-
sis. The mean particle sizes with respect to increasing dilution
ratio were 63, 61, and 67 nm respectively, while the undiluted
sample had a value of 129 nm. It can be seen that the geometric
mean particle size distribution does not change significantly when
dilution ratios of between 23 and 200 are used. This result shows
that for test running purposes, a dilution ratio of 23 in plane D of
the combustor will produce representative results, and this value
was used. It is, however, possible that if localized rich spots are
encountered then this dilution value may prove inadequate. In

plane F the geometric mean particle size does not significantly
alter when the sample is diluted, however minimum dilution ratios
of 14 were used to ensure that there was no dewing of the water in
the sample line.

In plane B a dilution test was undertaken but problems with
probe blockage were encountered. This was because it took a
minimum of 4 min to acquire the SMPS scan, plus the time re-
quired to determine the dilution ratio. It should be noted that
smoke concentration levels in this zone were sometimes greater
than 1000 mg/m3, hence probe blockages became more common.
Prior to installing the SMPS into the system, the time taken to
acquire test data was about 2 min and this generally resulted in
few problems with probe blockage. At the onset of a test it was
not possible to set the dilution air flow to a dilution ratio of, for
example, 23 and expect the value to remain constant from one test
location to the next. It was found that when moving the probe
from one spatial location to the next, the density and pressure of
the sample significantly changed and so the dilution ratio had to
be adjusted for each test point. This in itself was time consuming
and increased the probability of probe blockage.

Experimental Results
With confidence in the experimental configuration determined,

more detailed measurements were performed in Planes F, D, and
B. Both SMPS and smoke mass measurements were performed
and are compared. The total number of diluted sample points mea-
sured in planes F, D, and B were 17, 19, and 11 respectively.
The data presented have been corrected for both line losses and
dilution.

SMPS Measurements. Figure 9 shows a two-dimensional
contour plot of the total smoke number concentration~expressed
as particles/cm3! for plane F. The test points were about 10 mm
apart and formed a grid over the area shown. It can be seen from
this plot that the distribution across the axial plane is not sym-
metrical but biased towards the right hand side of the combustor.
The reason for this is that this location coincides approximately
with the position of one of the fuel injectors.

This region of high smoke number concentration can also be
seen in axial planes D and B as shown in Figs. 10 and 11, respec-
tively. This pattern shows that should a region of high smoke be
formed in the primary zone of the combustor, it generally persists
through to the exit plane.

Smoke Mass Measurements. The smoke mass as determined
by the SIGRIST optical smoke meter has been plotted for planes
D and B and are shown in Figs. 12 and 13, respectively. It should
be noted that all data points acquired for plane B have been in-
cluded in the plot. This is despite the fact that some are above the

Fig. 6 Diluted and undiluted Plane F

Fig. 7 Diluted and undiluted Plane D

Fig. 8 Varied dilution and undiluted Plane D
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calibrated range of the SIGRIST and are therefore extrapolated
concentration values. They have been included to show the trends
and not provide definitive quantitative values.

The trends observed in these two plots show reasonable quali-
tative agreement between particulate number concentration con-
tours measured using SMPS, Figs. 10 and 11, and mass concen-
tration profiles measured using SIGRIST.

In plane F of the combustor, it was not possible to measure the
smoke ~mass! concentration using the optical technique~SI-
GRIST!. This was because the observed values were too low to be
determined using this analytical method. The values determined
from the SAE technique are shown in Fig. 14 and the trends again
show a good agreement with particulate number concentration as
shown in Fig. 9.

Comparison Between SMPS and Smoke Mass Measure-
ments. The SMPS analyzer does not have the capability of mea-
suring the mass of smoke particulates. However, the software ac-
companying the instrument does calculate the volume of the
particulates from their size and number concentration. In order to
establish how the two techniques compare, plots of smoke mass as
determined by SIGRIST versus volume as determined by SMPS
are illustrated. As well as providing a means of comparison be-

tween the two techniques, the gradient of the best fit line allows
the determination of the density. Figure 15 shows the measure-
ments for plane B while Fig. 16 shows the measurements for
plane D. Smoke mass concentration values greater than 1000
mg/m3 have been omitted from the plot~plane B only! as they
were outside the calibration range of the instrument. With respect
to plane F, the SAE values were converted to a mass concentration
by an empirical correlation which was determined at QinetiQ@3#.
It was necessary to measure the smoke in this plane using the filter
stain technique because the smoke concentration was so low that
the SIGRIST could not be used. The problem with this compari-
son, however, is that the SAE measured values were very low and
the error associated with the analytical technique is63 SAE units.
With the exception of one test point which was SAE 9 the rest of
the values were all less than 4, therefore the errors are large.

It can be seen that the agreement between the two techniques is
reasonably good in plane B. The agreement between the data in
plane D shows good agreement along part of the data set. It can be
seen that there is one point with a mass of 5.6E-8 which shows
massive deviation from the rest of the data. Statistically; it would
have been justifiable to eliminate this point, however there are
reasons to suppose it may be correct. It has therefore been left in

Fig. 9 Particulate number concentration Plane F

Fig. 10 Particulate number concentration Plane D
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Fig. 11 Particulate number concentration Plane B

Fig. 12 Smoke mass mg Õm3 Plane D

Fig. 13 Smoke mass mg Õm3 Plane B
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the data set. The main justification for leaving it in is related to the
nonspherical nature of the particulates~Fig. 4!. The volume as
calculated from the SMPS software is reliant upon the pareticu-
lates being spherical for accurate determination. It is a possibility
that at this particular point a larger particle of carbon was shed
from the combustor. It is also a possibility that the residence time
through the combustor was also variable, thus producing particu-
lates with varying degrees of roundness.

The gradient of the plot~mass/volume! gives an average value
for particulate density. The plots shown in Figs. 15 and 16 have
best lines fitted alone with error lines corresponding to620%
which are the known errors with respect to the SMPS. The aver-
age density calculated for plane B was 2520 kg/m3 6505 while

the value calculated for plane D was 2079 kg/m3 6405. It is
recognized by the authors that the best-fit line suggested in Fig. 16
is subjective.

In plane F of the combustor two separate best fit lines were
used to determine an average value for density, as shown in Fig.
17. The two lines span the data set, which has a wider spread and
less agreement than for planes B and D. The reason for the large
degree of spread in part can be attributed to the large error asso-
ciated with the SAE measurements at these low concentrations.
Other factors such as the nonspherical nature of the particulates
may also contribute. This manifests itself in an incorrect volume
measurement as calculated from the number and size of the par-
ticulates. The density values calculated from plane F for the two
separate lines were 68 and 480 kg/m3; these values are, however,
subject to an error of about1100%. The range of the values could
therefore be between 132 and 960 kg/m3.

Although errors are high when examining smoke particle den-
sity in this way, a trend of changing density is readily apparent
~see Fig. 17!. The density decreases from Plane B to Plane F
~combustor exit! with values ranging from 3025 to 132 kg/m3.
Unpublished work undertaken at QinetiQ suggests a mean value
of about 1500 kg/m3, while Sunderland and Faeth@10# suggest a
value of 1850 kg/m3. The values obtained are therefore seen as
reasonable.

Axial Trends. Although the number of data points measured
is not large enough to obtain definitive mass weighted average
values, some conclusions may be drawn from the arithmetic mean
values.

Fig. 14 SAE Plane F

Fig. 15 Comparison between SMPS and Sigrist Plane V

Fig. 16 Comparison between SMPS and Sigrist Plane D Fig. 17 Comparison between SMPS and SAE Plane F
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Figure 18 shows arithmetic averages of mean particle size,
smoke mass, and number concentration against axial location. Ex-
pressed as mass of smoke in mg/m3, the average values for planes
F, D, and B were 0.3, 44, and 958. It can be seen from these
values that there are three orders of magnitude change from the
primary zone to the exit of the combustor. The corresponding
average smoke number concentration for these respective planes
is 1.08E6, 3.08E7, and 4.4E7 while the average mean particle size
for planes F, D, and B was found to be 60, 68, and 200 nm,
respectively.

It can be seen that the smoke number concentration and mass
are at a maximum value in plane B and then diminish as a func-
tion of distance. It can also be seen that the geometric mean par-
ticle size diminishes as a function of distance.

Conclusions and Recommendations
The SMPS analyzer has been used to determine the smoke

number concentration and distribution at discrete test points at
three axial planes of a generic annular combustor.

In axial planes F and D the minimum dilution ratio was deter-
mined which removed coagulation and water vapor effects and
minimized dilution measurement uncertainties. It was not possible
to determine a minimum dilution ratio in plane B of the combus-
tor because of probe blockage. The maximum uncertainty in the
measurements was associated with measurements in plane F
where the smoke mass values were very low.

From SMPS and smoke mass measurements density values
were calculated for each of the axial planes. The values found for
planes B, D, and F, respectively, were 25206505, 20796405
kg/m3, and between 68168, and 4801480 kg/m3. It was shown
that the density of the smoke particulate decreases as a function of
distance from the fuel injector.

Arithmetic averages for each plane show a three order of mag-
nitude decrease in smoke mass from the primary zone exit to the
combustor exit. Smoke number concentrations decrease from
4.4E7 to 1.08E6 with a particle size decrease from 200 to 60 nm.
Although the limited data set has highlighted bulk changes in soot
parameters, further measurements are required in order to provide
a robust data set for soot model development and validation. Fur-
ther work is necessary in the determination of optimum dilution
ratios. In order to determine the optimum value for plane B, modi-
fications will have to be made to the sample probe to allow a
greater amount of sample flow.
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Nomenclature

CO 5 carbon monoxide~ppm!
CO2 5 carbon dioxide~%!
HC 5 unburnt hydrocarbons~ppm!
NO 5 nitrogen monoxide~ppm!

NOX 5 oxides of nitrogen~ppm!
O2 5 oxygen~%!

SMPS 5 scanning mobility particle sizer
CFD 5 computational fluid dynamics
SCR 5 sector combustion rig
CPC 5 condensation particle counter
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Experimental Investigation of the
Interaction of Unsteady Flow With
Combustion
In order to reduce the dimensions of the combustor, swirl stabilized flames are used in
heavy duty gas turbines. In our recent investigation of the swirling flow at a single heavy
duty gas turbine burner under nonreacting conditions typical instabilities like precessing
vortex cores and vortex shedding have been found (Schildmacher et al., Proceedings of
the 6th European Conference on Industrial Furnaces and Boilers). In the present paper
the experimental investigations will be discussed. Combustion instabilities have been
analyzed by phase-locked laser doppler anemometer measurements. For the reacting flow,
also combustion instabilities could be detected. The amplitude increases strongly with the
equivalence ratio. The frequency of the oscillations for reacting conditions has been found
to be slightly shifted towards lower frequencies compared to those of the corresponding
nonreacting flow. In addition, for the reacting flow a linear and nonlinear range of
oscillations could be discriminated.@DOI: 10.1115/1.1789512#

Introduction
Strong limitations of NOx emissions imposed by legislation

forced the gas turbine industry in recent years to adopt premixed
lean combustors which lead to a significant decrease of emissions
@1#. However, premixing burners of present gas turbines exceed
the emission level of an ideal premixed flame by a factor of about
2 which is mainly to be attributed to nonperfect air-fuel mixing.
As pointed out by Kraemer et al.@2#, spatial mixing is quite per-
fect in most cases, but temporal fluctuations degrade the mixing
quality. These temporal fluctuations of the mixing can be caused
by vortex shedding or Kelvin-Helmholtz instabilities@3#.

Although precessing vortex cores and vortex shedding have
been investigated in a lot of publications of nonreacting swirling
flows @4# not very much is known about the impact of these flow
instabilities on combustion@5#. In order to analyze instability
mechanisms of the reacting flow in detail, a spatially and time-
and phase-resolved flow field analysis using LDA has been per-
formed. The oscillating reacting flow was analyzed at different
sound levels. The LDA investigations were supported by pressure
fluctuation measurements which where also used to synchronize
the laser doppler anemometer. In the paper, first the transparent
test rig will be described and a short outline of the measurement
technique will be given. In the main part, the cold flow instabili-
ties will be reviewed briefly and then the instabilities of the react-
ing flow will be discussed.

Burner
In this study, a single test burner of industrial size was investi-

gated within an atmospheric test rig~Fig. 1!. It is fired by natural
gas. The burner~Fig. 2! is operated in a combustor casing which
provides excellent optical access for velocity measurements by
LDA. The combustion chamber has a square cross section with a
truncated pyramid shape at the exit.

The burner air passage consists of two concentric annular swirl-
ers. The inner axial swirler has nozzles for pilot and nonpremixed
gas. At the outer diagonal swirler, the gas is injected through holes
in the swirler blades in order to enhance premixing with the air.

Burner Operation Conditions
The burner can be operated either in nonpremixed or premixed

mode @6#. In case of nonpremixed operation, the natural gas is
injected solely through the nonpremixing nozzles. In premixed
mode, the premixing gas nozzles and to a minor extent the pilot
nozzles are used. In both modes, the air is fed through the axial as
well as through the diagonal swirler passages with the same flow
split.

In the gas turbine at nominal operation conditions, the burner is
operated in premixed mode with pilot gas injection for better
flame stabilization. Under test rig conditions, the pilot gas injec-
tion is not necessary for stable combustion. In order to prevent
any disturbance of the premixed flame by the pilot burner, no pilot
gas was used. In this study, the investigations have been per-
formed in premixed mode with a constant air volume flow at
atmospheric pressure. The air was pre-heated to 673 K. The Rey-
nolds number at the burner mouth was 105 and the thermal power
varied between 420 kW~f50.5! and 810 kW~f50.83!.

Experimental Techniques
The velocity field was investigated by a two-dimensional~2D!

laser doppler anemometer~LDA ! ~Fig. 3! in back-scattering
mode. The axial and tangential velocities have been recorded in
the x-r plane~Fig. 2!. The air stream was seeded by Al2O3 par-
ticles of an average diameter of 1mm. The data rate was 4–20
kHz in the main flow and the validation rate was 60–90% for a
duration of 20 s per measurement position. Close to the center
where the recirculation zone of the flame is located, the data rate
dropped sometimes to less than 1 kHz.

In addition, the LDA investigations were accompanied by pres-
sure fluctuation measurements. Due to the high temperatures in
the combustion chamber, the quartz pressure sensor was imple-
mented into the air plenum of the burner where the air tempera-
ture is 673 K. The pressure signal was conditioned by a bandpass
filter of 62.5 Hz half width around the pronounced peak fre-
quency at 254 Hz. This filter signal was also used to synchronize
the burst spectrum analyzers of the LDA~Fig. 3!. In contrast to
the nonoscillating flow, the LDA-particle distribution over time is
not uniform. The instantaneous records exhibit a much higher par-
ticle rate at moments of high velocities@7#. Thus velocity biasing
had to be taken into account when determining the time-averaged
velocities of the oscillating flow@8,9#.
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Review of Cold Flow Instabilities
Investigations of the nonreacting flow@10# reveal a pronounced

frequency of the instabilities which is proportional to the air flow
~constant Strouhal number! ~Fig. 4!. This phenomenon was attrib-
uted to vortex shedding at the burner mouth. An accompanying
large eddy simulation of the nonreacting flow@11# revealed that
there is a precessing vortex core which triggers vortex shedding in
the shear flow region at the burner mouth. In addition, investiga-
tions of the fuel concentration for nonreacting conditions showed
that alternating pattern of rich and lean fuel concentrations is gen-
erated by vortex shedding~Fig. 5!, through the time-averaged fuel
concentration is axis symmetrical and much more homogeneous
@10#. For comparison, the corresponding operation point of the
reacting flow is indicated in Fig. 4. The reacting flow was inves-
tigated at constant air flow.

Reacting Flow Analysis

Combustion Stability. As indicated previously, under react-
ing flow conditions the air flow was kept constant and the equiva-
lence ratio was varied by modifying the fuel flow.

The pressure fluctuations of the combustion oscillations were
found to strongly increase with the equivalence ratio~Fig. 6!. At
f50.66 first oscillations could be detected by the pressure trans-

ducer. The pressure amplitude at the peak frequency was just
twice as high as the turbulent combustion noise at nominal oper-
ating conditions without oscillations~f50.5!.

Audible oscillations started at an equivalence ratio greater than
0.71 with a pressure amplitude of the pronounced frequency peak
that is five times higher than the turbulent combustion noise. In

Fig. 1 Sketch of the test rig

Fig. 2 Sketch of the burner

Fig. 3 Experimental setup for the LDA investigations

Fig. 4 Frequency of instability
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the transition region atf'0.75, the sound level was not constant
over time but fluctuated between quiet and loud. Atf.0.77, the
oscillations became loud with a pressure amplitude that was more
than 50 times higher compared to the turbulent combustion noise
at nominal operation. The pressure fluctuation amplitudes of the
quiet oscillations are 3.2% of the amplitude of the loud oscilla-
tions. This observation indicates that for the present burner the
amplitudes steadily grow with increasing equivalence ratio in con-
trast to a sudden excitation which can observed in other combus-
tion systems.

Self-Excited Combustion Instabilities at High Oscillation
Sound Level. Subsequently, the flow fields, as recorded by
LDA, will be compared. Nonoscillating flow conditions at
f50.66 and the oscillating flow condition exhibiting weak~f
50.71! and strong pressure fluctuations~f50.83! will be consid-
ered.

Figure 7 shows the time-averaged axial velocity field at high
oscillation level~f50.83!. The flame is stabilized in regions of
high velocity gradients and therefore is very sensitive to instabili-
ties like vortex shedding which are possibly triggering combustion
oscillations. The signal of the pressure sensor which is located
inside the air plenum~Fig. 3!, was used as reference signal for
phase angle matching. All plots of the velocity measurements are
referenced to the phase angle of the pressure fluctuations at the air
plenum~Fig. 8!. From the phase-locked LDA data records, mean
fluctuations have been derived by averaging over 5000 periods.
These averaged data revealed different phase shifts and wave
forms depending on the location. At the reaction zone (x/D
50.63,r /D50.56), the highest fluctuations of the axial as well as
the tangential component were detected~Fig. 7!. The averaged
phase-locked RMS values were nearly constant over the phase
angle. At a position radially further outward (x/D50.63, r /D
50.75) the highest mean axial velocities are present. There, theaxial as well as tangential velocity fluctuations revealed the first

harmonic frequency which must be attributed to nonlinear effects.
This phenomena was only detected at equivalence ratios greater
than 0.75. In the recirculation zone atx/D50.63, r /D50.19
strong oscillations of the tangential velocity were detected which
may be caused by mushroom shaped ring vortices.

The swirl has a major impact on flame stabilization. In Fig. 9
the local velocity ratiov/u is plotted over the phase angle for
different positions and an equivalence ratio of 0.83. Regions
which may trigger combustion instability are characterized by
strong fluctuations. The fluctuations of the velocity ratio have

Fig. 5 Instantaneous fuel concentration for premixed opera-
tion „nonreacting flow …

Fig. 6 Pressure amplitude and oscillation frequency for differ-
ent equivalence ratios

Fig. 7 Normalized axial velocity field and normalized local
phase-locked velocity fluctuations at high oscillation sound
level „fÄ0.83…

Fig. 8 Pressure amplitude at the air plenum
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been analyzed on basis of the LDA data. The data reveal, the
strongest fluctuation of 0.1<v/u<0.8 are found in the reaction
zone (x/D50.63, r /D50.56). Because of the periodicity of the
signal, the fluctuations must be attributed to coherent structures.
The plot also indicates that for a short time at around 150 deg
phase angle, swirl stabilization of the flame is interrupted which
may cause to strong strain rates in the reaction zone and local
flame quenching. Outside the recirculation zone only minor fluc-
tuations of the velocity ratio were recorded.

Self-Excited Combustion Instabilities at Low Oscillation
Sound Level. For an equivalence ratio off50.71 barely au-
dible oscillations have been detected. The amplitude of the pres-
sure oscillations was more than thirty times smaller compared to
strong oscillations but five times higher than the turbulent com-
bustion noise~Fig. 6!. Figure 10 shows the flow field and the
phase-locked velocity fluctuations at different positions. Every-
where inside the combustion chamber the frequency of the veloc-
ity fluctuations was identical to that of the pressure oscillations.
Higher harmonic frequencies amplitude compared to operation at
high oscillation level, the velocity fluctuations were reduced only
by a factor of 4.

The velocity ratiov/u only varied between 0.35 and 0.5~Fig.
11!, and due to the reduced strain rate the flame was more stable.

Fluctuations Close to the Onset of Combustion Oscilla-
tion. As stated previously, the first onset of combustion oscilla-
tions was detected at an equivalence ratio of 0.66. The time-
averaged velocity field atf50.66 was quite similar to that of the
weakly oscillating flow atf50.71.

Due to the small amplitude of the pressure oscillations that was
just twice as high as the turbulent combustion noise, it was not
possible to generate a useful trigger signal for synchronization of
the burst spectrum analyzers. Therefore subsequently frequency
spectra will be used for the analysis. For extracting the spectral
data, the resampling method was adopted@12,13#.

The frequency spectra of the local axial and tangential veloci-
ties are shown in Fig. 12. Generally, a pronounced frequency peak
was not found for the stable operating conditions. Very small sinu-
soidal velocity fluctuations at about 254 Hz could only be detected
in the axial component at regions of high velocities (x/D50.37,
r /D50.56). Comparing the spectra obtained for the reacting case
~Fig. 12! to those of the corresponding nonreacting flow case, the
coherent flow structures which are present in the nonreacting flow
and which cause the pronounced frequency peak at 263 Hz are not
reproduced under reacting flow conditions.

Moreover, even in the flow field upstream of the reaction zone
~e.g.,x/D50.37,r /D50.56) no fluctuations are present. This em-
phasizes the strong impact of the heat release on the generation of
coherent flow structures. This observation is also confirmed by
Fig. 13. The frequency and the corresponding Strouhal number

Fig. 9 Phase-locked velocity ratio v Õu at high pressure fluc-
tuations

Fig. 10 Normalized axial velocity field and normalized local
phase-locked velocity fluctuations at low oscillation sound
level „fÄ0.71…

Fig. 11 Phase-locked velocity ratio v Õu at low pressure fluc-
tuations
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St5 f StD/c` of the oscillations are plotted for nonreacting and
reacting conditions over the normalized volume flow. For the non-
reacting flow, the frequency increases linearly to volume flow re-
sulting in a constant Strouhal number. Such an observation may
be attributed to vortex shedding@3,10#. For reacting flow condi-
tions, however, the frequency only slightly changes with normal-
ized flow and the Strouhal number decreases. This leads to the

conclusion that for self-excited reacting conditions, the resonant
frequencies are linked to the acoustic eigenfrequencies of the
combustion system which do not depend much on the burner air
flow.

Conclusion
In order to study the impact of flow instabilities such as pre-

cessing vortex cores and vortex shedding on combustion, the un-
steady reacting flow has been investigated by phase-locked LDA
measurements. The velocity fluctuations of the reacting flow at
different equivalence ratios~f50.66; f50.71; f50.83! have
been recorded and compared to those of the nonreacting flow.

At an equivalence ratio of 0.66 no audible pressure fluctuations
could be detected and in the spectrum of the velocity fluctuations
no pronounced peak was found. For the same flow conditions, but
for the nonreacting flow, a predominant frequency peak was found
which could be attributed to coherent flow structures. Comparing
the spectra of the velocity fluctuations of nonreacting to those of
reacting flow, the pronounced frequency peak previously found
under nonreacting conditions was not present under reacting con-
ditions. This observation indicates that the heat release has such a
strong impact on the onset of coherent structures in flow.

At equivalence ratios lower than 0.66, a pronounced frequency
peak could not be detected either by the LDA~Fig. 14! or by the
quartz pressure sensor. For nonaudible oscillation atf50.66 only
axial oscillation modes were identified, indicating that the onset of
combustion oscillation is mainly triggered by axial-acting fluctua-
tions. A Strouhal number about 0.25 could be associated with the
presence of these vortex rings@14#.

Increasing the equivalence ratio to 0.71, weak oscillations were
found. The amplitude of the oscillations increased steadily~not
suddenly! when increasing the equivalence ratio. The frequencies
of these weak oscillations correspond to the acoustic eigenfre-
quencies of the combustion system and do not change with air
flow. The velocity oscillations are of sinusoidal shape and of the
same frequency as the pressure oscillation. This indicates that the
instability can still be described by linear acoustics. The velocity
ratio v/u showed small fluctuations that did not compromise
stable combustion.

In the transient region~f50.75! the sound level alternated be-
tween quiet and loud. A small increase of the equivalence ratio to
f.0.75 led to very strong pressure oscillations but only to a small
increase of the velocity fluctuations. The flow began to oscillate
strongly and higher harmonic frequencies could be detected in the
velocity fluctuations. The velocity oscillations are so strong that
additional coherent structures such as ring vortices are generated
which may be the reason for the first harmonic frequency found in
the main flow region. In this region clearly a nonlinear acoustic
mechanism is present. Strong fluctuations of the velocity ratiov/u
between 0.1 and 0.8 were detected, and thus the swirled stabiliza-

Fig. 12 Normalized axial velocity field and power spectra with-
out oscillations „fÄ0.66…

Fig. 13 Frequency of instability and Strouhal number

Fig. 14 Power spectra of velocities without oscillations at
fÄ0.5
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tion of the flame was disturbed periodically for a short time. This
mechanism seems to have a major impact on the combustion sta-
bility.
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Nomenclature

A 5 amplitude, magnitude
BSA 5 burst spectrum analyzer

c 5 velocity
c` 5 axial velocity at the burner exit
D 5 burner outlet diameter
f 5 frequency

f St 5 Strouhal frequency
p 5 pressure

PM1,
PM2 5 photomultiplier

r 5 radial direction
RMS 5 root-mean-square value

St 5 Strouhal number
u 5 axial velocity
V̇ 5 volume flow
v 5 tangential velocity
x 5 axial direction
y 5 normal direction
f 5 equivalence ratio

Subscripts

0 5 nominal operation, design point
max 5 maximum

Superscripts

¯ 5 time-averaged component
˜ 5 periodical component

) 5 turbulent component
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Forced Low-Frequency Spray
Characteristics of a Generic
Airblast Swirl Diffusion Burner
The low-frequency response of the spray from a generic airblast diffusion burner with a
design typical of an engine system has been investigated as part of an experimental study
to describe the combustion oscillations of aeroengine combustors called rumble. The
atomization process was separated from the complex instability mechanism of rumble by
using sinusoidal forcing of the air mass flow rate without combustion. Pressure drop
across the burner and the velocity on the burner exit were found to follow the steady
Bernoulli equation. Phase-locked particle image velocimetry measurements of the forced
velocity field of the burner show quasisteady behavior of the air flow field. The phase-
locked spray characteristics were measured for different fuel flow rates. Here again quasi-
steady behavior of the atomization process was observed. With combustion, the phase-
locked Mie-scattering intensity of the spray cone was found to follow the spray behavior
measured in the noncombusting tests. These findings lead to the conclusion that the
unsteady droplet Sauter mean diameter mean and amplitude of the airblast atomizer can
be calculated using the steady-state atomization correlations with the unsteady burner air
velocity. @DOI: 10.1115/1.1789515#

Introduction
The demand for significant reductions of pollutant emissions

like NOx and smoke from gas turbine aeroengines has motivated
continuous improvement of the combustion processes within the
constraints of the engine operation. New concepts of fuel atomi-
zation, pre-vaporization, and staged injection have been devel-
oped or are currently being tested for their operability. However,
with the improvements gained, thermoacoustic combustion insta-
bilities known and feared for their destructive potential in station-
ary gas turbines have also become more prominent in aeroengines.
During recent years intense scientific efforts were undertaken to
understand and specify the underlying driving mechanisms~e.g.,
Refs. @1–3#!. A particular combustion instability of aeroengine
combustors is related to the fuel spray atomizers used. It exhibits
a low-frequency oscillation between 50 and 150 Hz at idle and
subidle conditions, commonly called ‘‘rumble.’’ In engine design
practice, certain atomizers or combinations of fuel injector and
combustor have become known as being particularly rumble
prone, yet a standard procedure to predict and to prevent a given
designs susceptibility to this kind of instability has still to be
formulated @4#. Work in this area was performed by Zhu et al.
who formulated a computational fluid dynamics~CFD! model to
numerically simulate the response of a two-dimensional~2D!
model combustor to forcing of the fuel and air streams@5# as well
as the onset of self-excited oscillation@6#. In this paper we pro-
vide the experimental results which clarify one of the key mecha-
nisms of the rumble instability, i.e., the fuel atomization. A ge-
neric airblast atomizer with a design typical for current systems
has been incorporated into a thermoacoustic combustor test rig
simulating rumble conditions. To isolate the effect of acoustic
oscillation upon the atomization, the forced response of the atom-
izer has been investigated under noncombustion conditions.
Phase-locked measurements of the pressure velocity coupling at
the burner, the combustor velocity field, as well as the associated

spray diameter spectra were taken to provide a clear picture of the
unsteady atomization process. The conclusions were verified us-
ing Mie scattering of the spray cone in the combusting environ-
ment. For all measurements, a periodically forced air flow in the
frequency range 50–150 Hz was provided at different mean air
mass flows~AMFs! and fuel mass flows~FMFs!, covering the
typical range of rumble.

Experimental Setup
In this section, the experimental setup, the measurement tech-

niques and the error estimates pertaining to the data presented in
the results section are being presented. Also, the operational pa-
rameters of the experiments are given.

Test Facility. The single sector test rig, in which the measure-
ments were conducted under atmospheric pressure conditions, is
sketched in Fig. 1. Harmonic forcing on the electrically pre-heated
air flow is created by a siren. The siren works on the principle of
a rotating disc in an axial flow. The rotor has rectangular orifices
passing double sine shaped apertures on the stator plate. Practice
has shown that a sinusoidal excitation is well achieved if the air
leakages around the rotor are kept small. The siren is driven by a
1.1-kW induction motor. The rotation speed is controlled by a
frequency converter, producing excitation frequencies up to 850
Hz. In order to adjust the excitation amplitudes, the siren unit has
a bypass valve, which allows the alteration of the air mass flow
ratio between the siren and the bypass passage.

A supply tube connects the siren to the combustion chamber.
The supply tube has a circular cross section with 124-mm inner
diameter, and its length is adjustable from 850 to 1450 mm. In this
way tube resonance effects may be used or avoided to further
control the forcing amplitude. For the measurements presented
here the maximum supply tube length was used. The acoustics of
the supply were shown to be 1D using the ten equally spaced
microphone ports in the far field of the siren. The supply tube and
the combustion chamber are connected with an adapter piece ac-
commodating the injector/burner investigated. A thermocouple
gives the air temperature at the injector inlet. The mean and os-
cillating pressure drop over the injector are determined by corre-
sponding pairs of pressure taps and microphone ports close to the
burner inlet and outlet planes.
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The combustion chamber has a square cross section, and mea-
sures 903903300 mm. Exchangeable side plates allow a flexible
adaptation to the requirements of the measurement techniques ap-
plied. The primary combustion zone is optically accessible by
exchangeable quartz windows. A hot-wire probe can be mounted 3
mm downstream of the burner outlet for the determination of the
acoustic velocities. Ignition is achieved using a spark plug. For the
combustion chamber, an acoustic open end condition can be as-
sumed, since the exhaust tube measures 500 mm in diameter and
does not contain a silencer.

The generic airblast diffusion injector/combustor system inves-
tigated is of the rich-quench-lean type, such that holes for second-
ary air injection were provided in the top and bottom plates of the
combustion chamber, meeting the aerodynamic and stoichiometric
operating conditions. The hole pattern and location was derived
from the real~annular! liner geometry. The hole diameters were
determined from the original air distribution on the basis of CFD.
The air flow through these holes is diverted from the main flow
upstream of the siren valve and is controlled by a flow restrictor
valve with a corresponding measurement orifice. Dilution, film
and liner cooling in the downstream part of the combustion cham-
ber were omitted since they do not contribute to the formation of
the primary zone aimed at in the current investigation.

Measurement Techniques and Data Analysis. A major re-
quirement in the current experiments is to capture phase locked
data. For this the siren shaft provides a reference signal, such that
the exact forcing frequency and the phase angle of all measure-
ments relative to the forcing can be determined. For the time-
resolved measurement of the acoustic velocity, a 5-mm constant
temperature anemometer~CTA! hot-wire probe has been used. It
was located 3 mm downstream of the injector exit in the horizon-
tal centerplane of the combustion chamber. The position of the
probe was chosen such that the maximum velocity and at the same
time a low local turbulence level was obtained, to make the mea-
surement representative of the acoustic burner velocity. Addition-
ally, the dynamic pressure drop over the burner has been measured
by means of two1

4-in. microphones being located directly up-
stream and downstream of the burner. The acquisition of the
acoustic data~pressures and velocities! is controlled by a
multichannel-I/O board~300 kHz, 12 bit!. The microphone chan-
nels and the CTA channel were sampled with 10 kHz each. Time-
domain sequences of 10,000 samples each were taken and Fourier
transformed. Then the amplitude and phase of each signal at the
forcing frequency were stored. Finally, the averages were com-
puted for all measurement sets from a given operating condition.
The errors of the CTA velocity measurements are estimated to be
below63.5% relative error and those of the microphone pressure
amplitudes to be below65% relative error.

Phase-locked PIV and spray measurements were obtained by
means of a hardware trigger. The rectangular reference signal is

used to start a programmable counter on a PCI board, which trig-
gers the measurement devices on completion of the preselected
countdown.

Particle Image Velocimetry (PIV).PIV was employed to de-
termine the flow field in the central longitudinal section of the
combustion chamber. For detailed data at the combustor outlet, a
region in the vicinity of the injector exit was investigated which
measured 20332 mm starting 1 mm downstream of the combus-
tor front as shown in Fig. 2. 100 vector maps were recorded and
averaged to obtain the flow field data at every measured phase
angle. The recording of the air velocity field took place without
spray and flame. Oil droplets were used as seeding. The PIV light-
sheet was also used for spray visualization by Mie scattering.
Comparison of the PIV data with CTA data of corresponding cases
leads to a relative error estimate of about63% of the measured
velocity.

Malvern Particle Sizing. The Spraytec Particle Sizer was used
to characterize the spray at the injector exit under nonignited con-
ditions. The measurement volume made up by the laser beam had
a diameter of 15 mm and was located at a distance of 12 mm
downstream of the injector exit in the horizontal center plane of
the combustor~see Fig. 2!. The recordings have been performed
phase triggered, taking 1250 samples at a sampling frequency of
2.5 kHz. For the ambient temperature spray measurements, re-
peatability and consistency checks make the SMD size measure-
ments rather reliable. At elevated temperatures, beam steering
caused by density gradients may introduce a considerable source
of error. Again repeatability and consistency were checked, e.g.,
by comparing the measured temperature dependence of the SMD
with the temperature scalings known from literature@7#. From the
typical data scatter an error bar of65% is estimated for the SMD
measurements.

Operating Conditions. The measurement points were de-
rived from the startup operating conditions of the real combustor.
They are characterized by low pressures inside the combustion
chamber~1.2–3.6 bars!, moderate air temperatures~maximum
430 K! and low AFR’s in the combustion zone~18–40, without
dilution!. Since measurements were to be performed at ambient
pressure, the preheating temperatures were maintained and the air
and fuel mass flows were adapted such that the AFR of the pri-
mary zone and the characteristic pressure losses over the burner
were retained. For the spray measurements without combustion, a
mixture of 90% ethanol and 10% water was used as fuel which

Fig. 1 „Color online … Schematic representation of the test rig
Fig. 2 „Color online … Schematic representation of the position
of the PIV-investigation area „light gray … and the Malvern laser
beam „dark gray … in the vertical center plane of the combustion
chamber relative to the injector outlet
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shows good agreement with the properties of kerosene~maximum
10% deviation on the main physical properties determining spray
formation!.

The parametric study included steady-state and unsteady mea-
surements. The steady-state measurements were performed to
characterize the general atomization behavior of the burner and
the corresponding flow field and comprised a variation of:

1. Air temperature: 290 K~ambient! and 430 K
2. Air mass flow:ṁ/ṁ050.8– 2.0 in 13 different AMF’s
3. Fuel mass flow: 1.0, 1.3, and 1.8 g/s, covering the whole

range of AFR’s occuring in the real engine.
For the unsteady measurements, external forcing has been ap-

plied at frequencies between 50 and 150 Hz, corresponding to the
usual rumble frequencies. The unsteady measurements were con-
ducted for the same temperature and FMF conditions as for the
steady-state case, but only for selected burner AMF ofṁ/ṁ0
51.0, 1.6.

Theoretical Analysis
For the interpretation of the data shown in the results section a

few derivations are needed, which are provided in the following
sections. The pressure velocity coupling for a quasi-steady injec-
tor, the droplet motion time scale and its evaporation time, and
finally a relation between Mie scattering intensity droplet diameter
and velocity are being introduced.

Quasi-Steady Pressure Velocity Coupling. The measured
flow field as well as the pressure and velocity measurements at the
burner suggest that the burner response to the forcing is quasi-
steady in the low-frequency range. To verify this notion, the
quasi-steady relation between the amplitudes of burner velocity
and pressure drop is derived from a perturbation expansion using
the perturbations of pressure and velocity in the steady Bernoulli
equation. Due to the very large area ratio between the supply tube
and the burner channels, the supply tube may be treated as a
plenum chamber, neglecting the contribution of the air velocity to
the total pressure. For a low Mach number flow from a plenum
through the burner channels, the total pressure balance from the
plenum to the burner exit is given by

Dp5
r

2
u2~11zB!. (1)

Introducing the perturbed values of pressurep1p8 and velocity
u1u8 into Eq. ~1! and subtracting from this the equation of the
averages, the following perturbation equation is obtained:

p85ruu8~11zB!. (2)

Referring the left and right sides to the respective averages, the
quasi-steady relation of relative pressure and velocity perturba-
tions results:

1

2

p8

Dp
5

u8

u
. (3)

Equation~3! means that for a quasi-steady burner response the
relative velocity amplitude will be half the relative pressure drop
amplitude.

Droplet Motion Time Scale. The dynamical behavior of the
spray is characterized by the time scale of droplet motion. An
estimate for this time scale can be obtained from the equation of
motion of a simple spherical droplet for a constant air velocity.
This way the frequency limits of a quasi-steady behavior of the
spray in an unsteady air flow can be assessed. This is needed when
discussing the forced spray SMD measurement results. Following
Hinze @8# the equation of motion of a spherical particle reduces to
the balance of inertia and drag force,

r f

pd3

6

duf

dt
52

ra

2
cw

pd2

4
~uf2ua!iuf2uai . (4)

For a droplet Reynolds number in the range 1,Re,1000 the
drag coefficientcw is well approximated by an augmented Stokes-
type law @9#,

cw5
24

Re
~110.15 Re0.68! (5)

with

Re5
diuf2uai

na
. (6)

With this expression inserted into Eq.~4!, the following mildly
nonlinear ordinary differential equation for the droplet velocity is
obtained:

duf

dt
5218

na«

d2
~110.15 Re0.68!~uf2ua!. (7)

Solving this equation for typical droplet diameters, it is found
that the deviation from the Stokes drag relation is only relevant in
the initial acceleration of the droplet, when the slip velocity is
large. It is found that a characteristic time scalet can be defined
analogously to the linear case by

1

t
518

na«

d2
(8)

which will scale the solutions of Eq.~7! for zero initial droplet
velocity. In the linear case,t gives the time in which the droplet
has accelerated to 63% of the gas velocity, whereas in the nonlin-
ear case 63% of the gas velocity are reached after about 1/3t.

Time Scales of Evaporation. For the higher air temperature
measurements, droplet evaporation may influence the size mea-
surements. Therefore time scales of droplet heatingth and droplet
evaporationtv have been estimated for the typical operation con-
ditions using the simpled22t law, which has been shown to work
reasonably well for volatile liquids like ethanol@10,11#. As sug-
gested there, the property values have been determined at the
average temperature between the liquid boiling pointTs and the
air temperatureTa . Droplet flight was simulated using Eq.~7!
between the atomizer lips as the virtual start and the measurement
volume. This resulted in an average droplet slip of 50% of the air
speed, which was used to determine the droplet Reynolds number
Eq. ~6!.

The total evaporation time used to estimate the importance of
the process for the current measurements is the sum of both times
th1tv . For the low AMFs where the SMD is around 55mm the
total evaporation time is estimated at around 11 ms, whereas for
the high AMF with SMD of around 20mm a time of 6.2 ms is
obtained. To assess the influence of droplet evaporation on the
measured diameter, these time scales are compared with the mean
flight time calculated integrating Eq.~7! between the atomizer lip
and the measurement volume. For the given setup the ratio of
residence to evaporation time scale is 0.06 for the 55-mm and 0.02
for the 20-mm droplets, indicating that this effect may be ne-
glected when comparing to the other measurement uncertainties.

Spray Visualization Analyis. Apart from extracting the spray
geometry from phase-locked average pictures of Mie scattering
light sheet tomography, the intensity oscillation of the scattered
light was analyzed. In dilute spray the average intensity observed
from Mie scattering depends on droplet diameter and number den-
sity approximately as

I

I 0
5S d

d0
D 2 N

N0
'

ṁf5const!S d

d0
D 2S d

d0
D 23

5
d0

d
. (9)
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For a constant fuel mass flow rate, the particle number ratio in
the second term of Eq.~9! can be expressed by droplet diameter.
For the current atomizer under steady-state conditions the droplet
diameter and air velocity correlate well with

d

d0
5S ua,0

ua
D j

, j.1. (10)

Given Eqs.~10! and ~9!, the measured intensity amplitude can
be transformed into a velocity amplitude,

ua8

ua,0
5

1

j

I 8

I 0
. (11)

With this equation and given the steady atomizer characteris-
tics, relative velocity amplitudes may be calculated from relative
Mie intensity amplitudes for quasisteady behavior of the atomizer.
Thus it provides an easy check for quasi-steady spray behavior.

Results

Pressure Velocity Coupling Under Forcing. In Fig. 3, the
comparison of the amplitudes of half the relative pressure drop
oscillation measured with microphones and the relative velocity
oscillation measured with the hot wire are compared for three
mean flowrates: 1, 1.3, and 1.6 times the reference air mass flow
rate.

The correlation between the relative velocity amplitude and half
the relative pressure amplitude is very good. Therefore Eq.~3!
holds, which means that the burner flow responds quasi-steady to
the low-frequency forcing. The small differences observed be-
tween velocity and pressure amplitudes, seen in particular for the
higher frequencies at the lowest flow rate (p8/2p and u8/u for
ṁ/ṁ051), decrease with increasing flow rate. This is due to the
signal-to-noise ratio of the CTA which improves with mean ve-
locity. For increasing flow rate the relative amplitudes achieved at
the burner are seen to decrease, because the rising burner back
pressure reduces the relative forcing amplitude.

Velocity Field Under Forcing. Figure 4 shows the velocity
distribution at the burner exit for a forcing at 90 Hz. On the left
half of the picture, the contour lines represent two fixed levels of
air velocity magnitude at ten different phase angles with a phase
separation ofDw536. The spread of the superposed contours
gives an impression of the injector’s velocity response and shows
how the swirling jet velocity grows and diminishes during the
forcing period.

On the right half of Fig. 4 the contourlines of equal relative
velocity are shown. These are obtained by normalizing the local
phase-averaged velocities with the injector exit velocity of the
respective phase angle. The contours coincide, meaning that the

velocity field is invariant during the forcing cycle. Therefore the
aerodynamic behavior of the injector is quasi-steady for the fre-
quency range considered, which is in line with the pressure-
velocity coupling discussed above.

Stationary Atomization Measurements. Figure 5 shows the
measured SMD of the burner for different AMF’s and two air
temperatures. As typical for airblast atomizers, the SMD is domi-
nated by the air mass flow rate and relative atomization velocities
at the atomizer lip. For relative AMF.1.5 and low viscosity fuel,
the atomization process is solely governed by the Weber number
We. Referring to the relation given in Ref.@7#:

SMD

Lc
}We2x. (12)

For the current data an exponentx'0.8 with respect to the
AMF variation andx'0.5 for the temperature change is obtained.
This is in agreement with the typical values for air blast atomizers
found in the literature@7,12#. A possible reason for the different
values ofx may be secondary spray breakup. With decreasing
relative AMF,1.5 the disruptive forces decrease strongly, which
tends to decrease the slope of the curve in this range. According to
the stationary curves in Figs. 6 and 7, the SMD is fairly insensi-
tive to changing FMF, giving only a 10% diameter increase for
almost double fuel flow rate.

Fig. 3 „Color online … Comparison of measured pressure am-
plitudes „symbols … and velocities „lines … over frequency for
three mass flow rates in a noncombusting environment

Fig. 4 Phase-locked velocity field at 90 Hz without combus-
tion: the left half shows two contour levels of velocity magni-
tude for all ten phase angles, the right half shows the same
field scaled with the average velocity at the burner exit

Fig. 5 „Color online … SMD over relative AMF for different pre-
heating temperatures in the stationary, noncombusting case
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Atomization Measurements With Forcing. The atomization
of the forced spray was measured using the Malvern particle sizer
for a relative AMF ofṁ/ṁ051.0 and 1.6, fuel flow rates of 1 and
1.8 g/s, 290 K air temperature, and frequencies between 50 and
150 Hz. From the time series of SMD, the diameter mean and
amplitude were extracted. To compare with the steady data, only
the momentary SMD values for the maximum and minimum ve-
locity phase have been plotted in Figs. 6 and 7 together with the
SMD curves obtained from the steady-state atomization experi-
ments.

For the higher air mass flow rates atṁ/ṁ051.6, the compari-
son is good, showing quasi-steady behavior of the atomizer. For
lower air flow rate atṁ/ṁ051.0, the droplet SMD and thus its
motion time scale, Eq.~8! increases to the same magnitude as the
forcing period. Now, convection will bias the drop size distribu-
tion in the measurement volume towards larger droplets, since
larger droplets from the low velocity phase still continue to reach
the measurement volume during the high velocity phase. There-
fore the time series of drop size becomes assymmetric between
the low and high velocity phases, leading to larger SMD ampli-
tudes at the forcing frequencies. For the 1.0-g/s fuel flow rate, Fig.
6, the comparison at the lower AMF is better than in Fig. 7, which
is consistent with a 20% lower droplet time scale. Therefore it
seems that the deviations seen are mainly an intrinsic measure-
ment problem related to the measurement technique employed
@13#.

Spray Cone Angle, Mie Scattering Intensity. In order to
assess the applicability of the forced spray behavior under nonig-
nited conditions to the case with combustion, the spray cone in the

combusting environment has been analyzed by means of Mie scat-
tering. Figure 8 shows two phase-averaged pictures at minimum
and maximum velocity phases with constant levels of Mie scat-
tering intensity, which were averaged over 150 individual record-
ings. The intensity of the scattered light varies during the period
due to the variation of droplet number and size with the air veloc-
ity as seen by the fixed contourlines. But the crown lines on the
intensity contours of both phase angles coincide, showing that the
underlying spray geometry does not vary with the periodic veloc-
ity oscillation.

Figure 9 shows the comparison of relative burner air velocity
and mean Mie scattering intensity oscillation for the same opera-
tion point taken from phase locked PIV measurements. To obtain
the intensity amplitude, a sinusoidal fit was used, which is also
shown.

Taking into account the average convective time delay of the
spray ~'10 deg at 130 Hz!, the net phase angle difference be-
tween the scattering intensity and velocity trace is negligible,
which means that the spray response to velocity forcing is in
phase. Using Eq.~11! with a velocity exponent ofj51.6 ~taken
from the static atomization behavior shown in the second previous
subsection! the quasi-steady velocity amplitude is calculated from
the Mie intensity amplitude. A relative velocity amplitude of 5.4%
results, which compares well with 5.3% measured velocity ampli-
tude. The validity of Eq.~11! implies that quasi-steady atomiza-

Fig. 6 „Color online … Comparison of unsteady SMD „symbols …

data with the steady atomization curve at 1.0-g Õs fuel mass flow
rate

Fig. 7 „Color online … Comparison of unsteady SMD „symbols …

data with the steady atomization curve at 1.8-g Õs fuel mass flow
rate

Fig. 8 Mie scattering images of the spray cone with combus-
tion at ṁ Õṁ 0Ä1.6, fuel flow rate of 1.3 g Õs, TairÄ430 K, and f
Ä130 Hz. The contours show constant levels of scattered in-
tensity. Left half: minimum velocity phase; right half: maximum
velocity phase. Crown lines show constant spray geometry.

Fig. 9 „Color online … Air velocity and Mie scattering intensity
fluctuation for the spray at 130-Hz excitation
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tion behavior is also found under combustion conditions and that
the momentary fuel mass flow rate in the spray is constant.

Findings and Conclusions
The atomization behavior of a generic airblast atomizer with a

design typical for aeroengine systems has been investigated under
forced oscillation, which yields the following findings.

• The pressure velocity coupling of the burner air flow obeys
the steady Bernoulli equation in the frequency range investigated.

• The phase-averaged velocity field of the cold flow in the com-
bustor has an invariant distribution throughout the oscillation pe-
riod.

• The phase-locked SMD measurements for oscillating air flow
lie on the steady atomization curve. Agreement is good for higher
mean air flow rate, but the deviations observed at lower mean air
flow rate are most probably measurement bias.

• In the case of combustion, the basic spray geometry is unaf-
fected by the forcing. The measured Mie scattering intensity os-
cillation obeys a quasi-steady relation derived for a constant fuel
mass flow rate.

Our experimental findings lead to the conclusion that a quasi-
steady description of an airblast atomizer in the context of low-
frequency combustion oscillations like rumble is appropriate.
Thus the instantaneous SMD may be calculated using the momen-
tary velocity data and the steady-state correlation between veloc-
ity and SMD. The constant fuel mass flow rate will lead to sub-
stantial fluctuations of the equivalence ratio which could be the
reason for rumble. The design of the generic airblast atomizer
used here further suggests that this conclusion should also hold for
typical systems used in aeroengines today.
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Nomenclature

AFR 5 air fuel ratio of the primary zone
AMF 5 air mass flow@g/s#

cw 5 drag coefficient
c 5 heat capacity@J/~kg K!#
d 5 droplet diameter@m#

FMF 5 fuel mass flow@g/s#
h 5 enthalpy@J#
I 5 light intensity @W/m2#

Lc 5 characteristic atomizer dimension@m#
N 5 droplet number

Nu 5 Nusselt number
p 5 pressure@Pa#

Pr 5 Prandtl number

Re 5 Reynolds number
SMD 5 Sauter mean diameter@mm#

T 5 temperature@K#
t 5 time @s#
u 5 velocity @m/s#

We 5 Weber number
« 5 density ratio;«5ra /r f
l 5 thermal conductivity@W/~m K!#
n 5 dynamic viscosity@m/s2#
r 5 density@kg/m3#
t 5 characteristic time scale@s#
z 5 pressure loss coefficient

Subscripts

( )a 5 air
( )B 5 burner
( ) f 5 fuel
( )h 5 heating
( )p 5 for constant pressure
( )v 5 vaporization
( )0 5 reference

Superscripts

~ !8 5 perturbation, amplitude
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Experimental Study of Surface
and Interior Combustion Using
Composite Porous Inert Media
Combustion using silicon carbide coated, carbon–carbon composite porous inert media
(PIM) was investigated. Two combustion modes, surface and interior, depending upon the
location of flame stabilization, were considered. Combustion performance was evaluated
by measurements of pressure drop across the PIM, emissions ofNOx and CO, and the
lean blow-off limit. Data were obtained for the two combustion modes at identical con-
ditions for a range of reactant flowrates, equivalence ratios, and pore sizes of the PIM.
Results affirm PIM combustion as an effective method to extend the blow-off limit in lean
premixed combustion.@DOI: 10.1115/1.1789516#

Introduction

Reduction of pollutant emissions is one of the most important
goals of combustion research today. Many new technologies
aimed at reducing nitric oxides (NOx), carbon monoxide~CO!,
and unburned hydrocarbons~UHCs! have arisen to meet increas-
ingly stringent emissions regulations. The most direct method of
controlling emissions is to control the flame temperature. Variable
geometry combustion and advanced fuel atomization and mixing
techniques are being used to reduce emissions from lean premixed
~LPM! combustion. Staged combustion, including the rich-burn,
quick-quench, lean-burn~RQL! combustor, selective catalytic re-
duction ~SCR! and direct catalytic combustion are other methods
of reducing emissions@1#. Direct catalytic combustion offers the
potential to greatly reduce NOx emissions by decreasing the reac-
tion gas temperature of lean premixed fuel and air@2#.

Combustion stabilized with the use of porous inert media~PIM!
is another technique that is capable of achieving low emissions. A
flame can be stabilized on the surface or in the interior of a PIM as
illustrated by Fig. 1. For a flame stabilized on the surface, the
energy released by the reaction is transferred to the porous sur-
face, which in turn emits it to the surroundings, such as in radiant
burners. A portion of the energy is radiated and conducted up-
stream to preheat the reactants in the preheat zone. A surface
burner with high radiant output and low NOx, CO and UHC out-
put is feasible by optimizing the pore size, geometry, and thermo-
physical properties of the PIM, fuel/air flowrates, and equivalence
ratio ~F!. Recently, Alzeta Corporation demonstrated combustion
at gas turbine conditions, stabilized above a porous sintered injec-
tor surface comprised of high temperature metal fibers@3#. They
reported firing rates on the order of 30 MW/m2 at 10-atmospheric
pressure. Initial results show that the combustor simultaneously
achieved single digit emissions of NOx, UHCs and CO. Ontko
et al. @4# used sintered tungsten, formed into a truncated cone, to
extend the turndown ratio in porous surface combustion. Low
NOx and CO emissions were simultaneously obtained.

Although heat transfer mechanisms similar to surface combus-
tion serve as the basis of interior combustion, the amount of heat
transferred in each mode can be significantly different. During
surface combustion, heat is transferred from the reaction zone to
the PIM at and slightly below the burner surface. However, inte-

rior combustion allows heat transfer to the PIM both at the reac-
tion zone and downstream by interfacial convection between the
products and the porous structure. The result of this additional
convective heat transfer is the potential for increased preheating
of reactants and consequently a greater control of flame stability
and temperature, leading to ultra low NOx combustion.

The concept of recirculating energy from products to reactants
or the ‘‘excess enthalpy flame’’ was introduced by Hardesty and
Weinberg @5#. PIM combustion research has been reviewed by
Howell et al.@6#, Viskanta@7#, and Trimis and Durst@8#. Kotani
and Takeno@9# found that a porous burner increased the laminar
flame speed by more than an order of magnitude. Subsequently,
various aspects of combustion with PIM have been investigated
experimentally and numerically. Hsu et al.@10# used two porous
ceramic cylinders of different pore sizes stacked together. The
flame was stabilized at the interface of two blocks over a range of
mixture flow rates for a given equivalence ratio. A similar concept
of bilayered reticulated ceramic burner with an upper layer with
larger pores and a lower layer with smaller pores to improve the
stable operating regime was used by Rumminger et al.@11#. Pick-
enacker et al.@12# have developed several commercial concepts
involving combustion inside the PIM.

A critical component of PIM combustion is the porous material.
Important characteristics of the porous structure are the maximum
operating temperature and thermophysical properties such as ab-
sorptivity, emissivity, and thermal conductivity. Materials used in
experimental porous burners are wide ranging, with ceramics be-
ing the most common. Although porous ceramics have good ther-
mal resistance, they suffer from structural damage caused by re-
peated start-up and shutdown and therefore, are not suited for gas
turbine applications. In recent years, new materials have become
available with advancements in manufacturing techniques. One
such example is the carbon–carbon~C–C! composite with carbon
fiber reinforcement imbedded in a carbon matrix. Properly fabri-
cated C–C composites have the highest specific strength
~strength/weight! of any known material and retain their strength
to over 2775 K@13#. The drawback of C–C composites is their
inability to resist oxidation at temperatures above 775 K. An
oxidation-resistant coating of high temperature materials such as
silicon carbide~SiC!, rhenium, hafnium, or iridium may be depos-
ited on the composite structure by the chemical vapor deposition
technique. These porous materials offer structural rigidity as well
as thermal/oxidation resistance required for combustion at gas tur-
bine operation conditions.

The objective of this research is to study combustion perfor-
mance of a SiC coated, C–C composite foam designed to operate
continuously at temperatures above 1675 K without significant
thermal or structural degradation. Figure 2 depicts a SiC coated,
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C–C composite porous material of 4 pores per cm~ppcm!. The
overall goal is to gain insight to advance PIM burners for gas
turbines and other combustion applications. Past experimental in-
vestigations of combustion in PIM have focused on either surface
or interior combustion. In the present study, both surface and in-
terior combustion modes were investigated at identical operating
conditions to compare the performance. The operating parameters
include fuel/air mixture flowrate, equivalence ratio, and the pore
sizes of the PIM. The combustion performance was characterized
by measurements of pressure loss and emissions of NOx and CO.

Experimental Setup
The burner, depicted in Fig. 3, is comprised of four sections: the

fuel/air inlet section, the fuel/air mixing section, the PIM section,
and the emissions shield. Each section is constructed of stainless
steel square tubing of 4.04 cm by 4.04 cm inside cross section and
a wall thickness of 0.48 cm. The 15.2 cm long fuel/air mixing
section is comprised of a 2.54 cm thick, 32 ppcm porous-piece at
the upstream end to assist fuel/air mixing, with free space making
up the remaining mixing length. The PIM section is 10.2 cm long,
with four 2.54 cm thick porous pieces arranged in various con-
figurations of 4, 8, 12, and 32 ppcm material.

The porous pieces are sanded to fit precisely into the PIM sec-
tion. A tight fit is critical because space between porous material
and combustor wall could cause the flame to propagate around the
PIM. A shield is used downstream of the PIM section for emis-
sions measurements without entraining the ambient air. A set of
pressure taps is located near the exit of the fuel/air mixing section
to monitor the pressure drop across the PIM. The product gases
are discharged through the emission shield at atmospheric pres-
sure.

The combustion air is supplied by an air compressor, dried, and
measured upstream of the burner by a laminar flow element cali-
brated for 0–300 standard liters per minute~slpm!. The natural
gas fuel is supplied from a compressed gas cylinder, controlled by

a needle valve, and metered by a mass flow meter calibrated in the
0–60 slpm range. Air and fuel enter the experimental setup at a
temperature of about 300 K. A quartz extraction probe with a
tapered tip to quench the reactions is used to sample the products.
The sample is passed through water traps prior to the measure-
ments of CO, NOx, and O2 concentrations using electrochemical
sensors. The uncertainty of emissions measurement is62 ppm.
Emissions data are reported on an uncorrected dry basis. The pres-
sure drop across the combustion section was measured with a
612.5 cm H2O pressure transducer.

At each set of operating parameters, surface and interior com-
bustion data were obtained. The switch from surface to interior
combustion was made by reducing the mean fuel/air mixture inlet
velocity (v) to about 0.4 m/s and increasing the equivalence ratio
to about 0.8, which caused the flame to propagate upstream into
the PIM. Once interior combustion was established, the mean inlet
velocity was increased and the equivalence ratio was decreased to
the desired values.

Results and Discussion
The baseline configuration for the experiment was defined as

32-8-8-8. This refers to the PIM section filled with one 32 ppcm
piece~preheat zone!, followed by three 8 ppcm pieces~combus-
tion zone!. The baseline conditions were defined asF50.60 and
v51.0 m/s. Parameters varied during experiments include equiva-
lence ratio, mixture inlet velocity, preheat zone pore size, and
combustion zone pore size. Both surface and interior combustion
were established at identical conditions, allowing direct compari-
son of the performance of the two combustion modes.

Several differences between surface and interior combustion are
notable. As seen in Fig. 4~a! surface combustion results in the
characteristic blue flat flame of lean premixed combustion. How-
ever, as Fig. 4~b! depicts, interior combustion emits an orange
glow from the radiating PIM. Audibly, surface combustion pro-
duced sound similar to that from a Bunsen burner, while interior
combustion was virtually silent. This is a result of the muffling
effect of the porous material between the flame front and burner
exit. Consequently, the resolution of noise-related instabilities by
interior combustion is a significant benefit in LPM gas turbine
combustion systems.

Fig. 1 Schematic representation of „a… surface combustion,
„b… interior combustion

Fig. 2 SiC coated, C–C composite PIM of 4 ppcm

Fig. 3 Schematic diagram of the experimental setup
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Pressure Drop
Pressure drop resulting from cold flow through the PIM ranged

from 0 to 1% of the operating pressure. Figure 5 presents the
percent pressure drop across various individual porous pieces
~each 2.54 cm thick! and the baseline configuration~32-8-8-8! at a
range of flow rates. As expected, the pressure drop increases with
the flowrate. Note that the measured pressure drop across the 32-
8-8-8 configuration is within 5% of that calculated by adding the
pressure drop across the individual pieces. Figure 6 presents per-
cent pressure drop for surface and interior combustion over a
range of flow rates. With surface combustion, the pressure drop in
the PIM is virtually the same as that for cold flow. Interior com-

bustion, however, more than doubles the pressure drop in the PIM
section, in part, because of the higher velocity of the product
gasses moving through the PIM. Results suggest that pore size
and thickness of the PIM region are important to minimize the
pressure drop for practical applications.

CO and NOx Emissions
First, experiments were conducted to determine the uniformity

and length of the reaction zone. To quantify this, emissions pro-
files at baseline conditions were~a! in the flow direction~vertical!
along the combustor midpoint and~b! in the transverse~horizon-
tal! direction at a vertical planez563 mm above the PIM surface.

Figure 7 presents data for NOx and CO emissions of surface
and interior combustion versus vertical distance~z! above the PIM
surface. Both NOx and CO emissions of interior combustion are
constant throughout the entire length of the emissions shield.
Therefore, all of the NOx and CO are generated within the PIM.
However, surface combustion concentrations change radically
near the PIM surface. CO concentration increases sharply as the
emissions probe is lowered into the flame front. NOx concentra-
tions decrease sharply as the probe is moved into the flame. Re-
sults show that the NOx formation was completed withinz
515 mm from the PIM surface. The CO oxidation however con-
tinued downstream until aboutz535 mm.

Figure 8 presents NOx and CO concentrations of surface and
interior combustion versus horizontal distance~y! from the com-
bustor midpoint atz563 mm. Evidently, the CO and NOx emis-
sions are nearly constant over the entire width for the two com-
bustion modes. Emissions profiles obtained with leaner mixtures
showed CO increasing and NOx decreasing near the combustor
wall, which suggests a quenching effect of heat loss through the
wall. Based on these results, the combustor midpoint atz
563 mm was selected for all subsequent emissions measure-
ments, representing the postreaction zone.

Effect of Reactant Flow Rate. Figures 9~a! and 10~a!
present data for NOx emissions versus equivalence ratio at various
mean inlet velocities for surface and interior combustion, respec-
tively. At a given equivalence ratio, the NOx concentration is
weakly dependent on the mean inlet velocity, varying over a factor
of 2. Khanna et al.@14# produced similar results, citing constant
NOx emissions over a range of flame speeds or mixture flowrates.
NOx increased exponentially with equivalence ratio, suggesting
thermal mechanism as the primary source of NOx generation.
Single digit NOx concentrations are obtained in both combustion
modes for equivalence ratios of up to 0.65. Figures 9~b! and 10~b!
present CO concentrations for surface and interior combustion,
respectively. Figure 9~b! shows that the CO concentration at a
given equivalence ratio is nearly independent of the flowrate for
surface combustion. Khanna et al.@14# observed similar results to
those depicted in Fig. 9~b!; little dependence of CO concentration
on reactant flow rate. The CO concentration increases with
equivalence ratio, similar to the trend observed in nozzle-
stabilized LPM flames@15#. Mital et al. @16# also observed in-
creasing CO concentration with increasing equivalence ratio from
interior combustion using reticulated ceramics. Data presented at
the lowest equivalence ratio in Figs. 9 and 10 correspond to the
lean blow-off limit. Results show that the equivalence ratio at the
lean blow-off limit increases with increasing mean inlet velocity.

In general, the CO concentration for interior combustion in-
creases with equivalence ratio as shown in Fig. 10~b!. In this case,
a significant flowrate effect is observed, especially at lower flow-
rates. Note that the combustor was air-cooled by natural convec-
tion to prevent overheating and structural damage to the stainless
steel enclosure. At low flowrates, a larger fraction of heat released
is believed to be lost to the surroundings. The resulting decrease
in the flame temperature could affect the oxidation reactions to
produce larger CO concentrations. The fractional heat loss is ex-
pected to diminish at higher flow rates, which show minor effect
on CO emissions.

Fig. 4 Visual images at baseline conditions „a… surface com-
bustion, „b… interior combustion

Fig. 5 Effect of pore size on cold flow pressure drop

Fig. 6 Effect of combustion on pressure drop for baseline
configuration „32-8-8-8…, FÄ0.6
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Surface Versus Interior Combustion. NOx and CO concen-
trations versus equivalence ratio for surface and interior combus-
tion at various flow rates are compared in Fig. 11 forv
51.0 m/s. Results show that the combustion mode has little im-
pact on NOx concentration at a given equivalence ratio. Interior
combustion extends the lean blow-off limit, offering further NOx
reduction. At the baseline conditions, the lean blow-off limit for
surface combustion is about 0.58 while that for interior combus-
tion is 0.55. Theoretically, this extension of the lean blow-off limit
corresponds to a decrease in flame temperature of about 50 K. CO
concentrations of the two combustion modes follow a similar

trend with equivalence ratio, although interior combustion results
in slightly higher concentrations, attributed to a higher fraction
heat loss as explained above.

Effect of Combustion Zone Pore Size. Thermal feedback to
reactants in both combustion modes depends upon the geometry
of the PIM. To examine this issue, surface combustion experi-
ments were conducted with 4, 8, 12, and 32 ppcm PIM and inte-
rior combustion experiments were conducted only with 4 and 8
ppcm PIM because smaller pores would quench the flame. Results
in Figs. 12~a! and 13~a! show a relatively weak trend of larger

Fig. 7 Effect of vertical measurement location on emissions „a… NOx and „b… CO

Fig. 8 Effect of horizontal measurement location on emissions „a… NOx and „b… CO

Fig. 9 Effects of mean inlet velocity on emissions from surface combustion, „a… NOx and „b… CO

310 Õ Vol. 127, APRIL 2005 Transactions of the ASME

Downloaded 02 Jun 2010 to 171.66.16.98. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



pores resulting in higher NOx emissions at a given equivalence
ratio. The PIM with larger pores has smaller optical thickness
compared to that of a PIM with smaller pores. Therefore, it is
plausible that the higher NOx generation of the large pore PIM
~32-4-4-4! is an effect of the greater preheating of reactants by
radiation from the flame zone. Detailed measurements near the
flame front are therefore necessary to fully explain these observa-
tions.

Figures 12~b! and 13~b! present CO concentration versus
equivalence ratio for various combustion zone pore sizes, respec-

tively, for surface and interior combustion. In both cases, CO con-
centration increases with decreasing pore size. Several phenomena
may be responsible for this trend. In case of surface combustion,
increased flame length and residence time with larger pores would
assist oxidation reactions to reduce CO emissions. Furthermore, as
discussed above, a porous structure with smaller pores has a larger
optical thickness than a similar porous structure with larger pores.
Therefore, less heat is radiated upstream and less preheating of
reactants occurs. The decrease in preheating is akin to the flame

Fig. 10 Effects of mean inlet velocity on emissions from interior combustion, „a… NOx and „b… CO

Fig. 11 Emissions measurements for the two combustion modes, „a… NOx and „b… CO

Fig. 12 Effect of combustion zone pore size on emission from surface combustion at vÄ1.0 mÕs, „a… NOx and „b…
CO
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leading to higher CO emissions. Flow dynamics on the pore size
scale level is another factor affecting CO concentration. Small
pores cause greater redirection of the gases moving through the
structures, resulting in increased local velocities. The increased
velocity results in a higher strain rate for small pore size struc-
tures, leading to higher CO concentrations at a given equivalence
ratio.

Preheat Zone Pore Size. The degree of reactant preheating
for interior combustion is largely dependent upon pore size of the
preheat zone. The size of the pores in this region must be small to
enough to quench the flame and eliminate flashback. However, the
pores should be large enough to allow significant thermal feed-
back to the reactants. The effect of upstream pore size on emis-
sions for interior combustion is presented in Fig. 14. At a given
equivalence ratio, NOx concentrations for the two preheat zone
pore sizes tested were virtually identical. Figure 14~b! shows a
noticeable reduction in CO concentration with larger preheat zone
pore size, suggesting more effective preheating of reactants. Ex-
tension of the lean blow-off limit with large pore size further
substantiates this observation. No flashback occurred at any of the
conditions with the 32 ppcm preheat region. However, flashback
occurred with the 12 ppcm preheat region at equivalence ratios
above 0.58 and mean inlet velocity of 1.0 m/s. This result indi-
cates that the preheat region pore size should be optimized to
increase the heat transfer upstream and to quench the reaction at
the most likely flashback conditions.

Concluding Remarks

SiC coated, C–C composite foam structures, offering superior
structural and thermal integrity at gas turbine operating condi-
tions, were investigated as PIM for combustion. Methane/air
flames were stabilized on the surface and interior of the PIM at
identical operating conditions, allowing for a direct comparison of
the two combustion modes. Simultaneous NOx and CO emissions
of less than 10 ppm were obtained for a range of equivalence
ratios and mean inlet flowrates. While surface combustion pro-
duced noise typical of a flat flame burner, interior combustion was
virtually silent. The main results of this study are summarized in
the following:

~1! Surface combustion resulted in only slight increase in pres-
sure drop in the PIM compared to that in cold flow. How-
ever, interior combustion increases the pressure drop by
more than a factor of 2.

~2! For both combustion modes, the NOx concentration was
weakly dependent upon the flow velocity or PIM pore size.
NOx concentration increased exponentially with equiva-
lence ratio, suggesting thermal mechanism as the primary
source of NOx generation.

~3! For both combustion modes, the CO concentration in-
creased with increasing equivalence ratio. The CO concen-
tration decreased with increasing PIM pore size.

Fig. 13 Effect of combustion zone pore size on emission from interior combustion at vÄ1.0 mÕs, „a… NOx and „b… CO

Fig. 14 Effect of preheat zone pore size on emissions from interior combustion at vÄ1.0 mÕs, „a… NOx and „b… CO
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~4! Interior combustion extended the lean blow-off limit over
surface combustion at all conditions tested.

~5! Increasing pore size extended the lean blow-off limit in
both combustion modes. The increase in pore size is how-
ever constrained by the increased potential of flashback.

The experimental results of this study affirm PIM combustion
as an effective method of extending the blow-off limit in lean
premixed combustion. Experimental investigation provides evi-
dence that a PIM combustor producing single-digit NOx and CO
concentrations is feasible. Furthermore, interior combustion in the
PIM proved more effective in recovering the flame energy to pre-
heat the reactants. Thermal feedback in the preheat zone of inte-
rior combustion could be utilized to prevaporize the fuel in liquid
fuel applications. Gas turbine applications would benefit from the
extended lean blow-off limit, low NOx and CO emissions, elimi-
nation of noise and noise-related combustion instabilities, flash-
back prevention, and duel-fuel capability feasible with interior
combustion in PIM. Further research is however required to char-
acterize and optimize performance of thermal/oxidation resistant,
high-strength materials considered in this study before PIM com-
bustion is implemented in gas turbine applications.
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Diagnosis for Loose Blades in
Gas Turbines Using Wavelet
Analysis
The application of wavelet analysis to diagnose loose blades condition in gas turbines is
examined in this paper. Experimental studies were undertaken to simulate loose blades
condition occurring in gas turbines in an attempt to understand vibration response asso-
ciated with loose blades under different operating conditions. Results showed that loose
blades were undetectable under steady state operating condition. During turbine coast
down, a loose blade could be detected based on the impactic signals induced by the loose
blades on the rotor and thus excited the natural frequencies of the rotor assembly. Results
from the coast down condition showed that wavelet analysis was more sensitive and
effective than Fourier analysis for loose blade diagnosis. The severity, the number, and
the configuration of the loose blades could be potentially estimated based on the pattern
of the coast down wavelet map.@DOI: 10.1115/1.1772406#

1 Introduction

Blade faults represent a major and common source of problem
in power generation gas turbines. Over the years, extensive re-
search had been undertaken on this subject. Previous work re-
ported in the literature included studies on the characteristics of
various blade faults and potential diagnostic methods. Reviews on
this subject were published by Meher-Homji@1–4# among others.
The reviews showed emphasis on blade faults involving blade
rubs, blade cracks, foreign object damage~FOD! or loss part,
blade deformation~creeping and bending!, blade fouling, blade
mistuning, and blade fatigue failure. To the author’s knowledge, it
was Kuo @5# who attempted to address the problem of loose
blades in gas turbine. Dynamic response and characteristics of
loose blades in gas turbines are therefore less quantified. There
appeared to be limited effective diagnostic method in the detection
of loose blades in gas turbine. When loose blade is suspected in
gas turbines, the methods used usually involved methods more
suitable for conventional faults. These include blade passing fre-
quencies~BPF! monitoring ~suitable for blade rubbing!, perfor-
mance monitoring method~suitable for blade fouling!, and pres-
sure measurement method~suitable for blade deformation!. Such
methods are often exclusively suitable for a specific blade fault
only and are less effective or sensitive in detecting other blade
faults. It is therefore very unlikely to find a unifying method
which is well suited to diagnose all kinds of blade faults that could
possibly occur in gas turbines. Furthermore, these methods are
usually based on the measurement~either vibration, pressure,
noise, etc.! taken during the steady-state operating conditions. It is
also often the case that changes~in vibration, pressure or noise!
resulting from a defect or fault may not appear in all operating
speeds ranges. It was intention of this work to examine vibration
response of loose blade under different operating conditions
~steady-state operating condition and coast down condition!, and
to formulate suitable diagnostic methods from this experimental
study. In this paper, the potential of the wavelet analysis method
to be used for diagnosis of loose blades was examined and com-
pared against conventional Fourier analysis method.

2 Experience of a Loose Blade Problem
Loose blades, and more pertinently intermediate packing pieces

which are used as spaces in securing individual blades, had been
known to occur in some commercial gas turbines~for example,
ABB gas turbines,@6#!. The experience of the authors related to
four-unit commercial open cycle gas turbines used in power gen-
eration. The axial flow compressor section of the gas turbine had
21 blading stages. The compressor stator and rotor blades were
made of high-tensile ferrite chrome steel, and manufactured partly
by precision forging and part milling. The blades were fitted into
the radial grooves of the rotor and compressor casing and were
separated by the intermediate pieces~Fig. 1!. Rotor blades of the
first ten stages were fitted directly in the rotor shaft by fir tree
roots, while the blades for the remaining stages are rooted in the
intermediate pieces. It was at these latter stages that the problem
of loose blade problem was more prevalent due to the root or
attachment design of the intermediate pieces.

From previous inspections on the turbines, visual observations
showed that some intermediate pieces, particularly from stages 11
to 21 protruded out and/or had cracks at the roots~see Fig. 2!.
This fault could potentially result in further secondary failures,
particularly foreign object damage~FOD!, if the roots of the in-
termediate pieces completely failed. In addition to the cracked
root~s!, blades in the vicinity were also found loose. Copper rings
~Fig. 1! used in the assembly beneath the loose blade were found
flattened; hence providing the room for the blades to loosen. This
suggested that the root cause of the cracks on intermediate pieces
could originate from the loose blades at this particular location. It
was likely that the space provided by the flattened ring and rotor
grooves enabled the loose blade to rattle~vibrate!, with similar
rattling of the intermediate pieces. Cracks eventually developed at
the roots of the intermediate pieces.

Some power plant operators in the Asia Pacific region are in-
creasingly faced with the dilemma to operate their gas turbines
beyond recommended running hours~EOH! stipulated by the
manufacturers due to continuous electricity load demand and eco-
nomic pressure for plant availability~Ng and Zahir@6#!. The de-
mands in pressing electricity load despatch appeared to be a com-
mon occurrence in the power generation industry world wide.
Manufacturers~OEM! recommend preventive maintenance, in-
cluding blades replacement, on the basis that life expectancy of
components is reached upon specific running hours. The necessity
and experience of the Connaught Bridge Power Station~CBPS! of
a public utility company in Malaysia, and the experience of the

Contributed by the International Gas Turbine Institute~IGTI! of THE AMERICAN
SOCIETY OF MECHANICAL ENGINEERSfor publication in the ASME JOURNAL OF
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authors in assisting the Station in seeking out feasible vibration
monitoring and assessment for blades looseness and cracks on
these actual gas turbines, lead to experimental studies to be un-
dertaken in the laboratory.

3 Experiment Test Rig
A test rig consisting of sub-assemblies of rotor-shaft, blades and

intermediate locking pieces, drive and casing was designed for a
laboratory study of typical loose blade dynamic response. A hol-
low rotor of 300 mm nominal diameter was used on the basis of a
practical working dimension~and machining constraints!. Blades
were located onto radial grooves in similar manner to the above
industrial gas turbines, although simplified for the purpose of this
experimental study. Flat blades were used to avoid undue compli-
cations in attempting to replicate the aerodynamic profile of an
actual blade. Other basic features such as blade incidence angle,
width, length and thickness were nevertheless maintained. The
test rotor had 12 blades. A photograph showing an overall view is
given in Fig. 3, and the blade assembly is given in Fig. 4. The test
rig incorporated elements which were considered important for
understanding the behavior of loose blade. A slackness adjuster
and locking mechanism was incorporated into each blade such
that controlled looseness could be induced in each blade.

Experiments were undertaken to quantify a tight and induced
fault condition. Three different conditions were incorporated in

this study. The first condition was such that only a single loose
blade~abbreviated as ‘‘S’’! was introduced into the test rig. This
condition was designed to examine whether if the effect of a loose
blade could be differentiated in the vibration spectrum of the rotor
bearing measured under rotation. Fourier analysis and wavelet
analysis were undertaken to confirm its viability and sensitivity to
detect the loose blade. The second loose blade condition was in-
duced such that all implanted loose blades were seated in adjacent

Fig. 1 Basic configuration of compressor rotor and its pertinent components
„Ng and Zahir †6‡…

Fig. 2 Typical crack location on intermediate pieces „Ng and
Zahir †6‡…

Fig. 3 View of the experimental test rig

Fig. 4 Photograph showing blade assembly with intermediate
locking pieces
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position ~abbreviated as ‘‘A’’!. This condition was intended to
examine the effect of adjacent loose blades on the vibration signal
of the rotor bearing. The third case involved loose blades seated
randomly, i.e., scattered~abbreviated as ‘‘R’’! in the rotor rig. This
condition was intended to compare with test condition number
two whereby the results of these two conditions would provide an
indication as to whether the position of the loose blade would
affect the measured vibration signals. All loose blade conditions
were investigated with 1 mm and 2 mm looseness severity, re-
spectively,~such quantum of looseness~free play or slackness! are
typically found in the above mentioned gas turbines!. It was real-
ized that the vibration resulting from a defect or a fault such as the
loose blade might not appear at all operating speeds. The charac-
teristics of these loose blade conditions were examined for two
different operating conditions—typically the steady-state speed
condition, and the coast down condition.

4 Signal Processing
The vibration spectrums of steady state operating condition

were measured in the span of 0 Hz to 500 Hz with frequency
resolution of 0.625 Hz. This setting allowed the blade passing
frequency~BPF! ~12 blades320 Hz ~operating frequency!5240
Hz! and its second harmonic~480 Hz! to be included in the vi-
bration spectrums. BPF is the frequency inherent in all rotating
blades assembly. Literature had reported applications of BPF in
blade faults diagnosis since the 1970s. Mitchell~1975!, for ex-
ample, showed that the relational changes in the blade passing
frequency~BPF! and its harmonics provide useful information for
blade faults diagnosis~cited in Meher-Homji@3#!. The use of vi-
bration analysis for blade faults diagnosis was also studied by
Simmons@7,8#, Parge et al.@9#, and Parge@10#. They have con-
firmed that by observing the relative changes in the BPF and its
harmonics amplitude; the blade faults can be possibly detected.
The use of BPF in blade faults diagnostic had been documented in
various text ~Hewlett Packard application note 243@11#, and
Mitchell @12#, for example!. It was documented that the increase
of sidebands indicates blade faults has occurred. The blade-
passing profile is also used as the fundamental parameter in some
novel signal analysis methods for blade faults diagnosis such as
the wavelet analysis~refer Aretakis@13#! and artificial intelligent
~refer to Kuo@5#!.

Synchronous time averaging method is typically used to
average-time waveforms measured in moderately steady-state op-
erating condition. The averaged-time waveforms were then ana-
lyzed with Fourier analysis method to yield the frequency spec-
trum. With this operation, interference of the noise signals on the
vibration spectrum was minimized to obtain a more accurate spec-
trum. Synchronous time averaging was used in the data acquisi-
tion process.

The resolution and the maximum span of vibration time wave-
forms are critical in wavelet analysis. In this case, the time wave-
forms of steady-state operating condition were measured for a
total of 1.6 s~1/0.625! with the sampling frequency of 1280 Hz
~0.000781 s time resolution!. This setting was found to produce
fine and clear wavelet map for steady-state operating condition
monitoring. The vibration spectrums of the coast down condition
were measured from 0 Hz to 1600 Hz. This setting was used to
ensure capture of structural natural frequencies excitation of the
experimental rig during the coast down. Waterfall measurements
of coast down condition were taken for every 0.5 s for a total of
24 s until stand still condition. The time waveforms of coast down
condition were recorded for the last 9 s with sampling frequency
of 1792 Hz~or 0.000558 s time resolution! only due to memory
storage capacity constraint of the vibration analyzer.

5 Selection of Wavelet Parameters
Wavelet is a ‘‘small wave,’’ which has its energy concentrated

in time, fairly similar to an impulse waveform over time. Pure
sine wave~which is also the basis of Fourier analysis!, in contrast

to wavelet, typically do not have its waveform~sinusoid! limited
in time ~i.e., repeated over time!. While a sinusoid is smooth and
predictable, wavelet on the other hand tends to be irregular and
asymmetric~refer to Sidney@14#!. The irregular shape of wavelet
renders it suitable for the detection of nonstationary signals with
discontinuity or sharp changes. Whereas its nature of compactly
supported in time~energy concentrated in time! enables signals to
be analyzed in time and frequency domain simultaneously. There-
fore, the driving impetus behind wavelet analysis is their property
of being localized in time as well as in frequency~scale!. This
provides the time-frequency representative of the signal. Continu-
ous wavelet transform~CWT! is defined as the sum over all time
of the signal,f (t) multiplied by scaled, shift versions of the wave-
let function, as represented in Eq.~1!.

C~scale,position!5E
2`

`

f ~ t !c~scale,position,t !dt (1)

where f (t) is the signal,c is the wavelet function, andC is the
resulted wavelet coefficient.

The results of CWT are many wavelet coefficients,C in func-
tion of scale and position. Multiplying each coefficient by the
appropriately scaled and shifted wavelet yields the constituent
wavelets of the original signal.

Two different wavelet analysis settings were performed on the
vibration signal obtained from the steady-state operating condi-
tion. These results were then displayed on different graphs known
as the global wavelet map and local wavelet map. Global wavelet
map ~with lower scale resolution and larger span! was obtained
from the wavelet analysis to provide an overall view of the dy-
namics of the entire time waveform. Local wavelet map~with
higher scale resolution and shorter span! is simply a zoomed ver-
sion of the global wavelet map particularly around the BPF~240
Hz! level. This display allowed a close monitoring of the BPF for
loose blade diagnosis. To perform the wavelet analysis on the
entire measured length of coast down time waveform is indeed a
laborious task, which required relatively long computation time in
a standard desktop PC. Therefore, only a portion of the coast
down signal~last 2 seconds! was extracted to perform the wavelet
analysis in the computer. There are two different transformation
methods that could be used for wavelet analysis. There are the
continuous wavelet transform~CWT! and the discrete wavelet
transform~DWT!. DWT is implemented to reduce the computa-
tion time required in wavelet analysis by calculating the wavelet
coefficients at the scale and position based on the powers of two.
On the other hand, CWT operates at every scale from the mini-
mum scale~highest frequency! of the original signal up to the
maximum scale~lowest frequency! that determined. CWT is also
continuous in its shifting: during computation, the analyzing
wavelet is shifted smoothly over the full domain of the analyzed
signal. The wavelet map produced by CWT is therefore smoother
and provide better visualisation for feature recognition purpose.
On this basis, then CWT method was chosen in this experimental
work.

There are numerous wavelet families available for wavelet
analysis of a signal. The selection of the wavelet families for
signal analysis depends on its characteristics of that family such as
the shape of the wavelet: symmetry, the number of vanishing mo-
ments, and the regularity. The wavelet family is important to the
pattern of the wavelet map representing the signal in hand. Coiflet
~level 5! wavelet was chosen for wavelet analysis of the experi-
mental signal based on the fact that Coiflet~level 5! wavelet is
fairly symmetrical and regular in shape~see Fig. 5!.

Wavelet map plotted with this wavelet was found to be fairly
symmetrical and smooth for the display of the vibration signals
measured from the experiment. Wavelet analysis in this work was
performed using the Wavelet Toolbox embedded in Matlab~an
integrated technical computing software!.
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6 Experimental Results and Discussions

6.1 Steady-State Operating Condition. Comparing the
baseline~good! condition and loose blade condition number one
~single loose blade with 1 mm and 2 mm looseness severity!, it
could be seen that there was no noticeable changes on the steady
state vibration spectrums;~Fig. 6!. With loose blade condition
number two~adjacent effect with three and six loose blades!, vi-
bration spectrums~Fig. 7! were almost identical to the baseline
condition ~Fig. 6!. Even with increased looseness severity and
increased number of loose blade~e.g., Case 4 in Fig. 7!, the BPF
and sidebands~220 Hz or 260 Hz! amplitudes remained almost
unchanged or unaffected. It could be inferred that under steady
state operating condition~1200 rpm!, the loose blades did not
result in any appreciable change to the vibration signals and loose
blades could not be detected in the vibration spectrums. Under the
steady-state operating condition, the centrifugal force would keep
the loose blade at the most extended outer position in the rotor
groove hence rendering the loose blade condition similar to the
baseline condition with all blades firmly seated in a tight position.

It could be concluded that the loose blade condition in the test rig
could not be readily detected under the steady-state operating con-
dition. It was however reported by Kuo@5# that loose blade could
be diagnosed under the normal operating condition by using
multi-vibration sensor system with FFT analysis combined to-
gether with neural network and fuzzy logic for pattern recognition
based on an experimental model. Differences in findings between
this work and Kuo, however, could be explained by the physical
differences in the test rig. Kuo’s work was based on an angular
displaced~loose! blade from its regular position, which free play
is not necessarily in the radial direction only. The loose blade
examined the study in this work involved a vertical displaced
looseness solely in the radial direction.

From the global wavelet maps shown in Fig. 8, it could be seen
that the vibration signals of steady state operating condition were
dominated by the periodical components. The first-order running
speed~20 Hz! was clearly seen from the extracted wavelet coef-
ficients at scale 44~20 Hz! from the wavelet map. It was also seen
that the dominating frequencies of the vibration signals were at
the scale of 1 to 10 or corresponding to 800 Hz to 100 Hz in
frequency spectrum. This suggested that the BPF~240 Hz! was
also included in the region. Figure 9 shows the zoomed wavelet
map~termed as local wavelet map! particularly at the scales 1 to 6
to capture changes in BPF when loose blade conditions were in-
duced in the experiment. By inducing one and three loose blades
on the blade assembly, there was no appreciable change found in
the local wavelet maps, which distinguished the loose blade con-
dition from the baseline condition~Compare Figs. 9~a!, 9~b!, and
9~c!!. These findings were in good agreement with the findings
found above that suggested that during the steady-state operating
condition, the centrifugal force will displace the blade in an
extended position, which therefore would be similar to baseline
condition.

6.2 Coast Down Condition. As typical in any machinery
coast down, resonant frequencies would be excited as the rota-

Fig. 5 Coiflet „level 5 … wavelet

Fig. 6 Comparison of baseline and faulty condition 1
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tional speed coincides with the natural frequency of the rotor and
structure. Waterfall plots of FFT vibration spectrum were exam-
ined for all test conditions. For the baseline, and a single loose
blade conditions, the waterfall plots were found to be normal~i.e.,
with resonant peaks at critical speeds!, and thereafter at low
speeds clean~i.e., no additional peaks! ~Fig. 10~a! and Fig. 10~b!!.

However, by increasing the looseness severity of that single
loose blade to 2 mm, some minor ripples were noted in the region
of 400 Hz to 800 Hz~see Fig. 10~c!!. By increasing the number of
loose blades from one to three blades, it could be seen that the
ripples increase accordingly~refer to Fig. 10~d!!. This finding sug-
gested that the loose blade may have triggered a series of impact

Fig. 7 Comparison of faulty condition 2

Fig. 8 Typical global wavelet map
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on the rotor, which excited its natural frequency of the experimen-
tal rig. These impacts could only happen during the last 10 s of
coast down when the weight of the loose blade was greater than
the centrifugal force. It was seen that there was no significant
difference between three loose blades and six loose blades condi-
tions even though it was thought reasonably that the total energy
of impact was proportional to the number of loose blades~com-
paring Figs. 10~d! and 10~e!!. In addition, the different in loose
blades configuration~adjacent and random loose blades positions!
could not be differentiated in waterfall profiles~comparing Figs.
10~d! and 10~e!!. Notwithstanding the above, it is acknowledged
that the differences in the waterfall plots with fault condition were
not readily apparent. This makes it even more less applicable in
real machines.

In the baseline~good! condition, the coast down wavelet map
was clean~see Fig. 11~a!!. With a nominal loose blade condition

of a single loose blade and minimum looseness severity of 1 mm,
significant changes were noted in the wavelet maps. Relatively
high amplitude components in the region of 1–10 scale or corre-
sponding to 1000 Hz to 150 Hz along the time scale was observed
~Fig. 11~b!!. This suggested that light impacts had occurred
thereby exciting natural frequencies which was evident in the
wavelet map. It was seen that increasing the looseness severity
from 1 mm to 2 mm, resulted in greater change consistent with
increase in impact~compare the gray color tone of impacts in
Figs. 11~b! and 11~c!!. The increase in the number of loose blades
from one blade to three and six blades resulted in longer impact
duration as seen in wavelet maps, Figs. 10~d! and 10~e!. Examin-
ing the total impact time seen in wavelet maps provided a basis of
estimate in the number of loose blade. It was found that the
greater the looseness severity the higher the impact energy would
be seen in the wavelet maps. Changes in intensity as represented

Fig. 9 Local wavelet maps: „a… baseline, „b… condition no. 1 „one blade, 1 mm …,
„c… condition no. 2 „three blades, 1 mm …
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at the color in the wavelet map, indicated severity of looseness.
Differences in loose blades configuration~adjacent and random
loose blades position! could be fairly estimated based on the time
duration taken for the two consecutive impacts as seen on the
wavelet maps~compare Figs. 11~d! and 11~e!!. In conclusion,
loose blade was detectable in the wavelet map during the coast
down condition. The looseness severity, the number of loose
blades, as well as the configuration of the loose blades could be
differentiated based on the pattern of the wavelet maps.

6.3 Discussion. Some important and significant findings of
this experiment are summarized as follows:

1. It was shown that the loose blade conditions were undetect-
able under steady-state operating condition, either by using the

Fig. 10 Waterfall plots: „a… baseline, „b… condition no. 1 „1
mm …, „c… condition no. 1 „2 mm …, „d… condition no. 2 „three
blades, 2 mm …, „e… condition no. 3 „six blades, 2 mm …

Fig. 11 Coast down wavelet maps: „a… baseline, „b… condition
no. 1 „1 mm …, „c… condition no. 1 „2 mm …, „d… condition no. 2
„three blades, 2 mm …, „e… condition no. 3 „six blades, 2 mm …
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Fourier analysis method or wavelet analysis method. It was only
during the coast down condition, that a loose blade could be de-
tected based on the impacts imposed by the loose blade, which
excited the natural frequency of the rotor system. This suggests
that not all kinds of blade faults could be readily detected during
normal or steady-state operating condition.

2. Wavelet analysis was shown to be more sensitive than the
conventional FFT waterfall in detecting loose blade. This was
evident from changes in the wavelet map with a single loose blade
with nominal ~1 mm! looseness, which was not obvious in FFT
waterfall plots. This was due to the fact that the impacts signals
are nonstationary signals, which would be better analyzed by
time-frequency analysis method such as wavelet analysis. Con-
ventional Fourier analysis was more suitable for deterministic and
stationary signal. When Fourier analysis method is used to ana-
lyze these nonstationary impactive signals such as those generated
by loose blade, these signals would be normalized over the entire
time series. These impactive signals would therefore be masked
by noise or more prominent frequency components present in the
frequency spectrums. This observation was in agreement with
findings of Aretakis and Mathioudakis@13# that the wavelet analy-
sis allows local features and hidden details of a signal to be iden-
tified that makes it useful for condition monitoring in turboma-
chiney components, where the detection of small changes in
dynamic quantities is important.

3. Over the years, frequency spectrum~BPF! of Fourier analy-
sis has been used as the primary tool to diagnose blade faults in
gas turbines. It was however noted from this work that wavelet
analysis is superior over Fourier analysis for loose blade detec-
tion. Wavelet map provides a good illustration to visualize the
dynamics response of a mechanical system. It could show simul-
taneously the periodicity and the transient components of vibra-
tion signal. This offers an advantage over the Fourier analysis
where the transient signals would be normalized, and only the
averaged energy of particular frequencies band is shown in the
frequency spectrum. Aretakis and Mathioudakis@13# had showed
that the extracted wavelet amplitude differences near BPF was
viable in diagnosing twisted blade and fouled blade.

4. In addition, the extracted BPF time waveform provides bet-
ter visualization on the pressure profile trailing each blade. There

were ten peaks found in the local wavelet map plotted for the
duration of ten cycles~see Figs. 9~a! to 9~c!!. These peaks were
better seen in the BPF time waveforms extracted from the local
wavelet map~the lower diagram of every local wavelet maps in
Fig. 9!. For clearer view, the enlarged BPF time waveform is
shown in Fig. 12.

It was found that in one rotational~0.05 s!, there were approxi-
mately 12 pressure gradients, which represented 12 pressure pro-
files imposed by each blade on the experimental rig. This method
is potentially suitable for diagnosis of blade deformation faults
~such as crack, FOD, loss part, and erosion and corrosion! that
introduce changes to the blade surface or geometry. This in turn
would potentially alter the BPF time waveform profiles. Wavelet
analysis has the capability to extract BPF time waveform from the
raw vibration signal. The extracted BPF time waveform could
then be used as the raw signal inputted into the wavelet analysis
for the second time for feature recognition~fault recognition! pur-
poses. This method~referred as ‘‘dwi-wavelet analysis’’! in some
ways are similar in intent of Cepstrum analysis used in vibration
analysis. This method seems promising for blade faults diagnosis
particularly for blade deformations faults. Figure 13 showed the
simulated blade passing time waveform for good and faulty blade.
Minor distortion of BPF time waveform~due to blade deforma-
tion! would not be obvious in Fourier analysis spectrum. This
minor alteration on the blade passing time waveform could, how-
ever, be clearly detected with wavelet analysis~compare Figs.
13~a! and 13~b!!. This illustrates the feasibility that BPF should be
treated as nonstationary signal and blade fault could therefore be
potentially detected with ‘‘dwi-wavelet’’ analysis. This could in-
troduce a new paradigm for blade faults diagnosis whereby BPF is
no longer treated as stationary signal~as the case with frequency
spectrum! but would be recognized as a nonstationary signal. This
is then well suited for time-frequency analysis method such as
wavelet analysis.

This method, if combined with the phase information could be
able to detect the number and the position of the faulty blades
which is never possible using the Fourier analysis~since the time

Fig. 12 Zoomed BPF time waveform
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information is lost!. On-going work is still in progress to confirm
the feasibility of this proposition in the diagnosis of blade faults in
gas turbines.

7 Conclusion
Some level of understanding on the characteristics of the loose

blades under different operating conditions~steady state operating
condition and coast down condition! was achieved in this experi-
mental study. It could be observed that during the steady-state
operating condition, loose blade conditions resembled the baseline
condition ~all blades in tight condition! due to the centrifugal
force. It was towards the very end of the coast down process that
loose blade could result in a series of impacts on the rotor that
excited the natural frequencies of the test rig. This finding when
extrapolated to a real world application in the detection of loose
blades condition in commercial gas turbine, confirmed that coast
down signals should be measured and analyzed. In the experimen-
tal study, it was shown that wavelet analysis was more sensitive to
detect the loose blade condition and could reasonably estimate the
severity, the number of the loose blades and the loose blade con-

figurations implanted in the test rig. The question that remained to
be answered was how the impacts signals could be captured by an
accelerometer if the rotor to blade weight’s ratio was large? Would
the impact signal be overwhelmed by the more prominent signal
or noise? How well this method will perform in a more complex
environment of an actual gas turbine shall require a pilot study on
actual gas turbines correlated with observation of physical faults
and maintenance post-mortem.
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Aircraft Turbofan Engine Health
Estimation Using Constrained
Kalman Filtering
Kalman filters are often used to estimate the state variables of a dynamic system. How-
ever, in the application of Kalman filters some known signal information is often either
ignored or dealt with heuristically. For instance, state-variable constraints (which may be
based on physical considerations) are often neglected because they do not fit easily into
the structure of the Kalman filter. This paper develops an analytic method of incorporat-
ing state-variable inequality constraints in the Kalman filter. The resultant filter is a
combination of a standard Kalman filter and a quadratic programming problem. The
incorporation of state-variable constraints increases the computational effort of the filter
but significantly improves its estimation accuracy. The improvement is proven theoreti-
cally and shown via simulation results obtained from application to a turbofan engine
model. This model contains 16 state variables, 12 measurements, and 8 component health
parameters. It is shown that the new algorithms provide improved performance in this
example over unconstrained Kalman filtering.@DOI: 10.1115/1.1789153#

Introduction
For linear dynamic systems with white process and measure-

ment noise, the Kalman filter is known to be an optimal estimator.
However, in the application of Kalman filters there is often known
model or signal information that is either ignored or dealt with
heuristically@1#. This paper presents a way to generalize the Kal-
man filter in such a way that known inequality constraints among
the state variables are satisfied by the state-variable estimates.

The method presented here for enforcing inequality constraints
on the state-variable estimates uses hard constraints. It is based on
a generalization of the approach presented in Ref.@2#, which dealt
with the incorporation of state-variable equality constraints in the
Kalman filter. Inequality constraints are inherently more compli-
cated than equality constraints, but standard quadratic program-
ming results can be used to solve the Kalman-filter problem with
inequality constraints. At each time step of the constrained Kal-
man filter, we solve a quadratic programming problem to obtain
the constrained state estimate. A family of constrained state esti-
mates is obtained, where the weighting matrix of the quadratic
programming problem determines which family member forms
the desired solution. It is stated in this paper, on the basis of Ref.
@2#, that the constrained estimate has several important properties.
The constrained state estimate is unbiased~Theorem 1 below! and
has a smaller error covariance than the unconstrained estimate
~Theorem 2 below!. We show which member of all possible con-
strained solutions has the smallest error covariance~Theorem 3
below!. We also show the one particular member that is always
~i.e., at each time step! closer to the true state than the uncon-
strained estimate~Theorem 4 below!. Finally, we show that the
variation of the constrained estimate is smaller than the variation
of the unconstrained estimate~Theorem 5 below!.

The application considered in this paper is turbofan engine
health-parameter estimation@3#. The performance of gas turbine
engines deteriorates over time. This deterioration can affect the
fuel economy and impact emissions, component life consumption,
and thrust response of the engine. Airlines periodically collect

engine data in order to evaluate the health of the engine and its
components. The health evaluation is then used to determine
maintenance schedules. Reliable health evaluations are used to
anticipate future maintenance needs. This offers the benefits of
improved safety and reduced operating costs. The money-saving
potential of such health evaluations is substantial, but only if the
evaluations are reliable. The data used to perform health evalua-
tions are typically collected during flight and later transferred to
ground-based computers for post-flight analysis. Data are col-
lected each flight at approximately the same engine operating con-
ditions and corrected to account for variability in ambient condi-
tions and power-setting levels. Typically, data are collected for a
period of about 3 s at arate of about 10 or 20 Hz. Various algo-
rithms have been proposed to estimate engine health parameters,
such as weighted least squares@4#, expert systems@5#, Kalman
filters @6#, neural networks@6#, and genetic algorithms@7#.

This paper applies constrained Kalman filtering to estimate en-
gine component efficiencies and flow capacities, which are re-
ferred to as health parameters. We can use our knowledge of the
physics of the turbofan engine in order to obtain a dynamic model
@8,9#. The health parameters that we try to estimate can be mod-
eled as slowly varying biases. The state vector of the dynamic
model is augmented to include the health parameters, which are
then estimated with a Kalman filter@10#. The model formulation
in this paper is similar to previous NASA work@11#. However,
Ref. @11# was limited to a 3-state dynamic model and 2 health
parameters, whereas this present work includes a more complete
16-state model and 8 health parameters. In addition, we have
some a priori knowledge of the engine’s health parameters: we
know that they never improve. Engine health always degrades
over time, and we can incorporate this information into state con-
straints to improve our health-parameter estimation.~This is as-
suming that no maintenance or engine overhaul is performed.!
This is similar to the probabilistic approach to turbofan prognos-
tics proposed in Ref.@12#. The simulation results that we present
here show that the Kalman filter can estimate health-parameter
deviations with an average error of less than 5%, and the con-
strained Kalman filter performs even better than the unconstrained
filter.

It should be emphasized that in this paper we are confining the
problem to the estimation of engine health parameters in the pres-
ence of degradation only. There are specific engine fault scenarios
that can result in abrupt shifts in filter estimates, possibly even
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indicating an apparent improvement in some engine components.
An actual engine-performance monitoring system would need to
include additional logic to detect and isolate such faults.

Kalman Filtering
Consider the discrete linear time-invariant system given by

xk115Axk1Buk1wk ,
(1)

yk5Cxk1ek ,

wherek is the time index,x is the state vector,u is the known
control input,y is the measurement, and$wk% and$ek% are uncor-
related zero-mean white-noise input sequences. We useQ to de-
note the covariance of$wk% and R to denote the covariance of
$ek%, and x̄ to denote the expected value ofx. The problem is to
find an estimate x̂k11 of xk11 given the measurements
$y0 ,y1 , . . . ,yk%. We will use the symbolYk to denote the column
vector that contains the measurements$y0 ,y1 , . . . ,yk%. The Kal-
man filter can be used to solve this problem as follows:

Kk5ASkC
T~CSkC

T1R!21, (2)

x̂k115Ax̂k1Buk1Kk~yk2Cx̂k!, (3)

Sk115~ASk2KkCSk!A
T1Q, (4)

where the filter is initialized withx̂05 x̄0 , and S05E@(x02 x̄0)
3(x02 x̄0)T#. It can be shown@13# that the Kalman-filter estimate
has several attractive properties. It is unbiased, and of all affine
estimators, it is the one that minimizes the variance of the estima-
tion error. In addition, ifx0 , $wk%, and$ek% are jointly Gaussian,
then the Kalman-filter estimate is the one that maximizes the con-
ditional probability density function of the state given the mea-
surement history.

Kalman Filtering With Inequality Constraints
This section extends the well-known results of the preceding

section to cases where there are known linear inequality con-
straints among the state components. Also, several important
properties of the constrained filter are discussed. Consider the
dynamic system of Eq.~1! where we are given the additional
constraint

Dxk<dk , (5)

where D is a knowns3n constant matrix,s is the number of
constraints,n is the number of state variables, ands<n. It is
assumed in this paper thatD is full rank, i.e., thatD has ranks.
This is an easily satisfied assumption. IfD is not full rank that
means we have redundant state constraints. In that case we can
simply remove linearly dependent rows fromD ~i.e., remove re-
dundant state constraints! until D is full rank. Three different ap-
proaches to the constrained state estimation problem are given in
this section. The time indexk is omitted in the remainder of this
section for ease of notation.

The Maximum Probability Method. In this section we de-
rive the constrained Kalman-filtering problem by using a maxi-
mum probability method. From Ref.@@13#, p. 93ff.# we know that
the Kalman-filter estimate is that value ofx that maximizes the
conditional probability density functionP(xuY). The constrained
Kalman filter can be derived by finding an estimatex̃ such that the
conditional probabilityP( x̃uY) is maximized andx̃ satisfies the
constraint of Eq.~5!. Maximizing P( x̃uY) is the same as maxi-
mizing its natural logarithm. So the problem we want to solve can
be given by

max lnP~ x̃uY!⇒min
x̃

~ x̃2x% !TS21~ x̃2x% !,

(6)
such thatDx̃<d.

Using the fact that the unconstrained state estimatex̂5x% ~the con-
ditional mean ofx!, we rewrite the above equation as

min
x̃

~ x̃TS21x̃22x̂TS21x̃!such thatDx̃<d. (7)

Note that this problem statement depends on the conditional
Gaussian nature ofx̂, which in turn depends on the Gaussian
nature ofx0 , $wk%, and$ek% in Eq. ~1!.

The Mean-Square Method. In this section we derive the
constrained Kalman-filtering problem by using a mean-square
minimization method. We seek to minimize the conditional mean-
square error subject to the state constraints.

min
x̃

E~ ix2 x̃i2uY!such thatDx̃<d, (8)

wherei•i denotes the vector two-norm. If we assume thatx andY
are jointly Gaussian, the mean-square error can be written as

E~ ix2 x̃i2uY!5E ~x2 x̃!T~x2 x̃!P~xuY!dx (9)

5E xTxP~xuY!dx22x̃TE xP~xuY!dx1 x̃Tx̃.

(10)

Noting that the Kalman-filter estimate is the conditional mean of
x, i.e.,

x̂5E xP~xuY!dx, (11)

we formulate the first-order conditions necessary for a minimum
as

min
x̃

~ x̃Tx̃22x̂Tx̃!such thatDx̃<d. (12)

Again, this problem statement depends on the conditional Gauss-
ian nature ofx̂, which in turn depends on the Gaussian nature of
x0 , $wk%, and$ek% in Eq. ~1!.

The Projection Method. In this section we derive the con-
strained Kalman-filtering problem by directly projecting the un-
constrained state estimatex̂ onto the constraint surface. That is,
we solve the problem

min
x̃

~ x̃2 x̂!TW~ x̃2 x̂!such thatDx̃<d, (13)

where W is any symmetric positive-definite weighting matrix.
This problem can be rewritten as

min
x̃

~ x̃TWx̃22x̂TWx̃!such thatDx̃<d. (14)

The constrained estimation problems derived by the maximum
probability method of Eq.~7! and the mean-square method of Eq.
~12! can be obtained from this equation by settingW5S21 and
W5I , respectively. Note that this derivation of the constrained
estimation problem does not depend on the conditional Gaussian
nature ofx̂; i.e., x0 , $wk%, and$ek% in Eq. ~1! are not assumed to
be Gaussian.

The Solution of the Constrained-State Estimation Problem.
The problem defined by Eq.~14! is known as a quadratic pro-
gramming problem@14,15#. There are many algorithms for solv-
ing quadratic programming problems, almost all of which fall in
the category known as active set methods. An active set method
uses the fact that it is only those constraints that are active at the
solution of the problem that are significant in the optimality con-
ditions. Assume thatt of the s inequality constraints are active at
the solution of Eq.~14!, and denote byD̂ and d̂ the t rows of D
and t elements ofd corresponding to the active constraints. If the
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correct set of active constraints was known a priori then the solu-
tion of Eq. ~14! would also be a solution of the equality-
constrained problem

min
x̃

~ x̃TWx̃22x̂TWx̃!such that D̂x̃5d̂. (15)

This shows that the inequality-constrained problem defined by Eq.
~14! is equivalent to the equality-constrained problem defined by
Eq. ~15!. Note that x̃ depends entirely onx̂ at each time step.
Although the equation forx̂ is recursive as seen in Eq.~3!, the
equation for x̃ is not recursive. Therefore, an inequality-
constrained Kalman filter that uses active set methods to enforce
the constraints completely reduces to an equality-constrained Kal-
man filter, even though the active set may change at each time
step. The equality-constrained problem was discussed in Ref.@2#,
in which there is no assumption that the constraints remain con-
stant from one time step to the next. Therefore, those results can
be used to investigate the properties of the inequality-constrained
filter.

Properties of the Constrained State Estimate. In this sec-
tion we examine some of the statistical properties of the con-
strained Kalman filter. We usex̂ to denote the state estimate of the
unconstrained Kalman filter, andx̃ to denote the state estimate of
the constrained Kalman filter as given by Eq.~14!, recalling that
Eqs.~7! and ~12! are special cases of Eq.~14!.

Theorem 1. The solutionx̃ of the constrained state estimation
problem given by Eq.~14! is an unbiased state estimator for the
system given by Eq.~1! for any symmetric positive definite
weighting matrix W. That is,

E~ x̃!5E~x!. (16)

Theorem 2. The solutionx̃ of the constrained state estimation
problem given by Eq.~14! with W5S21, whereS is the error
covariance of the unconstrained estimate given in Eq.~4!, has an
error covariance that is less than or equal to that of the uncon-
strained state estimate. That is,

Cov~x2 x̃!<Cov~x2 x̂!. (17)

At first this seems counterintuitive, since the standard Kalman
filter is by definition the minimum variance filter. However, we
have changed the problem by introducing state-variable con-
straints. Therefore, the standard Kalman filter is no longer the
minimum variance filter, and we can do better with the con-
strained Kalman filter.

Theorem 3. Among all the constrained Kalman filters result-
ing from the solution of Eq.~14!, the filter that usesW5S21 has
the smallest estimation error covariance. That is,

Cov~x2 x̃S21!<Cov~x2 x̃W! for all W. (18)

Theorem 4. The solutionx̃ of the constrained state estimation
problem given by Eq.~14! with W5I satisfies the inequality

ixk2 x̃ki<ixk2 x̂ki for all k, (19)

where i•i is the vector two-norm andx̂ is the unconstrained
Kalman-filter estimate.

Theorem 5. The error of the solutionx̃ of the constrained state
estimation problem given by Eq.~14! with W5I is smaller than
the unconstrained estimation error in the sense that

Tr@Cov~ x̃!]<Tr@Cov~ x̂!#, (20)

where Tr@•# indicates the trace of a matrix, and Cov~•! indicates
the covariance matrix of a random vector.

The above theorems all follow from the equivalence of Eqs.
~14! and~15!, and the proofs presented in Ref.@2#. We note that if
any of thes constraints are active at the solution of Eq.~14!, then
strict inequalities hold in the statements of Theorems 2–5. The

only time that equalities hold in the theorems is if there are no
active constraints at the solution of Eq.~14!; that is, if the uncon-
strained Kalman filter satisfies the inequality constraints.

Turbofan Engine Health Monitoring
The high-performance turbofan engine model used in this re-

search is based on a gas turbine engine simulation software pack-
age calledDIGTEM ~digital turbofan engine model! @8,16#. DIGTEM

is written in Fortran and includes 16 state variables. It uses a
backward difference integration scheme because the turbofan
model contains time constants that differ by up to four orders of
magnitude.

The nonlinear equations used inDIGTEM can be found in Refs.
@8,9#. The time-invariant equations can be summarized as follows:

ẋ5 f ~x,u,p!1w1~ t !,
(21)

y5g~x,u,p!1e~ t !.

x is the 16-element state vector,u is the 6-element control vector,
p is the 8-element vector of health parameters, andy is the 12-
element vector of measurements. The noise termw1(t) represents
inaccuracies in the model, ande(t) represents measurement noise.
The state variables and their nominal values at the selected oper-
ating point are as follows:

• Low-pressure turbine~LPT! rotor speed~9200 rpm!
• High-pressure turbine~HPT! rotor speed~11900 rpm!
• Compressor volume stored mass~0.91294 lbm!
• Combustor inlet temperature~1325 R!
• Combustor volume stored mass~0.460 lbm!
• HPT inlet temperature~2520 R!
• HPT volume stored mass~2.4575 lbm!
• LPT inlet temperature~1780 R!
• LPT volume stored mass~2.227 lbm!
• Augmentor inlet temperature~1160 R!
• Augmentor volume stored mass~1.7721 lbm!
• Nozzle inlet temperature~1160 R!
• Duct airflow ~86.501 lbm/s!
• Augmentor airflow~194.94 lbm/s!
• Duct volume stored mass~6.7372 lbm!
• Duct temperature~696 R!

The turbofan controls and their nominal values are as follows:

• Combustor fuel flow~1.70 lbm/s!
• Augmentor fuel flow~0 lbm/s!
• Nozzle throat area~430 in.2!
• Nozzle exit area~492 in.2!
• Fan vane angle~21.7°!
• Compressor vane angle~4.0°!

The health parameters and their nominal values are as follows:

• Fan airflow~193.5 lbm/s!
• Fan efficiency~0.8269!
• Compressor airflow~107.0 lbm/s!
• Compressor efficiency~0.8298!
• HPT airflow ~89.8 lbm/s!
• HPT enthalpy change~167.0 Btu/lbm!
• LPT airflow ~107.0 lbm/s!
• LPT enthalpy change~75.5 Btu/lbm!

The turbofan measurements and their nominal values and signal-
to-noise ratios~SNRs! are as follows:

• LPT rotor speed~9200 rpm, SNR5150!
• HPT rotor speed~11900 rpm, SNR5150!
• Duct pressure~34.5 psia, SNR5200!
• Duct temperature~696 R, SNR5100!
• Compressor inlet pressure~36.0 psia, SNR5200!
• Compressor inlet temperature~698 R, SNR5100!
• Combustor pressure~267 psia, SNR5200!

Journal of Engineering for Gas Turbines and Power APRIL 2005, Vol. 127 Õ 325

Downloaded 02 Jun 2010 to 171.66.16.98. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



• Combustor inlet temperature~1325 R, SNR5100!
• LPT inlet pressure~70.0 psia, SNR5100!
• LPT inlet temperature~1780 R, SNR570!
• Augmentor inlet pressure~31.8 psia, SNR5100!
• Augmentor inlet temperature~1160 R, SNR570!

The SNR values above are based on NASA experience and pre-
viously published data@17#. Sensor dynamics are assumed to be
high enough bandwidth that they can be ignored in the dynamic
equations@17#. Equation~21! can be linearized about the nominal
operating point by using the first-order approximation of the
Taylor-series expansion. This gives a linear small-signal system
model defined for small excursions from the nominal operating
point:

d ẋ5A1dx1Bdu1A2dp1w1~ t !,
(22)

dy5C1dx1Ddu1C2dp1e~ t !.

We note that

A15
] f

]x
,

(23)

A1~ i , j !'
D ẋ~ i !

Dx~ j !
.

Similar equations hold for theA2 , C1 , andC2 matrices. We ob-
tained numerical approximations to theA1 , A2 , C1 , andC2 ma-
trices by varyingx andp from their nominal values~one element
at a time! and recording the newẋ andy vectors inDIGTEM.

The goal of our turbofan engine health monitoring problem is to
obtain an accurate estimate ofdp, which varies slowly with time.
We therefore assume thatdp remains essentially constant during a
single flight. We also assume that the control input is constant, so
du50. ~In reality,duÞ0, which complicates the problem and will
give different results than we present in this paper. This will be
explored in further work.! This gives us the following equivalent
discrete time system@@18#, p. 90ff.#:

dxk115A1ddxk1A2ddpk1w1k ,
(24)

dyk5C1dxk1C2dpk1ek ,

where A1d5exp(A1T) and A2d5A1
21(A1d2I )A2 ~assuming that

A1 is invertible, which it is in our problem!. We next augment the
state vector with the health-parameter vector@11# to obtain the
system equation

F dxk11

dpk11
G5FA1d A2d

0 I
G F dxk

dpk
G1Fw1k

w2k
G ,

(25)

dyk5@C1 C2#F dxk

dpk
G1ek ,

where w2k is a small noise term~uncorrelated withw1k) that
represents model uncertainty and allows the Kalman filter to esti-
mate time-varying health-parameter variations. The discrete time
small signal model can be written as

F dxk11

dpk11
G5AF dxk

dpk
G1wk ,

(26)

dyk5CF dxk

dpk
G1ek ,

where the definitions ofA andC are apparent from a comparison
of the two preceding equations. Now we can use a Kalman filter
to estimatedxk anddpk . Actually, we are only interested in esti-
matingdpk ~the health-parameter deviations!, but the Kalman fil-
ter gives us the bonus of also estimatingdxk ~the excursions of the
original turbofan state variables!. Note that four of the state vari-
ables are directly measured with good SNRs. The Kalman-filter

equations automatically use this information to improve its esti-
mate of all of the state variables and generate the optimal state
estimate.

It is known that health parameters do not improve over time.
That is, dp(1), dp(2), dp(3), dp(4), dp(6), and dp(8) are
always less than or equal to zero and always decrease with time.
Similarly, dp(5) anddp(7) ~the two turbine airflow parameters!
are always greater than or equal to zero and always increase with
time. In addition, it is known that the health parameters vary
slowly with time. As an example, sinced̃p(1) is the constrained
estimate ofdp(1), we canenforce the following constraints on
d̃p(1):

d̃p~1!<0,

d̃pk11~1!<d̃pk~1!1g1
1 , (27)

d̃pk11~1!>d̃pk~1!2g1
2 ,

whereg1
1 andg1

2 are nonnegative factors chosen by the user that
allows the state estimate to vary only within prescribed limits.
Typically we chooseg1

2.g1
1 so that the state estimate can change

more in the negative direction than in the positive direction. This
is in keeping with our a priori knowledge that this particular state
variable never increases with time. Ideally we would haveg1

1

50 since dp(1) never increases. However, since the state-
variable estimate varies around the true value of the state variable,
we chooseg1

1.0. This allows some time-varying increase in the
state-variable estimate to compensate for a state-variable estimate
that is smaller than the true state-variable value.

These constraints are linear and can therefore easily be incor-
porated into the form required in the constrained filtering problem
statement of Eq.~5!. If the state constraints are nonlinear they can
be linearized as discussed in Ref.@2#. Note that this does not take
into account the possibility of abrupt changes in health parameters
due to discrete damage events. That possibility must be addressed
by some other means~e.g., residual checking@3#! in conjuction
with the methods presented in this paper.

Simulation Results
We simulated the methods discussed in this paper usingMAT-

LAB. We simulated a steady-state 3 s burst of engine data mea-
sured at 10 Hz during each flight. The nonlinearDIGTEM software
described in the preceding section was used to generated the mea-
surement data. Each data collection was performed at the single
operating point shown earlier in this paper. The signal-to-noise
ratios were determined on the basis of NASA experience and pre-
viously published data@17# and are shown earlier in this paper.
The Kalman filter was relinearized around the state estimates ev-
ery 50 flights. We used a 1s process noise in the Kalman filter
equal to approximately 1% of the nominal state values to allow
the filter to be responsive to changes in the state variables. We set
the 1s process noise for each component of the health-parameter
portion of the state derivative equation to 0.01% of the nominal
parameter value. This was obtained by tuning. It was small
enough to give reasonably smooth estimates, and large enough to
allow the filter to track slowly time-varying parameters. For the
constrained filter, we chose theg variables in Eq.~27! such that
the maximum allowable rate of change ind̃p was the sum of a
linear and exponential function that reached 9% after 500 flights
in the direction of expected change, and 3% after 500 flights in the
opposite direction. The true health-parameter values never change
in a direction opposite to the expected change. However, we allow
the state estimate to change in the opposite direction to allow the
Kalman filter to compensate for the fact that the state estimate
might be either too large or too small. We set the weighting matrix
W in Eq. ~14! equal toS21 in accordance with Theorem 3.

We simulated an exponential degradation of the eight health
parameters over 500 flights. The initial health-parameter estima-
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tion errors were taken from one-sided normal distributions with
standard deviations of 0.5% of their nominal values. The simu-
lated health-parameter degradations were representative of turbo-
fan performance data reported in the literature@19#. We ran 30
Monte Carlo simulations like this, each with a different noise
history and different initial estimation errors. Figures 1 and 2
show the Kalman filter’s performance in a typical case when the
initial estimation errors are zero. Both simulations represented in
the figures have the same ‘‘random’’ measurement noise. Table 1
shows the performance of the filters averaged over all 30 simula-
tions. The standard Kalman filter estimates the health parameters
to within 4.66% of their final degradations. The constrained filter
estimates the health parameters to within 3.90% of their final deg-
radations. These numbers show the improvement that is possible
with the constrained Kalman filter.

The improved performance of the constrained filter comes with
a price, and that price is computational effort. The constrained
filter requires about four times the computational effort of the
unconstrained filter. This is because of the additional quadratic

programming problem that is required. However, computational
effort is not a critical issue for turbofan health estimation since the
filtering is performed on ground-based computers after each flight.

Note that the Kalman filter works well only if the assumed
system model matches reality fairly closely. The method presented
in this paper, by itself, will not work well if there are large sensor
biases or hard faults due to severe component failures. A mission-
critical implementation of a Kalman filter should always include
some sort of residual check to verify the validity of the Kalman-
filter results@20#, particularly for the application of turbofan en-
gine health estimation considered in this paper@3#.

It can be seen from the figures that although the constrained
filter improves the estimation accuracy, the general trend of the
state-variable estimates does not change with the introduction of
state constraints. This is because the constrained filter is based on
the unconstrained Kalman filter. The constrained filter estimates
therefore have the same shape as the unconstrained estimatesuntil
the constraints are violated, at which point the state-variable esti-
mates are projected onto the edge of the constraint boundary. The
constrained filter presented in this paper is not qualitatively dif-
ferent than the standard Kalman filter; it is rather a quantitative
improvement in the standard Kalman filter.

Conclusion
We have presented an analytic method for incorporating linear

state inequality constraints in a Kalman filter. This maintains the
state-variable estimates within a user-defined envelope. The simu-
lation results demonstrate the effectiveness of this method, par-
ticularly for turbofan engine health estimation.

If the system whose state variables are being estimated has
known state-variable constraints, then those constraints can be
incorporated into the Kalman filter as shown in this paper. How-
ever, in implementation, the constraints enforced in the filter
might be more relaxed than the true constraints. This allows the
filter to correct state-variable estimates in a direction that the true
state variables might never change. This is a departure from strict
adherence to theory, but in practice this improves the performance
of the filter. This is an implementation issue that is conceptually
similar to tuning a standard Kalman filter.

We saw that the constrained filter requires a much larger com-
putational effort than the standard Kalman filter. This is due to the
addition of the quadratic programming problem that must be
solved in the constrained Kalman filter. The engineer must there-
fore perform a tradeoff between computational effort and estima-
tion accuracy.
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Fig. 1 Unconstrained Kalman-filter estimates of health param-
eters. True health-parameter changes are shown as heavy
lines. Filter estimates are shown as lighter lines.

Fig. 2 Constrained Kalman-filter estimates of health param-
eters. True health-parameter changes are shown as heavy
lines. Filter estimates are shown as lighter lines.

Table 1 Kalman-filter estimation errors. The numbers shown
are rms estimation errors averaged over 30 simulations where
each simulation had a linear-plus-exponential degradation of
all eight health parameters. The numbers show the error be-
tween the estimated and actual degradation as percentages of
the degradation at the final time.

Health parameter

Estimation error~%!

Unconstrained Constrained

Fan airflow 4.81 4.41
Fan efficiency 5.85 4.60
Compressor airflow 3.43 2.73
Compressor efficiency 4.82 3.80
HPT airflow 3.09 2.39
HPT enthalpy change 4.48 3.76
LPT airflow 4.54 4.26
LPT enthalpy change 6.28 5.22
Average 4.66 3.90
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Adaptive Myriad Filter for
Improved Gas Turbine Condition
Monitoring Using Transient Data
The removal of noise and outliers from measurement signals is a major problem in jet
engine health monitoring. In this study, we look at the myriad filter as a substitute for the
moving average filter that is widely used in the gas turbine industry. The three ideal test
signals used in this study are the step signal that simulates a single fault in the gas
turbine, while ramp and quadratic signals simulate long term deterioration. Results show
that the myriad filter performs better in noise reduction and outlier removal when com-
pared to the moving average filter. Further, an adaptive weighted myriad filter algorithm
that adapts to the quality of incoming data is studied. The filters are demonstrated on
simulated clean and deteriorated engine data obtained from an acceleration process from
idle to maximum thrust condition. This data was obtained from published literature and
was simulated using a transient performance prediction code. The deteriorated engine
had single component faults in the low pressure turbine and intermediate pressure com-
pressor. The signals are obtained from T2 (IPC total outlet temperature) and T6 (LPT
total outlet temperature) engine sensors with their nonrepeatability values that were used
as noise levels. The weighted myriad filter shows even greater noise reduction and outlier
removal when compared to the sample myriad and a FIR filter in the gas turbine diag-
nosis. Adaptive filters such as those considered in this study are also useful for online
health monitoring, as they can adapt to changes in quality of incoming data.
@DOI: 10.1115/1.1850491#

Introduction
Gas turbines are important and expensive mechanical systems

that are used for power generation and aircraft propulsion. Moni-
toring the health of such systems is an important engineering
problem. Aircraft jet engines are fitted with four basic measure-
ments: low rotor speed, high rotor speed, exhaust gas temperature,
and fuel flow rate. These measurements lead to four measurement
deviations or deltas that are the difference from the measurements
of the damaged engine and the undamaged or baseline engine.
These measurement deltas are the health signals which are very
important for health monitoring since they contain information
about the condition of the gas turbine engine@1,2#. A key problem
in condition monitoring is the presence of high levels of noise and
outliers in the data. Another problem is the presence of sudden
trend shifts in gas path measurements that can occur due to so-
called ‘‘single faults’’ or repair events. It has been found from an
analysis of engine data that most faults in gas turbine engines are
preceded by a sudden increase in one or more measurements@3#.
These ‘‘single faults’’ result in a step change in the gas path mea-
surements. Besides ‘‘single faults,’’ gas turbines undergo deterio-
ration over time, which shows up as a gradual increase in the gas
path measurement deltas. It has been found from a study of rev-
enue service data that these measurements follow a low-order
polynomial variation with respect to time and a linear approxima-
tion is quite accurate@4–6#. Some studies have looked at deriving
algorithms for removing noise from gas turbine measurement del-
tas. In @3#, the exponential average filter was suggested as an
alternative to the FIR moving average filter. The authors also sug-
gest rules of thumb for removing outliers based on the logic that it
is not physically possible for any one measurement to change and

for the other measurements to not change. Such points were clas-
sified as outliers. Some studies have looked at median-type filters
for denoising gas path health signals. However, these algorithms
are based on median-type filters and have a time delay@7,8#. Since
data on aircraft power plants are obtained only once or twice per
flight, the time delay is a handicap. Other researchers have looked
at neural network based approaches for denoising gas path health
signals@9#.

The test signals used in this paper are for transient data. It is
possible to use both steady-state and transient data for diagnostics.
However, good steady-state data may not be available under all
operating conditions. For example, military engines can operate
up to 70% of the time in unsteady conditions@10#. In addition,
some faults may be amplified under transient conditions. Several
authors have looked at engine diagnostics with transient data@10–
13#. Some studies address the problem of fault detection and a few
have looked at the assessment of the fault magnitude. Neural net-
work and genetic algorithms have been used for the fault isolation
problem. While the neural approach is robust to the presence of
some level of noise in data, all fault isolation algorithms benefit
from prior signal processing. Since transient data is acquired on-
line at a reasonably high rate, we study an online adaptive signal
processing method in this paper, which can be useful for data
cleaning prior to fault isolation and visual display to human
engineers.

Linear filtering algorithms used in practical applications are
limited to the cases of Gaussian noise and show performance deg-
radation in the presence of impulsive contamination. The class of
myriad filters has been proposed for filtering highly noisy data
@14–17#. In this study, we look at the myriad filter as a substitute
for the moving average filter that is widely used in the gas turbine
industry.

Myriad Filter
Myriad filters are nonlinear filters whose development was mo-

tivated by the properties ofa-stable distributions, a family of
heavy-tailed densities that have been proposed for robust non-
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Gaussian signal processing in impulsive noise environments@14#.
Using ana-stable noise model leads to a noise removal processor
that performs nonlinear operations on the data and is good at
outlier removal. Myriad filters have a solid theoretical basis, and
are inherently more powerful than median filters.

The myriad filter is defined as a running-window filter output-
ting the sample myriad of the elements in the window. In the case
that all the weights are unitary@14#, this filter is referred as the
‘‘unweighted myriad filter’’ or simply as the myriad filter. The
myriad filter is then defined as

b̂K5argS min
b

)
i 51

N

@K21~xi2b!2# D . (1)

The myriad is the argumentb that minimizes the product expres-
sion in the above equation. The myriad filters can be controlled by
adjusting the linearity parameterK @16#. The larger the value ofK,
the closer the behavior of the myriad to a linear estimator. As the
myriad moves away from the linear region~large values ofK! to
lower values, the estimator becomes more nonlinear and resistant
to the presence of impulsive noise.

We use a five-point myriad filter that represents a small win-
dow. Distortion to sharp edges in the signal that can precede
‘‘single faults’’ is minimal. This filter can be evaluated by using
the following polynomial that is obtained from Eq.~1! by using
N55:

f ~b!5„K21~x12b!2
…* „K21~x22b!2

…* „K21~x32b!2
…* ~K2

1~x42b!2
…* „K21~x52b!2

… (2)

The myriad is the valueb that minimizes f (b), where it lies
between@x1 ,x5#, wherex1 and x5 are the minimum and maxi-
mum values in the sample. We see from Eq.~2! that f (b) for the
five-point filter myriad is a polynomial inb of order ten. In gen-
eral, f (b) for anN-point myriad is a polynomial of order 2N. To
find the value of the myriad, we need to find the roots off 8(b)
and find the value ofb among the root values that give the lowest
f (b). The myriad filters are compared in this study to FIR~Finite
Impulse Response! moving average filters of equal length. The
FIR filter is defined as

x̂5(
i 51

N

wixi , (3)

where the weights sum to one. When the weights are equal, a
moving average filter is obtained. The five-point moving average
FIR filter is defined as

x̂5
x11x21x31x41x5

5
, (4)

where each weight is equal to 1/5. Note that the myriad filter
becomes the moving average asK→`. Defining f i(b)5„K2

1(xi2b)2
…, Eq. ~2! can be written as

f ~b!5)
i 51

5

f i~b! (5)

Then,

f 8~b!5 f 18 f 2f 3f 4f 51 f 1f 28 f 3f 4f 51¯1 f 1f 2f 3f 4f 5850 (6)

Dividing by f 1f 2f 3f 4f 5 gives

f 18

f 1
1

f 28

f 2
1¯1

f 58

f 5
50 (7)

where f 8522(xi2b). The above equation can be written as

x12b

11
~x12b!2

K2

1
x22b

11
~x22b!2

K2

1¯1
x52b

11
~x52b!2

K2

50

(8)

As K→`, (xi2b)2/K2→0, which yields

b5
~x11x21x31x41x5!

5
(9)

Fig. 1 Test signals
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a moving average FIR filter. Thus we see that this filter is analo-
gous to the FIR filter unlike the median filters and may be used in
the same manner as the moving average is used in the gas turbine
industry.

Numerical Experiments
The signals that are considered for preliminary numerical ex-

periments are~1! the Step signal,~2! the Ramp signal and~3! the

Quadratic signal and are shown in Fig. 1. Later in this paper, more
realistic gas path signals are considered. However, the numerical
experiments conducted here allow the selection of the value of the
parameterK which is critical to the performance of the myriad
filter.

The step signal simulates a single fault event in the gas turbine.
The ramp and quadratic signal simulate long term deterioration.
The signal is created using

x5x01a«1u (10)

Fig. 2 Effect of linearity parameter K on five-point myriad filter
for MAE

Fig. 3 Clean and degraded signals during LPT fault on the
acceleration process

Fig. 4 Clean and degraded signals during IPC fault on the ac-
celeration process
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wherex0 is the root signal,« accounts for Gaussian noise andu
for non-Gaussian outliers. Herea is a parameter called noise level
that allows us to control the level of noise in the data. AC filter
performs the following operations that returns the filtered signal
from the corrupted signal.

y5C~x!5C~x01ae1u! (11)

The following error measures will be used to analyze the myriad
filter performance over a sample ofN points by comparing the
filtered signal with the root signal

MAE5(
i 51

N
u~y2x0!u

N
(12)

Fig. 5 Clean and degraded signals during LPT fault on the acceleration pro-
cess for T2
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The error measures used are the mean absolute error~MAE! that
are widely used in signal processing and is particularly sensitive
to the presence of outliers and edges in the data. The three ideal
test signals are shown in Fig. 1, which show a signal from discrete
time k51 until k525. These signals correspond to the step
change in the measurements, a linear variation and a quadratic
variation. Five outliers are added to test the robustness of the filter
to impulses:u~7!521.0; u~18!51.0; u~10!50.75; u~14!520.75;
u~22!521.5. Gaussian noise at various levels is added for the

numerical experiments. Since the maximum value of the test sig-
nals is one and the minimum value is 0, by varying the noise level
a between 0 and 0.4, a wide variety of signal to noise ratios found
in typical gas path measurements can be simulated.

The effects of the linearity parameterK on MAE is studied on
the step, ramp edge, and quadratic signals for the five-point filter.
The simulation results for step, ramp, and quadratic signal for
different values ofK on MAE are shown in Fig. 2 with various
noise levels in the data. For the five-point filter, low values ofK

Fig. 6 Clean and degraded signals during LPT fault on the acceleration
process for T6
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~such asK50.01) cause the myriad performance to become worse
than the FIR at higher noise levels. For high values ofK such as
K55, the myriad filter approaches the FIR filter in performance.
Since gas path signals have reasonably low levels of noise and
have more possibility for outlier contamination, a value ofK
50.1 is selected.

Gas Turbine Transient Signal
The trajectories for a clean and deteriorated engine are pre-

sented during an acceleration process. The deteriorated engine had

single component faults in LPT~low pressure turbine! and IPC
~intermediate pressure compressor! implanted, respectively. The
signals of LPT fault and IPC fault on T2 and T6 during transients
are obtained from@18#. These ideal signals are shown in Fig. 3
and Fig. 4.

The noise levela of 0.004 is the level of noise used in@18#. We
use a50.004 anda50.008 to simulate conditions with normal
data and low quality data, respectively. Outliers are also added to
the signals. The noisy signals are shown in Figs. 5~a!, 6~a! and
7~a!. Tables 1–2 show the MAE values on the T2 measurements.

Fig. 7 Clean and degraded signals during IPC fault on the acceleration pro-
cess for T2
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Results for both the clean and degraded engines are shown. Tables
3–4 shows the MAE values for the T6 measurements. There is a
considerable reduction in the MAE using the myriad filter with
K50.1, compared to the FIR filter. Again, results for both the
clean and degraded engine are shown. The results for the weighted
myriad filter shown in these tables will be discussed later in this
paper.

Weighted Myriad Algorithm
A problem in the myriad filter discussed above is in the selec-

tion of the linearity parameterK. Weighted myriad filters provide
a way to avoid the selection of the linearity parameter.

Consider a set of observations$xi% i 51
N and a set of filter weights

$wi% i 51
N . Define the observation vectorx,@x1 ,x2 , . . . ,xN#T and

the weighted vectorw,@w1 ,w2 , . . . ,wN#T. For a givenK.0,
the WMyF ~weighted myriad filter! output is given by@10#

b̂K~w,x!,myriad~K;w1+x1 ,w2+x2 , . . . ,wN+xN!

5arg minb GK~b,w,x! (13)

The function

GK~b,w,x!,)
i 51

N

@K21wi~xi2b!2# (14)

is called the weighted myriad objective function since it is mini-
mized by the weighted myriad andwi+xi denotes the weighting
operation in Eq.~13!. As shown in Appendix A,

b̂K1~w1 ,x!5b̂K2~w2 ,x!, if
w1

K1
2

5
w2

K2
2

(15)

Fig. 8 Schematic for adaptive filter optimization

Table 1 MAE for T2 engine with aÄ0.004

Filter

LPT T2 IPC T2

Degraded Clean Degraded Clean

FIR 0.1149 0.1101 0.1085 0.1090
MYRIAD 0.0740 0.0694 0.0666 0.0690

WMYRIAD 0.0549 0.0503 0.0483 0.0503

Table 2 MAE for T2 engine with aÄ0.008

Filter

LPT T2 IPC T2

Degraded Clean Degraded Clean

FIR 0.1237 0.1136 0.1222 0.1277
MYRIAD 0.0829 0.0735 0.0817 0.0871

WMYRIAD 0.0669 0.0550 0.0635 0.0722

Table 3 MAE for T6 engine with aÄ0.004

Filter

LPT T6 IPC T6

Degraded Clean Degraded Clean

FIR 0.1162 0.1111 0.1066 0.1148
MYRIAD 0.0681 0.0648 0.0588 0.0671

WMYRIAD 0.0521 0.0498 0.0459 0.0519

Table 4 MAE for T6 engine with aÄ0.008

Filter

LPT T6 IPC T6

Degraded Clean Degraded Clean

FIR 0.1260 0.1247 0.1203 0.1254
MYRIAD 0.0773 0.0791 0.0729 0.0782

WMYRIAD 0.0634 0.0638 0.0593 0.0645

Journal of Engineering for Gas Turbines and Power APRIL 2005, Vol. 127 Õ 335

Downloaded 02 Jun 2010 to 171.66.16.98. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



Thus the filter output depends onw/K2. Thus the problem of
finding the optimal linearity parameterK is avoided by using the
weighted myriad filter. However, the problem of finding the ap-
propriate value ofK is now replaced by finding the appropriate
weight vector. In general, the myriad is the global minima among
several local minimum points ofG(b). To compute the myriad,
one needs to find the roots of polynomialG8(b), and test all the
local minima to find the global minima.

Adaptive Weighted Myriad Filter Algorithm

For applications where the statistics of the signal are unknown
or time varying, the adaptive algorithm is very useful. For gas
path measurements, historical data is often used to obtain repre-
sentative numbers for measurement uncertainty. However, it is
likely that the uncertainty changes for different outliers and en-
gines and for different operating conditions. The adaptive algo-

Fig. 9 A comparison of filters
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rithm avoids the need for this simplification. An adaptive steepest
descent method algorithm is used to optimize the filter weights.
The update is computationally comparable to the least mean ab-
solute deviation~LMAD ! algorithm. The weight update algorithm
is given as

wi~n11!

5PS wi~n!1m sgn@e~n!#H ~y2xi !

F11
wi

K2
~y2xi !

2G 2J ~n!D
(16)

wheree(n)5y(n)2d(n) is the error at the nth iteration,d is the
desired signal,y(n) is the WMyF output at thenth iteration,n is
the number of iterations,m is the step size,wi(n) denotes theith
weight at thenth iteration,P@u# is set to a small positive value«
if u,0. The derivation of the algorithm is condensed from@14#
and is given in Appendix B. The above algorithm is started with
weights equal to 1 at iterationn51, K50.1, andm55.031023.
The proposed schematic of the adaptive filter is shown in Fig. 8.

In applications where non-Gaussian processes naturally arise in
practice, the myriad-based algorithms lead to significant advan-
tages. In gas turbine applications, the presence of outliers in the
data is well known. The weighted myriad filters have the potential
to perform significantly better than both linear and median filters
in Gaussian and non-Gaussian environments. For applications
where the statistical characteristics of the underlying signals may
be unknown, varying adaptive algorithms are used. A disadvan-
tage of the myriad filter is its complicated definition and imple-
mentation compared to the linear filters. However, once imple-
mented, this is hidden from the user.

Simulation Results
This adaptive algorithm was evaluated through a computer

simulation example involving denoising gas turbine measure-
ments contaminated with Gaussian noise. The trajectories for a
clean and deteriorated engine are considered for this problem. In
our simulation example, the degraded signal and clean signal were
chosen that had single component faults: LPT~low pressure tur-
bine! and IPC~intermediate pressure compressor! faults. The sig-
nal is corrupted by adding noise levela50.004@18# yielding the
noisy observed signal. A further noise level ofa50.008 is also
used.

The objective of this adaptive algorithms is to train the
weighted myriad to converge the filter weights that minimize the
absolute value of the error signale(n) between the filter output
signaly(n) and desired signald(n). This adaptive algorithm is a
simple, fast, and practical weighted myriad filter algorithm. This
achieves a lower MAE than the FIR and sample myriad at com-
parable convergence speeds as shown in the results in Tables 1–4.
The weighted myriad filter has the best outputs and lowest mean
errors. The effects of 5-point filter are plotted witha50.008 for
the noisy data and weighted myriad in Figs. 5–7.

In this case, we took both a degraded signal and a clean signal
for a T2 LPT engine sensor signal. Figure 5~a! shows the noisy
data, for both a degraded and a clean engine. The weighted myriad
filtered data is shown in Fig. 5~b! for the degraded and clean
engine signal. Similarly, the effects of LPT T6 for both the de-
graded and clean signal are plotted with noisy data in Fig. 6~a!
and for the weighted myriad data in Fig. 6~b!. The results for the
IPC engine sensor signal for the T2 engine for the degraded and
clean signal are also plotted in Fig. 8. Figure 7~a! shows the noisy
data, for both degraded and clean engine and Fig. 7~b! shows the
filtered data. From these figures, and results in Tables 1–4, it is
clear that considerable noise reduction is obtained using the
weighted myriad filter. The outcome of different filters such as
FIR, sample myriad, and weighted myriad are compared and stud-
ied. From Fig. 9~a! we can see that the weighted myriad filter

shows much better performance and outlier removal when com-
pared to the FIR filter, which is not able to remove the outliers.
The sample myriad filter results are plotted in Fig. 9~b! for differ-
ent values ofK. It is clear from the results that the sample myriad
can be controlled by adjusting the linear parameterK, whereas the
adaptive weighted myriad filter provides a way to avoid the selec-
tion of the linear parameterK. However, a low value ofK50.1
appears to work quite well for the signals in this study. Note that
the sample myriad used the valueK50.1 in this study and the
values ofK that give good results may change for a different type
of signal and noise characteristics.

This paper therefore offers two approaches to denoising gas
path signals. The first is based on the simple myriad and uses a
suitable value ofK based on representative signals and known
statistics of the system. Our results show thatK50.1 works quite
well for signals polluted by outliers. This approach is suitable for
ground based diagnostics systems. The sample myriad and filter is
implemented as aMATLAB program using built in functions that
calculate the roots of polynomials and are simple and fast. The
second approach is the powerful weighted myriad approach that
adapts to changes in both signals and their statistics and is espe-
cially suitable for online applications. The adaptive myriad is
implemented using the weight update Eq.~B16! in Appendix A
using MATLAB . While the adaptive myriad is a useful tool for
outlier contaminated gas path measurements, the optimum weight-
ings are not known until all the available data is processed. Thus
there is a lag caused by the filter. Engine faults result in a change
in the engine state measured over many samples, and should not
affect the myriad filter. Abrupt faults will not be impacted by
filters with a low window length and gradual faults that develop
slowly over time will also not be impacted. However, any inter-
mittent faults may be impacted as they can appear as outliers to
the filter. Note that the full power of the adaptive filter can be
better demonstrated with real data. That is a subject of future
work.

Conclusions
In this study, we look at the myriad filter as a substitute for the

moving average filter that is widely used in the gas turbine indus-
try. Results with transient gas path measurement signals show that
the myriad filter has good noise reduction qualities when com-
pared to moving average FIR filters. There is considerably more
noise reduction obtained by the myriad filter when compared to
the FIR filters. The results show that there is good outlier removal
by the weighted myriad filter, which is an important element of a
filter. The adaptive weighted myriad filter shows even greater
noise reduction when compared to the sample myriad and FIR
filter in the gas turbine diagnosis. The use of such a filter prior to
performing fault isolation and detection functions is likely to lead
to improved performance of the diagnostic system.

Nomenclature

arg 5 argument function
d 5 desired signal
e 5 filtering error

Gk(b) 5 weighted myriad function
IPC 5 intermediate pressure compressor

K 5 linearity parameter
k 5 discrete time

LPT 5 low pressure turbine
MAE 5 mean absolute error

n 5 iteration number of weighted myriad
sgn 5 signum function
T2 5 IPC total outlet temperature
T6 5 LPT total outlet temperature

x 5 noisy input signal
x0 5 ideal input signal
y 5 output of myriad filter
w 5 weights of myriad filter
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a 5 noise level
« 5 Gaussian noise

b̂k 5 sample myriad
m 5 step size
u 5 non-Gaussian outliers

Appendix A: Filter Weights and the Linearity
Parameter

Using negative weights results in the potential instability of the
filter so it is defined using positive weights:wi>0, i
51,2, . . . ,N. The WMyf output is the value ofb at its global
minimum of GK(b). For wi>0 and K.0, G(b).0 for all b.
Furthermore,GK(b) is a polynomial inb of degree 2N. The
myriad b̂ is defined as the minimum value ofGK(b) and occurs
at one of the roots ofGK8 (b),

GK8 ~ b̂ !50. (A1)

Differentiating ~8! gives

GK8 ~b!5(
j 51

N

2wj~b2xj !)
l 51
lÞ j

N

@K21wl~b2xl !
2# (A2)

which is a polynomial of degree 2N21 with as many as 2N21
real roots. Using~8! and ~12!, we get

GK8 ~b!52GK8 ~b!(
j 51

N
wj~b2xj !

K21wj~b2xj !
2

(A3)

SinceGK8 (b).0, the filter outputb̂ must satisfy

(
j 51

N

wj

K2
~ b̂2xj !

11
wj

K2
~ b̂2xj !

2

50 (A4)

The above equation shows that even if the value ofK is changed
the same filter output is obtained provided the weights are suitably
scaled. Therefore,

b̂K1~w1 ,x!5b̂K2~w2 ,x! if
w1

K1
2

5
w2

K2
2

(A5)

Appendix B: Optimal Filter Weights
In order to find the optimal weights, the steepest descent

method can be used to minimize the MAE cost functionJ(w) @14#
where

J~w,K !5E$uyK~w,x!2du% (B1)

andE$•% is the statistical expectation andd is the desired signal.
Hered can be generated by an onboard model of the engine. The
following algorithm is used to update the filter weights

wi~n11!5PFwi~n!2m
]J

]wi
~n!G (B2)

wherewi(n) denotes theith weight at thenth iteration,m.0 is the
step size of the update, andP@•# is defined as

P@u#,u, u.0
(B3)

0, u<0

In practiceP@u# is set to a small positive valuee if u<0. Differ-
entiating„Eq. ~A5!… we obtain;

]J

]wi
~n!5EH sgn@y~n!2d~n!#

]y

]wi
~n!J (B4)

Since a lack of knowledge of signal statistics makes evaluation of
statistical expectationE difficult, an instantaneous estimate for the
gradient is used. Putting„Eq. ~B3!… into „Eq. ~B2!… yields,

wi~n11!5PH wi~n!2m sgn@e~n!#
]y

]wi
~n!J (B5)

wheree(n)5y(n)2d(n) is the error at thenth iteration. To find
]y/]wi for a givenK, we can write Eq.~A1! as

GK8 ~y!52GK~y,w,x!(
j 51

N
wj~y2xj !

K21wj~y2xj !
2

(B6)

ConsiderK; the other weights and input vectorx are constant.
Then,

G8~y!52G~y,wi !H~y,wi ! (B7)

where

H~y,wi !,(
j 51

N
wj~y2xj !

K21wj~y2xj !
2

(B8)

SinceG8(y)50,

G~y,wi !H~y,wi !50 (B9)

SinceG(y,wi)>0,

H~y,wi !50 (B10)

Differentiating the above equation with respect towi yields

]H

]y
•

]y

]wi
1

]H

]wi
50

]y

]wi
52

]H

]wi

]H

]y

(B11)

]H

]wi
5

]

]wi
(
j 51

N
wj~y2xj !

K21wj~y2xj !
2

5
1

K2 H ~y2xi !

F11
wj

K2
~y2xi !

2G 2J
(B12)

]H

]y
5

]

]y (
j 51

N
wj~y2xj !

K21wj~y2xj !
2

5(
j 51

N
wj

K2
•

12
wj

K2
~y2xj !

2

F11
wj

K2
~y2xj !

2G 2

(B13)

Putting Eq.~B12! and Eq.~B11! in Eq. ~B10! we get

]y

]wi
5

H 2~y2xi !

F11
wj

K2
~y2xi !

2G 2J
K25 (

j 51

N
wj

K2

12
wj

K2
~y2xj !

2

F11
wj

K2
~y2xj !

2G 26
(B14)

Putting Eq.~A5! into Eq. ~A4! and adding a stability constanta
yields
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wi~n11!5PS wi~n!1m sgn@e~n!#

H ~y2xi !

F11
wj

K2
~y2xi !

2G 2J ~n!

K25 a1(
j 51

N
wj

K2

12
wj

K2
~y2xj !

2

F11
wj

K2
~y2xj !

2G 26 ~n!D (B15)

We can remove the denominator from the update term in the above equation as it does not effect the direction of the gradient estimate
or the values of the final weights. This leads to
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Transient Analysis of and Control
System for Advanced Cycles
Based on Micro Gas Turbine
Technology
Microturbines have a less complex mechanical design than large-size gas turbines that
should make it possible to fit them with a more straightforward control system. However,
these systems have very low shaft mechanical inertia and a fast response to external
disturbances, such as load trip, that make this very difficult to do. Furthermore, the
presence of the recuperator requires smooth variations to the Turbine Outlet Temperature
(TOT), when possible, to ensure reduced thermal stresses to the metallic matrix. This
paper, after a brief overview of microturbine control systems and typical transients, pre-
sents the expected transient behavior of two advanced cycles: the Externally Fired micro
Gas Turbine (EFmGT) cycle, where the aim is to develop a proper control system set-up
to manage safe part-load operations at constant rotational speed, and a solar Closed
Brayton Cycle (CBC), whose control system has to ensure the maximum efficiency at
constant rotational speed and constant Turbine Inlet Temperature (TIT).
@DOI: 10.1115/1.1839918#

1 Introduction

Microturbines are now considered ready to conquer energy
markets thanks to their flexibility and low maintenance, which
should make them extremely cost effective in the near future@1#.
Nevertheless, the microturbine control system represents a key
problem for stable operation at different working conditions, en-
suring a flexible usage of the machine. The experience gained in
large-size turbine control systems@2# can also be profitably ex-
ploited in the microturbine field, but the time scale of the phenom-
ena are extremely reduced due to the small mechanical inertia of
the shafts, which make microturbines difficult systems to control.

This paper focuses, first, on the simulation of the transient be-
havior in both the simple and the recuperated cycle of the micro
Gas Turbine~the calculated data have been checked previously
with experimental ones, thanks to collaboration with ENEL@3#!,
and secondly, on extensions to microturbine-based advanced
cycles, such as an Externally Fired micro Gas Turbine cycle
~EFmGT! and a Closed Brayton Cycle~CBC! for solar applica-
tions, which are presented in detail. The former is actually under
construction at ANSALDO Ricerche~ARI! laboratories, where
experimental activities will be undertaken in order to assess its
off-design performance~off-design calculated performance and
transient behavior are presented in@4#!. The latter represents a
case-study that has been conducted in collaboration with the Ital-
ian Space Agency~ASI! to assess the control system to be imple-
mented on this type of cycle, which is attractive because it offers
better performance and greater compactness than other static gen-
erators@5–7#.

When a microturbine cycle is modified into an Externally Fired
cycle ~EFmGT!, the large thermal inertia of the heat exchanger
section becomes the most influential parameter acting on the tran-
sient behavior of the plant. Moreover, the coupling of the long-
term response of the heat exchangers with the short-term response

of the turbine rotor requires a suitable control system to protect
the machine from unstable behavior and dangerous operating re-
gions, which may affect component life.

On the other hand, as far as a Closed Brayton Cycle~CBC! for
space applications is concerned, the relatively smooth transients
should be controlled to continually provide maximum efficiency,
which leads to a reduction of weight and cost for the whole sys-
tem in the end.

At present, the transient behavior and control systems, such as
Humid Air Cycle ~mHAT! @8# and hybrid systems based on Mol-
ten Carbonate or Solid Oxide Fuel Cells~MCFC-SOFC!, of other
advanced cycles are also under investigation at the TPG laborato-
ries @9#.

2 mGT Transient Analysis: TRANSEO Code
The TRANSEO code, employed for the simulations presented

here, is under continuous development at the TPG laboratories. It
exploits the MATLAB© and Simulink visual environment for the
off-design, transient and dynamic analyses of advanced energy
systems based on microturbine technology.

Its modular structure allows any type of system to be built and
run: now the general structure of the code has been established,
and the on-going work is basically aiming at increasing, improv-
ing, and assessing the components of the standard library.
TRANSEO has already been used for the off-design calculations
in @4#.

From the point of view of the transient analysis, it is worthy
mentioning the technique used for the data transfer between two
adjoining components. TRANSEO applies the interconnecting
volume approach, where a volume is interposed between two con-
sequent components. Each component is in charge of calculating
its own mass inflow or mass outflow, while each plenum has to
define the boundary conditions in terms of pressure and tempera-
ture. In the plenum, the total temperature is maintained while the
total pressure is assumed to be equal to the static pressure. This
means that a plenum carries out an adiabatic transformation where
the flow kinetic energy is dissipated: as a consequence, plenums
should be inserted where velocity is negligible, while the real
kinetic-pressure transfers should be managed within each compo-
nent. In this way, the connecting standard exposed in@10# can

Contributed by the International Gas Turbine Institute~IGTI! of THE AMERICAN
SOCIETY OF MECHANICAL ENGINEERSfor publication in the ASME JOURNAL OF
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tional Gas Turbine and Aeroengine Congress and Exhibition, Atlanta, GA, June
16–19, 2003, Paper No. 2003-GT-38269. Manuscript received by IGTI, Oct. 2002,
final revision, Mar. 2003. Associate Editor: H. R. Simmons.
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easily be handled as a subcase of this protocol. Moreover, there is
a basic theoretical difference from other approaches adopted in
open literature@11,12#: in those cases the interconnecting plenum
volumes are often assumed to be equal to the downstream or
upstream component volume, in order to reproduce their fluido-
dynamic inertia. This type of ‘‘superposition of the effects’’ is
often used but has still not been verified in detail~in principle it is
only applicable to linear systems!. For this reason, TRANSEO
locates all the fluidodynamic, thermal and mechanical inertia in
each component, while plenum volumes are assumed to be equal
to the actual interconnecting ducts of the plant or small enough
not to affect the results. In the latter case, a time-characterization
of the plenum becomes mandatory in order to ensure that it has no
influence on the simulation results. To help the user, TRANSEO
automatically produces a special time-characterization of all the
main components of the plant: in this way the most influential
components can be highlighted and the proper sample time and
plenum volumes selected@13#.

Referring to the plenum, the plenum unsteady governing equa-
tions of continuity and energy can be expressed as follows:

]~rR!

]t
5

R~ṁin2ṁout!

V
(1)

]p

]t
5

kR

cpV
~~ṁcpT! in2~ṁcpT!out! (2)

The perfect gas state law is used to calculate the updated tem-
perature once pressurep and densityr are known. The momentum
equation is not necessary as the internal transformation inside the
plenum is pre-established and the mass inflows and outflows are
given as known inputs, as stated above. Starting from~1! and~2!,
applying a mass flow step or temperature step to the plenum, the
following time characteristic constants can be found:

t5
rV

kṁ
(3)

The time value expressed by~3! can be compared to the char-
acteristic time of the real components of the plant, then the vol-
ume for the plenum can be properly chosen: from TPG experi-
ence, it is sufficient to have a characteristic time for the plenum of
two orders of magnitude lower than the lowest characteristic time
of the components.

Thanks to its modular organization, TRANSEO is, at the mo-
ment, composed of more than 25 modules including rotating com-
ponents, heat exchangers and fuel cells.

3 Microturbine: Control System and Transients
At present it is still quite difficult to collect data on the main

parameter settings in the control system of a microturbine engine
because they are either quite new products that have not yet be-
come common in the energy market or the manufacturers have
tried to keep the data confidential. For these reasons the control
system for a sample microturbine was set in order to provide the
model with quite stable behavior close to the design point and
allow the system a 50% maximum load decrease, which is a rea-
sonable limit, also confirmed by some field data@3,14#.

Owing to the fast response of the microturbine shaft to external
disturbances, the fuel valve is a key-component of the control
system and it needs to be fast enough to allow significant load
changes. In this paper, all the results have been produced by
implementing a PID~Proportional, Integral, Derivative! controller
for the valves. With regard to the rotor revolutions, a threshold of
5% overspeed has been set: if such a limit is passed, fuel is de-
finitively cut and the machine stops~the same if the TOT thresh-
old is overcome!.

The fuel valve model is illustrated in Fig. 1: a linear relation-
ship between the valve fractional opening~FO! and the fuel mass
flow rate has been considered~the pressure drop is supposed to be

almost fixed!. Two sequential delays act on the actual valve open-
ing position: a constant delay~0.01 s! and a first order delay based
on a time constant~0.2 s!. The former represents the most critical
parameter because during such a period the valve doesn’t actually
regulate and instability may occur.

In the EFmGT and CBC configurations, a general-purpose
valve model has also been employed: the model is similar to the
fuel valve one, except for the nonlinear relationship between the
mass flow rate and fractional opening, which can be chosen from
three predefined characteristic curves: gate, disk and globe valves
@15#. Also in this case, the two delays have been assumed equal to
0.01 s and 0.2 s, respectively.

Figure 2 reports the transient response of the simple and recu-
perated cycle microturbine, employed in the advanced cycles de-
scribed here: the machine used for the analysis was an Elliott
Energy Systems TA-80R~80 kWe!. The only difference between
the two systems is the presence of the recuperator in the recuper-
ated cycle, which introduces a large thermal inertia into the sys-
tem. The recuperator model is analyzed in@4#.

In the case study, the control system reacts against a sudden
load decrease of 25%. The recuperated system presents less
prompt behavior due to the lower initial value of the fuel valve
fractional opening: this is justified by its higher efficiency, which
allows the fuel consumption to be almost halved. Furthermore, if
the time scale should be extended up to 500–600 s, after the fast
transient caused by the load step change, the recuperated cycle
would show a relatively ‘‘slow’’ transient until the final steady

Fig. 1 Scheme of the fuel valve

Fig. 2 Simple and recuperated cycle response to a load step
decrease of 25%: rotational speed and fractional opening of
fuel valve versus time
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state value, because of the recuperator thermal inertia. The com-
plete transient response of the recuperated cycle is reported in@3#,
where a preliminary comparison with experimental data is
included.

4 Advanced Cycles Based on Micro Gas Turbine Tech-
nology

The transient behavior analysis of simple and recuperated micro
Gas Turbine cycles was the necessary step for proceeding with the
study of the two advanced configurations, the EFmGT and the
CBC, considered in this paper.

4.1 Externally Fired Micro Gas Turbine „EFmGT…. The
collaboration between the Thermochemical Power Group~TPG!
and ANSALDO Ricerche~ARI! has resulted in the design and the
installation of an Externally Fired micro Gas Turbine at the ARI
Laboratories@14#, which represents a possible concept for future
commercial applications.

The original configuration of the microturbine recuperated
cycle ~Elliott TA-80R! has been modified with the introduction of
an additional high temperature heat exchanger, which should sub-
stitute the combustion chamber. The latter, which will be used
only during the system start-up, will normally stand off because
the necessary heat will be delivered by an external atmospheric
combustion chamber fed with the expander exhausts~Fig. 3!. Four
valves are employed to control the EFmGT,VIA for the air by-
pass of the recuperators,VIB for maintaining a constant pressure
drop acrossVIA, VIC for the fuel to the external combustor,VID
as an emergency valve for the compressor bleed.

Such a control scheme allows the control system to be un-
coupled between a fast-response control loop, which is based on

VIA and has to prevent the microturbine rotor from reaching an
excessive speed, and a long-response control loop consisting of
VIC, which should maintainVIA at its nominal position~5%
open! and optimize cycle performance.VIA must be in accord
with the shaft response: this makes it a fairly critical device be-
cause of the low shaft mechanical inertia;VIC only needs to be
tuned to the heat exchanger thermal inertia, which is the main
inertia of the whole system. Furthermore, a PID controller has
been used for commandingVIA while a simpler PI forVIC: in
fact, the effect of fuel flow variation on the cycle is strongly
smoothed by the heat exchanger thermal inertia, which acts as a
low-frequency filter.

The expected on-design and off-design performance of such a
plant @4# shows that, even if the variable rotational speed should
be regarded as the best option for controlling the plant, the con-
stant speed strategy has been chosen in order to allow a simpler
control system to be implemented and to avoid the microturbine
rotor reaching dangerous resonance speeds. The high temperature
heat exchanger is of metallic type~superalloy!, because the ex-
perimentation is devoted to understanding and measuring the tran-
sient behavior of such a configuration rather then its peak perfor-
mance: this forces the TIT to reach the upper limit of 800°C,
which will be decreased to 750°C during the experimental activi-
ties to ensure the durability of the system and to prevent it from
dangerous faults.

At present an Elliott TA-80R microturbine has been installed
and tested successfully in a recuperated cycle. The high tempera-
ture heat exchanger will come soon, and then the complete
EFmGT, with the new control system, should be available for
operating and testing. The field data obtained will provide the
necessary basis for the validation of the simulated data and for a
final review of the parameter settings of the controllers as the
model presented here has been used to design the actual EFmGT
control system.

4.2 Closed Brayton Cycle„CBC…. The second advanced
cycle analyzed in the paper is a regenerative CBC for space ap-
plication. The plant layout is shown in Fig. 4@16#.

The working fluid is a helium–xenon mixture with molecular
weight equal to 40 kg/kmol. The main components of the cycle
are: the receiver, which has to collect solar energy, to store it in a
phase-change eutectic salt (LiF–CaF2) and to transfer it to the
working fluid; the cooler, which refrigerates the working fluid and
ejects the low temperature heat into space via the radiator device;
the radial turbomachinery, consisting of the compressor, expander
and electrical generator, all assembled on a single rotating shaft;
the recuperator, which recovers the exhaust heat from the ex-
pander outlet and transfers it to the compressed air. This cycle has
been studied in the past for its excellent qualities in terms of
compactness and efficiency when compared to a photovoltaic gen-

Fig. 3 EFmGT pilot plant: main regulation valves

Fig. 4 CBC plant layout
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erator. A CBC electrical generator is to be installed in the Inter-
national Space Station, together with an auxiliary photovoltaic
plant, in order cover the load demand during the orbit around the
Earth.

This work mainly focuses on a possible implementation and
validation of the variable-mass control strategy for the plant. In
fact, in a closed cycle the total circulating mass content can be
varied by introducing or bleeding mass from/to an auxiliary stor-
age tank~accumulator!: this regulation has been shown to be ex-
tremely effective in reducing the power output while maintaining
high conversion efficiency in a very large range of working con-
ditions, as shown in Fig. 5.

The plant seems to benefit fromN decrease, thanks to the in-
creased efficiency: this is due to the nonoptimal choice of the
nominal working point of the cycle, which takes advantage of the
lower pressure ratio.

CBC on-design conditions are reported in Table 1, which also
illustrates the basic assumptions for the temperatures of the cycle:
the difference between theTsink and theTinc is due to the presence
of an intermediate coolant closed loop in between the gas and the
radiator.VItot is the total volume in the CBC where the working
fluid is constrained: this value should be kept as low as possible in
order to allow a small accumulator for the working fluid to be
considered.

5 Transient Behavior of EFmGT
The first part of the results deals with the fast microturbine

response~1–2 s! dominated by the shaft mechanical inertia. The
second part is concerned with the long-term response of the cycle
due to the influence of the heat exchangers, which do not show
significant variations before about 50 s. The main load functions
that have been considered are reported in Table 2, while Table 3
refers to the main assumptions on plant inertia. The shaft me-
chanical inertia has been deduced in accordance with the available
data@14#; the recuperator Rec II has been designed with an origi-

nal code for compact heat exchanger sizing developed by the TPG
@17#; preliminary information about Rec I has been communicated
by the manufacturer@14#.

The short-term transients mainly concern the shaft and the by-
pass valve. In this case, the temperature along the exhaust line is
not monitored because it does not change significantly in such a
short period of time, differently fromN that is, instead, the
driving-factor.

With regard to the load function I~Table 2!, Fig. 6 illustrates
the variation ofN over time, at different load increases. A 2%
variation has been found to be the maximum allowable step that is
sustainable by the machine without a nonrecoverable deceleration
of the rotor. This limitation is basically due to the 5% nominal
opening of the bypass valve: higher load fluctuations could be
controlled for higher values, but the nominal efficiency would be
significantly affected@4#.

Figure 7 reports the main short transient system parameters
during load function II~Table 2!. The relevant time gap between
the command to the bypass valve fractional opening~FOtheor!
and the real fractional opening~FOreal! demonstrates the strong
influence of bypass valve delays on system reaction. Due to the
very prompt signal from the control system, it appears evident that
a faster setting of the PID controller would not lead to significant
improvements in cycle response as the bypass valve could hardly
regulate in a shorter time: so, in the EFmGT regulation the bypass
valve is shown to be as critical an element as the fuel valve in a
conventional microturbine cycle.

The by-passed air, not reported, can reach even 60% of total
intake air: this requirement is the main design specification for the
valve. If the load suddenly dropped more than 70%, the shaft
would pass the maximum limit of 5% overspeed and the machine
would stop.

The short-term transients are mainly influenced by the bypass
valve, whose unsteady behavior strongly drives the rotor dynam-
ics in the first 1–2 s of the cycle simulation. After that, the heat

Fig. 5 CBC: off-design performance with different parameter
variations

Table 1 CBC nominal characteristics

P524 kW
h515.8%
b53.8
N568 000 rpm
Tsink5200 K
Ting5296 K
TIT51008 K
VItot50.6 m3
ṁ50.83 kg/s

Table 2 Load variations and transient period

No. Power step
Short transient

period
Long transient

period

I 12% ;2 s ¯

II 270% ;2 s ;2000 s

Table 3 Main inertia of EFmGT cycle

Shaft mechanical inertia@kg•m2# 3.8•1023

Rec I mass~internal matrix! @kg# 1600
Rec I mass~vessel! @kg# 200
Rec II mass~internal matrix! @kg# 100
Rec II mass~vessel! @kg# 10

Fig. 6 EFmGT: shaft response to different load step increases
„starting from 50 kW …
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exchanger thermal inertia slowly leads the plant to the final steady
conditions: these long-term transients are driven by the fuel valve
of the external combustor, because the rapid response of the by-
pass valve can always keep the rotor speed almost constant.

Figure 8 reports the fractional opening of the fuel valve during
the whole transient, for two different values of the gain in the PI
controller for Case I of Table 2. Unlike bypass valve delays, fuel
valve delays become almost negligible for the proper regulation of
the system, due to the high time constants of the phenomena under
control. In this case, the fuel valve controller has been set in order
to obtain a stable rather than a quick time response from the
system since the latter may cause instability~later shown in Fig.
12!: for this reason, the lower value forK ~0.00025! has been
chosen. The typical duration of an EFmGT transient can be esti-
mated as greater than 1000 s. In this case, the temperature varia-
tions at the interconnecting points~gas and metal! of the heat
exchangers are almost negligible because of the large heat capac-
ity of these devices as shown in Fig. 9.

The control of the load step decrease~Case II, Table 2! was
more critical. In fact, after the short-term transient regulation op-
erated by the bypass valve, this should follow the smooth varia-
tions of the TIT~caused by fuel flow changes! by maintainingN
almost constant, as illustrated in Fig. 10. Since the fuel valve
controller is based on the bypass fractional opening~the set point
value is 5%!, the fuel valve is pushed to significantly reduce the
fuel flow during the first 500 s of the transient until it reaches its
minimum value. If this threshold is too low, when the bypass
valve returns to the nominal opening, after almost 2000 s, the
whole cycle is too cold and the heat exchanger thermal inertia
prevents the system from quickly elevating the TIT to the required
level, despite the bypass valve being completely closed: so, the

rotor velocity drops and the machine stops. To avoid this, a higher
inferior limit for the fuel valve fractional opening has been set,
taking it closer to EFmGT cycle idle conditions~the fractional
opening limit has been assumed to be equal to 50%!.

The large amount of bypassed mass flow, especially during the
first 500 s of the transient, leads to a significant decrease in the
cooling flow on the cold side of the heat exchangers. This situa-
tion is potentially dangerous for the recuperator, which could be
fed with very high temperature exhausts coming from the Rec I
outlet ~Point 7 in Fig. 3!. The simulation results reveal that such
critical operating conditions are very likely to happen in the actual
plant: in fact, Fig. 11 shows a quick rise of T7~both for the gases
and for the internal metallic matrix of the recuperator! which,
however, terminates after the first 250 s of the transient.

Owing to the low steady state temperature of the matrix
~;580°C!, it never reaches the safety threshold of 650°C@14#, but
it clearly shows a significant increase of almost 70°C in the first
250 s. In an actual plant, where high performance is pursued and
high steady state temperatures are required, this situation~partial
load rejection! is supposed to be an issue and the T7 needs to be
carefully monitored.

So, the conclusion of the off-design analysis@4#, that no forbid-
den operating points at steady state conditions limit the EFmGT
pilot plant management, must be completed by this relevant limi-
tation to the experimental activities during transient operations.

Finally, a simulation of a likely load ramp has been performed
in order to distinguish the best setting for the PI controller of the
fuel valve. The ramp starts from 40 kW and reaches the value of
43 kW after 300 s, that is with a constant slope of 0.01 kW/s. Two
different values of gain are tested, as shown in Figs. 12 and 13.

Fig. 7 EFmGT: response to a load step decrease „Case II,
Table 2 …

Fig. 8 EFmGT: bypass valve FO response to a load step in-
crease „Case I, Table 2 …: two different gains „K… of the fuel valve
PI have been considered

Fig. 9 EFmGT: Rec II response to a load step increase „Case I,
Table 2 …. Exhaust and recuperator metallic matrix temperatures
are recorded against time.

Fig. 10 EFmGT: bypass valve FO response to a load step de-
crease „Case II, Table 2 …
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The instability caused by too high a value of the PI gain is
evident, and the lower value must be chosen in order to avoid
dangerous fluctuations in the system at a frequency close to 0.005
Hz, which could affect the life of the heat exchanger. However,
the bypass valve manages to maintainN at its nominal value.

6 Transient Behavior of the Closed Brayton Cycle
During an orbit of the Earth, the CBC system will encounter

periodic shadow and insulation phases lasting approximately 90
min ~5400 s! @18#: this forces the cycle to continuously work in
unsteady conditions. While the receiver has to be properly de-
signed to store and supply the necessary heat to the CBC at almost
constant temperature, the radiator is affected by theTsk variation,

and indirectly transposes such variations on the cycle with a delay,
due to its thermal inertia. So, a sample function forTsk has been
considered, as shown in Fig. 14@19,20#: 60 min ~sinusoidal varia-
tion! for the insulation period and 30 min for the shadow period
~constant value!.

During the transient, the cycle is supposed to maintain constant
rotational speed and the TIT, in order to minimize the thermal
stresses to the rotating parts and keep efficiency as high as pos-
sible. The resulting power can be used directly by the space sta-
tion or dissipated into the parasitic-load radiator. The control sys-
tem acts on the cycle in order to keep the TIT constant by adding
or subtracting working fluid in the accumulator. Two valves are
employed: a feed valve upstream from the compressor, and a
bleed valve downstream. The two PI controllers must also ensure
zero fractional opening of the valves at steady state conditions.

Figure 15 shows the percentage change of the main cycle pa-
rameters during the whole transient: the TIT is successfully kept
almost constant but power and efficiency are greatly affected,
since both show a decrease of almost 40% from the on-design
conditions. WhileTsk reaches its peak after 1800 s, the other prop-
erties follow with a delay of about 40 s. However, the mass flow
delay is up to 200 s, because of the time that is required by the
control system to update the current mass content according to the
actual operating point.

The mass exchange between the cycle and the accumulator is
reported in Fig. 16. During the transient, mass is first added to and
then subtracted from the cycle, which, in fact, shows an increase
of the impeller delivery pressure (poutc) along the entireTsk rise

Fig. 11 EFmGT: Rec II response to a load step decrease „Case
II, Table 2 …. Exhaust and recuperator metallic matrix tempera-
tures are recorded against time.

Fig. 12 EFmGT: bypass valve and shaft response to a load
ramp „¿0.01 kWÕs… from 40 kW to 43 kW „PI gain K Ä0.005,
unstable …

Fig. 13 EFmGT: bypass valve and shaft response to a load
ramp „¿0.01 kWÕs…, from 40 kW „PI gain K Ä0.005, unstable …

Fig. 14 CBC: sample variation of sink temperature during the
orbit „Tsk…

Fig. 15 CBC: percentage variation of the main parameters dur-
ing the orbit
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~Fig. 15!. Figure 16 also demonstrates that the accumulator must
be able to store at least 4% of the total working fluid in the cycle,
this being its major design specification.

The receiver supplies the necessary heat as shown in Fig. 17:
the solar energy is stored during the insulation period only, but
must be smoothly released during the complete orbit. The simu-
lation estimates a total energy requirement of about 800 MJth and
an electricity production of 107 MJel, which leads to an average
cycle efficiency of 13.4% for the complete orbit.

Finally, an accidental case has been considered, where the regu-
lation valve response is assumed to be unexpectedly delayed by
30 s ~Fig. 18!. At the beginning of the transient, the system pre-
sents large fluctuations in all the main parameters, caused by the
fast reaction of the control system, which is not followed by the
regulation valves. The instability is attenuated only after the first

400 s. However, since the TIT succeeds in being almost constant
despite the unstable oscillations, the cycle seems to be able to
sustain such an accidental situation, showing good features in
terms of robustness and reliability.

7 Conclusions and Future Work
Microturbines are characterized by nervous dynamic behavior,

due to the low mechanical inertia of the shaft, necessitating the
use of fast control systems and valves.

The TRANSEO code has been shown to be a flexible and ro-
bust code for transient simulations of microturbine-based ad-
vanced cycles.

The results obtained for the EFmGT show that, even if the
steady-state points during part-load are always feasible, transients
may cause the plant to run into forbidden areas, which are espe-
cially dangerous for the recuperator, where the exhaust inlet tem-
perature is the main variable to be monitored and to be kept under
the safe limit of 650°C.

The CBC, when regulated by varying the total mass in the
circuit using a mass accumulator, shows good performance and
stability over the entire operating range, even when a fault occurs
in the control valves.

Other advanced cycles, such as Humid Air Cycle~mHAT! and
hybrid systems based on MCFC of SOFC, are also under investi-
gation at the TPG laboratories using the TRANSEO code.
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Nomenclature

C 5 compressor
Cc 5 combustion chamber

CBC 5 closed Brayton cycle
cp 5 specific heat at constant pressure@kJ/kg K#
cv 5 specific heat at constant volume@kJ/kg K#
E 5 expander

EFmGT 5 externally fired micro gas turbine
FO 5 fractional opening
ṁ 5 mass flow rate@kg/s#
K 5 controller gain
N 5 rotational speed@rpm#
p 5 pressure@Pa#
P 5 power @kW#

PInom 5 nominal power@kW#
R 5 gas constant@J/kg K#
PI 5 proportional integral controller

PID 5 proportional integral derivative controller
Rec 5 recuperator

T 5 temperature@K#
TIT 5 turbine inlet temperature@K#

TOT 5 turbine outlet temperature@K#
V 5 volume @m3#

VItot 5 total volume of the CBC@m3#

Greek letters

h 5 efficiency
b 5 pressure ratio
r 5 density@kg/m3#

Subscripts

in 5 inlet
inc 5 compressor inlet
out 5 outlet

outc 5 compressor outlet
sk 5 space sink

Fig. 16 CBC: mass exchange between the cycle and the mass
accumulator during the orbit

Fig. 17 CBC: instantaneous heat flow rate „kW… and integral
heat „kJ … supplied by the receiver during the orbit

Fig. 18 CBC: percentage variation of the main parameters dur-
ing the orbit „accident: delayed motion of the control valves …
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sl 5 salt
t 5 total
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Integrated Pyrolysis Regenerated
Plant (IPRP): An Efficient and
Scalable Concept for Gas Turbine
Based Energy Conversion From
Biomass and Waste
A massive effort towards sustainability is necessary to prevent global warming and energy
sources impoverishment: both biomass and waste to energy conversion may represent key
actions to reach this goal. At the present, state of the art available technologies for
biomass and waste to energy conversion are similar and include low to mid efficiency
grate incineration or fluidized bed combustion with steam power cycles or mid to high
efficiency gas turbine based cycles through integrated gasification technology. Neverthe-
less, these plants are all available from mid-to-high scale range that can be highly intru-
sive on protected areas and socially unacceptable. This paper proposes an innovative, low
cost, high efficiency plant in which the residue is gasified in the absence of oxygen
(pyrolysis), in a rotary kiln, by means of a highly regenerative gas turbine based cycle.
Pyrolysis is preferred to gasification, because the syngas obtained has a higher low
heating value and produces char or tar as a by-product with an interesting energy content
to be re-utilized inside the cycle. Different plant configurations are proposed and dis-
cussed through principal thermodynamic variables parametric analysis. Results show that
very interesting efficiencies are obtainable in the 30–40% range for every plant scale.
This fact shows how IPRP technology can provide an interesting alternative to traditional
technologies, especially for the small size (below 5MW). Moreover, the IPRP technology
provides a unique solution for microscale (below 500 kW) power plants, opening a new
and competitive possibility for distributed biomass or waste to energy conversion systems
where low environmental and social impact turns into higher interest and positive dis-
semination effect.@DOI: 10.1115/1.1789513#

1 Introduction
The energy conversion of biomass and/or waste~B&W ! is ad-

dressed as one of the key issues to reach sustainability and to meet
the goals of the Kyoto Protocol@1#. The best available technology
for B&W electric energy conversion is still the grate-based incin-
eration with a net electric efficiency lower than 30% and a mini-
mum plant size for economical feasibility above 2 MWe. Higher
efficiencies may be obtained through an intermediate conversion
~gasification, anaerobic digestion! that turns B&W into a medium-
low calorific fuel gas that can be used in a high efficiency cycle
based on internal combustion engine~ICE! or gas turbine~GT!
but still at a demonstrative stage. Nevertheless, the higher capital
cost and the more complicated arrangement of these plants main-
tains the minimum size for economical feasibility still on the me-
dium to high scale, as briefly summarized in Table 1. This turns
into relative big plants and B&W supply chain that may be con-
sidered intrusive for protective areas and socially unacceptable.
For small to micro scale conversion, externally fired cycles are
promising but still at a demonstration level due to material prob-
lems for hot air heat exchangers technology@4,5#.

B&W energy conversion is therefore hampered because:
• it is feasible on medium to big scale that is often considered

intrusive and socially unacceptable;

• there are no technologies available for the small–micro scale
that benefits of the intrinsic distributed nature of B&W.

This paper analyzes the integrated pyrolysis regenerated plant
~IPRP!, a new concept for B&W energy conversion, that puts
together both high performance and plant simplicity and it is also
scalable even to the micro scale. The plant is based on an inter-
mediate conversion of B&W to a medium-high LHV gas through
pyrolysis ~a well-known process@6–13#! in a rotary kiln reactor.
The syngas obtained fuels a GT and the exhaust gases from the
GT are fed back to the reactor providing the energy required to
maintain the pyrolysis process. If necessary it is possible to in-
crease the enthalpy content of the GT exhaust gases through com-
bustion of the residual tar/char produced by pyrolysis. With refer-
ence to other pyrolysis based combined cycle@14# the IPRP
technology is simpler and more economic because it does not
require a bottoming steam cycle.

2 Plant Description
Figure 1 shows the plant layout analyzed in the present work.

The rotary-kiln pyrolyzer~PYRO! is fed by the generic residual
fuel ~RF! through a hopper. The rotary-kiln pyrolyzer is built as a
tube in tube heat exchanger where the inner cylinder represents
the pyrolysis reaction chamber where the RF degrades to syngas,
tar and char in absence of oxygen. The hollow space between the
two cylinders is the flow path for the hot gases exhausted from the
GT, which provide the heat necessary to pyrolyze the RF. Exhaust
gases from the pyrolyzer may be used to preheat GT primary air
in a recuperator~REC, when present!, before being conveyed to
the filtering section and to the stack. Syngas obtained from py-
rolysis

Contributed by the International Gas Turbine Institute~IGTI! of THE AMERICAN
SOCIETY OF MECHANICAL ENGINEERSfor publication in the ASME JOURNAL OF
ENGINEERING FOR GAS TURBINES AND POWER. Paper presented at the Interna-
tional Gas Turbine and Aeroengine Congress and Exhibition, Atlanta, GA, June
16–19, 2003, Paper No. 2003-GT-38653. Manuscript received by IGTI, October
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is cleaned in a cyclone~CYCLO!, to remove solid residual par-
ticles, and in a wet scrubbing section~SCR!, to remove chemical
aggressive compounds that may damage the GT. The SCR also
cools the syngas to condense water vapor and tars and to lower the
work required by following syngas compression~COMP SYN!;
syngas is eventually injected in the GT combustion chamber~CC!.
Thermal energy of GT exhaust gases may be recuperated in the
regenerator~REG, when present! to provide additional heat to the
GT primary air. Depending on the layout considered, and for some
values of the operational parameters, the enthalpy content of ex-
haust gases to the pyrolyzer may not be sufficient to maintain
pyrolysis. In this case it is possible to increase the exhaust gases
enthalpy through a post combustion in TAR CC of tars and chars
produced by pyrolysis.

Four different plant layouts will be considered in the following
analysis; they are descriptive of four different heat recovery solu-
tions. Exhaust gases from the GT will be always forwarded to the
PYRO but they may previously be used to regenerate the Joule
cycle in REG or they can regenerate the Joule cycle after exiting
the PYRO in REC or both. Table 2 shows the different plant
layouts that will be considered.

Case A: Simple Cycle. The Joule cycle in the GT is not re-

generated; exhaust gases from the GT are conveyed directly to
PYRO and from PYRO to the stack. This case is also the refer-
ence case.

Case B: Cycle With REC. The Joule cycle in the GT is
regenerated by exhaust gases from PYRO; they enter PYRO di-
rectly from the GT and eventually they enter REC, where primary
air is preheated, and then conveyed to the stack.

Case C: Cycle With Both REC and REG. The Joule cycle
in the GT is two times regenerated: a first time by the exhaust
gases from the turbine and a second time by the exhaust gases
from PYRO; at the GT outlet they enter REG and preheat primary
air before it enters the CC. Exhaust gases are then conveyed to
PYRO and eventually they enter REC, where primary air is heated
again. Finally they are conveyed to the stack.

Case D: Cycle With REG. The Joule cycle in the GT is
regenerated by exhaust gases from GT; they enter REG and pre-
heat primary air from the compressor. Exhaust gases are eventu-
ally conveyed to PYRO and from PYRO to the stack.

3 Objectives
An efficiency evaluation and optimization of the plant will be

carried out, for the four different plant layouts, by varying main
thermodynamic parameters in order to identify the best perform-
ing arrangement with respect to the possible size of the plant.

Main objectives of the study will be:
1. to determine the efficiency of the IPRP plant as a function of

its main design variables~GT Compression Ratio~b!, Turbine
Inlet Temperature~TIT!, Pyrolysis Temperature (Tp) and GT Re-
generation Ratio~RR! as defined in Eq.~1!!;

2. to point out their influence on plant performance and their
mutual interference;

3. to determine the values of the above-described variables that
yield to best IPRP overall efficiency and to compare it to the SOA.

4. to compare the performance of the four different plants and
to determine the working envelope;

5. to evaluate the compatibility of these values with different
size commercial GT design values in order to evaluate the feasi-
bility and scalability of the recuperated IPRP.

Table 1 Biomass to energy conversion plant efficiencies †2,3‡

Fig. 1 Plant layout
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Some typical results are extendable from the previous analysis
carried out in Ref.@15# such as:

• an increase inb will increase the GT efficiency but not nec-
essarily the overall plant efficiency, because less energy will be
available from GT exhaust gases and also the work required to
compress the syngas will increase@16,17#;

• a similar conclusion may be obtained when discussing an
increase in the TIT or inTp that yields more syngas from RF
pyrolysis but requires as well more heat to be provided by tar or
external fuel combustion.

• higher RR yield to higher efficiencies but more tar energy
~TE! is requested because GT exhaust gases will have a lower
enthalpy content, and if residual tar is not enough an external fuel
supply will be required. These preliminary conclusions will be
more evident after the following section.

4 Methodology
Through software modeling the overall plant performance was

determined as a function of four design variables that were varied
in an adequate range and with an adequate step as described in
Table 3. Specific work, plant efficiency, and residual energy avail-
able from tar-char production are the results that will be consid-
ered and discussed.

Plant modeling was carried out with homemade software that
utilizes thermodynamic relations, energy balances and data avail-
able in literature. This approach was preferred to proprietary soft-
ware because power plant simulation softwares that are commer-
cially available also require a major user effort to define not-off-
the-shelf components such as a pyrolysis reactor.

4.1 Pyrolysis Reactor Modeling. The reactor was simu-
lated in the steady state and no transient or kinetic behavior is
considered both for heat transfer and pyrolysis reaction. The equi-

librium temperature, where reactor, pyrolysis products, and ex-
haust gases to stack are assumed, is the pyrolysis temperatureTp .

Pyrolysis products percentages and LHV as a function of py-
rolysis temperature were obtained from data available in literature
and in particular for plastic waste~composition is shown in Table
4! pyrolyzed in an externally heated laboratory-scale rotary-kiln
pyrolyzer@18#. The yield of pyrolysis products is shown in Fig. 2.

As different residues behave in different ways when heat is
provided, data utilized may only be representative for a high plas-
tic content residue as RDF can be, with an insignificant char pro-
duction, when compared to tar production~Fig. 2!. However, dif-
ferent residues may yield to different pyrolysis products but the
energy balance shall be maintained, therefore lower tar production
usually results in higher char production~i.e., biomass! and vice
versa.

The assumption that is made is that since in this study we are
interested only in char/tar energy content~and not in their com-
position! every reference to tar energy it is assumed to be extend-
able to char energy, therefore the results obtained may be gener-
alized to any RF, as far as trends are concerned. This assumption
is confirmed when considering biomass in Sec. 7 that pyrolyzes

Table 2 Different layouts considered

Table 3 Parametrization of the simulations

Table 4 Primary analysis and ultimate analysis of the raw ma-
terials „dry air basis … †18‡
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mainly to char. Therefore, from now on, every reference to tar will
be extended to char as well if considering a RF that pyrolyzes
mainly to char and syngas, i.e., biomass.

The energy required for pyrolysis was assumed as the sum of
different contributions obtained in Ref.@19# for rubber whose be-
havior was considered coherent with the results shown in Ref.
@18# for plastic waste as heat capacity and heat of reaction are
similar. This methodology yield to results that are coherent and
comparable to the results obtained equalling endothermic and eso-
thermic reactions as in Ref.@20# for biomass.

The different energy contributions are listed below:
~a! Heat capacity of the feedstock to the reaction temperature

considered in Ref.@19#;
~b! Vaporization energy of pyrolysis reactants@19#;
~c! Heat of reaction as in Ref.@19#;
~d! Heat capacity of products to theTp ,

where the only item that is sensibly dependent fromTp is the last
one,~d!.

4.2 Other Components Modeling. An energy balance in
the pyrolyzer was used to estimate the additional energy required
to increase GT exhaust gases temperature toTp by tar or external
fuel combustion. Char LHV was not considered assuming that the
small yield would not be significant for final results.

GT, compressor, and heat exchangers were simulated according
to ideal conditions while irreversibilities were introduced through
efficiencies as described in Table 5 that also shows other technical
assumptions of the simulation.

The GT regenerator~REG!, in particular, was modelled consid-
ering the RR defined as the ratio between the recovered energy on
primary air, and the theoretical recoverable energy from GT ex-
haust gases assuming that they were cooled to the compressor
outlet air temperature as described in Eq.~1!,

RR5
ṁAirCpAV,Air ~TREG,Out2TREG,In!

ṁEgCpAV,Eg~TT,Out2TREG,In!
. (1)

Coming to the recuperator~REC! it was assumed that it has al-
ways priority when a REG is also present because the enthalpy of
exhaust gases from PYRO would otherwise be lost. No RR was
considered when discussing REC, which will always preheat pri-
mary air to a temperature which is 50 K lower than the considered
Tp .

4.3 Exclusions. State of the art for tar combustion and
eventual problems will not be discussed in the present paper; also
the gas treatment section analysis will be neglected assuming that
syngas is cooled to 50°C in the humid filter and that the entire
fraction of water vapor is condensed. Also no consideration is
made on acid vapors treatment and eventual dioxins production

and abatement. These issues represent the technical barriers of the
IPRP technology and will be discussed in other works.

Finally the GT combustion chamber, usually designed for con-
ventional fuels, will require some adaptation, especially in the fuel
injection nozzles due to low LHV fuel gas@21#, but they are not
analyzed in the present work.

4.4 Normalization. The analysis was carried out referring
all mass and energy flows to 1 Kg RF in input to the pyrolyzer
that yields to different syngas production rate, depending onTp
~Fig. 2!. With this approach the higher the syngas production the
higher the GT power output but also the work required for its
compression to the GT CC operational pressure, with this latter as
a function ofb.

5 Results for Specific Work
We will consider in the following the specific GT work as the

work produced by the GT when it is fuelled by the quantity of
syngas obtained from the pyrolysis of 1 Kg of RF. The specific
syngas compression work is the work required to compress the
amount of syngas produced by 1 Kg of RF pyrolyzed, from am-
bient pressure to the GT CC pressure. Therefore the GT specific
work is referred to 1 Kg of residue fuelled to the plant and not, as
usual, to 1 Kg of working fluid. This means that the air mass flow

Fig. 2 Pyrolysis products yield „left … †18‡ and LHV „right … †18‡

Table 5 Technical assumption used in the simulation

Journal of Engineering for Gas Turbines and Power APRIL 2005, Vol. 127 Õ 351

Downloaded 02 Jun 2010 to 171.66.16.98. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



considered in the GT analysis is the quantity necessary to burn the
syngas produced by the pyrolysis of 1 Kg of RF, given a value of
air/fuel ratio. For a better understanding of the dependence of the
IPRP efficiency from main variables, Fig. 3 shows the specific GT
and syngas compression work as a function ofb considering two
different TIT’s andTp’s, and the presence of REC and REG. We
will now discuss separately the effect of the different variables.

5.1 Effect of TIT. Increasing the TIT, while maintainingTp
constant, results in a slight increase of the GT work because the
area inside the Joule cycle has increased~curves II and III!. No
modification in the syngas compression work is experienced
~curves V and VI! because syngas production does not vary when
keepingTp constant~Fig. 2!.

5.2 Effect ofb. An increase inb produces, as a well-known
effect, an increase in the GT work with a decreasing slope asb
increases. The slope inverts its sign at low TIT’s therefore the GT
specific work may decrease for high values ofb ~curves I and III!
while the slope maintains a positive sign at high TIT’s~curve II!.
Syngas compression work always increases while increasingb.

5.3 Effect of Tp . The effect of a variableTp is a conse-
quence of the different yield of pyrolysis products. In particular,
an increase inTp results in a higher syngas rate of production
~Fig. 2! therefore more fuel available: the GT specific work is
increased~curves I and III! as well as the syngas compression
work ~curves IV and VI!.

5.4 Effect of REG. Regeneration produces as a well known
effect, an increase in GT efficiency. Since we keep syngas produc-
tion constant for a givenTp , the effect of REG turns into an
increase flow of working fluid, if we want to consume the whole
syngas produced, therefore the final effect is that of an increase of
the GT specific work.

The increase is evident at low values ofb and decreases while
increasingb until it reaches a critical value (bcritic) above which
the exhaust gases temperature is too low and there is no need for

a REG. From this point the regenerated and not regenerated GT
specific work curves~I and VII! are coincident. Obviously an
increase in the RR increases also GT specific work forb
,bcritic . Syngas compression work is not affected by regeneration
because the amount of syngas produced is only dependent onTp
therefore the curves are coincident~IV and X!.

5.5 Effect of REC. The effect of REC is always positive
increasing the GT specific work~increasing the GT efficiency as
above stated! with respect to the simple cycle and also to the
regenerated one~curves IX, I, and VII!. As in the previous case
the syngas compression specific work is not affected and the
curves are coincident~IV, VII, and X!.

6 Results for Efficiency
Coming to efficiency, the previously described interaction be-

tween thermodynamic parameters has also to deal with the heat
required to maintain the pyrolysis process. Tar~char! production
depends on pyrolysis temperature~Fig. 2! which is slightly lower
than the gas temperature at TAR CC outlet. Therefore the higher
the pyrolysis temperature the higher the quantity of tar~char! to
be burnt to rise GT exhaust gases temperature, therefore TAR
residual energy may be sufficient~case b! or not ~case a! to meet
pyrolysis temperature.

„a… Additional Energy Input Required. The higher the
pyrolysis temperature the lower the tar production~Fig. 2! there-
fore there will be cases in which tar combustion is not enough to
rise GT exhaust gases temperature to the value required for py-
rolysis and this is often the case when REG is present. In this case
an external fuel~natural gas! will be considered, sacrificing effi-
ciency, instead of sacrificing the GT specific work. The value ofb
that is indicative of an external fuel requirement will be marked
with a vertical line between the plant efficiency point and the TE
point, the line is marked with theQext symbol. The eventual inte-

Fig. 3 Effect of TIT and Tp on specific work
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gration of an external fuel will be indicated by a negative value of
available energy for tar~char!, which also means that the plant is
not self-sufficient.

„b… No Additional Energy Input Required. On the other
hand, some cases will show an excess of tar production with re-
spect to the quantity required for pyrolysis, therefore the residual
tar production will be considered as positive value of available
energy. In this case the plant is self-sufficient and is also by-
producing tar and/or char with interesting energy content. Tar/char
residual energy, however, is not considered when calculating effi-
ciency as it is considered to be stocked and utilized for startups.

Plant efficiency is therefore defined as the ratio between the net
power output of the plant and the energy provided by 1 Kg of RF
and eventually with natural gas,

h5
specific work ~GT2COMPsyn!

LHVRF1fLHVNG
(2)

Case A: Simple Cycle. Results are collected in three charts,
shown in Fig. 4, one for each TIT examined. Each graph was
obtained plotting overall plant efficiency~continuous lines on
lower part of the graph and left side scale! and tar residual energy
~dashed lines on the upper part of the graph, right side scale!
versus the GT compression ratio. Different lines are representative
of different pyrolysis temperature~symbols are described on the
attached table!.

The lines referred to the pyrolysis temperature of 1023 K are
frequently higher than the others. It depends, as shown in Fig. 2,
on the better performance of the pyrolyzer forTp51023 K. Ac-
cording to pyrolysis data, the difference between the line atTp of
1123 and 1023 K is very small because the production of syngas
at 1123 K is similar to the production at 1023 K.

Referring to graph at TIT51400 K of Fig. 4 the overall plant
efficiency increases withb following the usual trend of GT except
for Tp51123 K and high values ofb. In this case the temperature
of GT exhaust gases is quite low and tar combustion is not enough
to rise it toTp . An external fuel is needed forcing TE to negative
values and the overall plant efficiency to diminish with a discon-
tinuity in the trend.

Referring toTp , the plant efficiency increases withTp as far as
TE is positive; when TE becomes negative the gap between the
plant efficiency forTp51123 K and forTp51023 K decreases
and, in some cases curve overlapping is experienced.

Decreasing the TIT the plant performance decreases because
GT efficiency decreases and also because a higher amount of tar is
needed. Let us also notice that decreasing the TIT the value ofb
corresponding to best efficiency points also decreases.

IPRP technology appears therefore to be suitable at every GT
scale because decreasing the TIT~it is typical when reducing the
GT size! the best plant efficiency point moves to lowerb ~also
typical of reduced GT size!. Figure 5 shows the best efficiency
points obtained at operational parameters typical of three different
GT sizes:

• microturbines~b54 and low TIT! show very low values for
plant efficiency~11.3–13.1%!;

• medium size aeroderivative GT~b512 and medium high TIT!
show low overall plant efficiency~17.9–20.7%!;

• big size heavy duty GT~b520, high TIT! show acceptable
plant efficiency~20–23.3%!.

Maximum obtainable efficiencies are usually lower than SOA
technologies, however, the results are encouraging for further op-

Fig. 4 Results for the simple cycle „Ref. †15‡…

Fig. 5 Plant efficiency versus TIT for the simple cycle
„Ref. †15‡…
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timization of the IPRP technology. This is to be considered par-
ticularly for micro-scale plants where no SOA is available~Ref.
@15#!.

Cases B and C: Cycle With REC and Both REC & REG.
According to the above-mentioned methodology, REC presence
was always privileged, with respect to REG presence, because it is
always not convenient to convey to stack high-temperature ex-
haust gases from PYRO. This fact results in very few occasions in

which REG presence is worthy and always for low values ofb,
where GT exhaust temperature is still higher than air temperature
at REC outlet~assumed 50 K lower thanTp).

Moreover, as we have observed in Fig. 3, regeneration is not
effective for b.bcritic therefore curves at different RR may be
discussed only for values ofb lower than the critic value. For the
above-mentioned reasons Fig. 6 shows together the results of case
B and case C by plotting curves at different RR. In those areas
where multiple RR are possible, the null value of RR will be
descriptive of the plant without REG~case B!.

The trends of efficiency curves are similar to the ones obtained
for case A but are all shifted to higher values of efficiency due to
the positive effect of regeneration.

When TIT is lower thanTp the enthalpy of exhaust gases from
PYRO is sufficient to heat up primary air to the TIT at REC outlet
and there would be no need for additional syngas firing in the CC.
These cases were not included in Fig. 6 because this paper does
not deal with externally fired cycles. Therefore for TIT51000 K
we have only two values ofTp that are significant.

The effect of REG is evident at low values ofb where effi-
ciency increases with increasing RR while TE decreases because
more tar is necessary due to the lower temperature of GT exhaust
gases.

Increasing the TIT results in higher efficiencies, higher flexibil-
ity because moreTp are available and higher TE, therefore more
cases in which the plant is self-sufficient.

Decreasing theTp results also in lower efficiencies but also in
lower air temperature at REC outlet making regeneration possible
in REG. Therefore the lower theTp the higher the range ofb that
allow the use of a REG. In any case best efficiency points are
always obtained where no regeneration is possible therefore with-
out REG.

Best efficiency points as a function of TIT are shown in Fig. 7
only for case C because no best point was experienced for the B
configuration. The overall plant efficiency is always comparable
to the SOA of much more complicated IGCC arrangements where
there is also a costly bottoming steam cycle that the proposed
IPRP technology does not require.

Best efficiency points are always obtainable at low values ofb
making case C arrangement more suitable for small scale plants
than big ones. This peculiarity is also evident when considering
the scalability of the technology. The graph of Fig. 8 shows the
results grouped for GT scale. It is noticeable that efficiency de-
creases when shifting from microturbines to heavy duty GT.

Nevertheless, efficiency obtainable in compatibility with GT
operational parameters are always in the 30–40% range making
IPRP technology competitive with the available technologies at
every scale.

Fig. 6 Results for case B and case C cycle with REC and REC
& REG

Fig. 7 Best efficiency points for case C
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Case D: Cycle With REG. As we have seen in the previous
section, the case with only REG is not very significant anymore
having revealed that REG together with REC is most of the time
not necessary. Moreover, being in this case exhaust gases from
PYRO directly conveyed to stack, a lot of heat available is not
reused inside the cycle therefore lower efficiencies are expected.

In this optic only the final results grouped for GT size will be
shown for case D in Fig. 9 together with the previous ones so that
a comparison will be possible.

Figure 9 shows clearly how the benefits of adding a REG to the
simple cycle are less important than the benefits of adding a REC.
However, GT may be commercially available with REG while
introducing a REC into a commercial package could be economi-
cally not convenient especially in the micro scale. The positive
effect of REG is evident at lowb typical of microturbines that are
commercially available with REG.

7 Extension of the Results to Biomass
The plant behavior in the case C arrangement that gave best

results was then reproduced considering biomass as a fuel. Data
available in literature@22# were used to simulate biomass pyroly-
sis, the heat required for pyrolysis was obtained with the previ-
ously applied methodology using the heat of reaction found in
Ref. @20# ~see Table 6!.

The pyrolysis behavior of biomass is shown in Fig. 10 where it
is evident that the LHV of the syngas obtainable is quite lower
than the LHV of the syngas obtainable from the pyrolysis of plas-
tic. Syngas yield is also lower, with respect to data provided in
Fig. 2, therefore a lower plant efficiency is expected. Moreover,
plastic wastes pyrolysis results in a high production of tar and a
very small production of char~and this latter was neglected!, bio-
mass pyrolyzes both to tar and char. Only char was considered in
the simulation therefore char residual energy is quite low and the
plant is often not self-sufficient. Results obtained are shown in
Fig. 11.

Results show clearly that biomass halves the efficiencies ob-
tainable with the IPRP technology with respect to the waste fu-

Fig. 8 Best efficiency points for typical GT size parameters for
case C

Fig. 9 Comparison of plant efficiency in case A

Fig. 10 Pyrolysis products yield „a…, LHV „b…, and heat required for the py-
rolysis „c… †22‡

Table 6 Primary analysis and ultimate analysis of the raw ma-
terials †22‡

Journal of Engineering for Gas Turbines and Power APRIL 2005, Vol. 127 Õ 355

Downloaded 02 Jun 2010 to 171.66.16.98. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



elled scenario. Best efficiency point show poor efficiencies for the
microscale~around 7%! and encouraging values for the interme-
diate scale~around 16%!. It has to be noted that this result is also
affected by the use of char in post-combustion and not both char
and tar therefore reducing prematurely the growing trend of effi-
ciency curves in Fig. 11. This was assumed for technical reasons
concerning the difficulty of burning tar in a char burner.

8 Conclusions
This paper analyzes an innovative solution for waste and bio-

mass to energy conversion. The plant combines a rotary kiln py-
rolyzer and a gas turbine fuelled by the pyrolysis gas produced

from the thermal degradation of residual fuels. The exhaust gases
from the gas turbine provide the heat required to maintain pyroly-
sis while additional energy may be supplied by post-combustion
of tars and chars produced by pyrolysis. Four plant configuration
were analyzed with different heat recovery solutions and for each
of them performance was evaluated by varying main thermody-
namic parameters.

When fueled with a plastic-behaving residue, results obtained
for the simple cycle with no regeneration show best efficiencies
that range from 11% for microscale plants to 23% for big scale
plants. The possibility of regenerating the Joule cycle with the
exhaust gases exiting the pyrolyzer strongly enhances plant per-
formance especially on the medium to small scale with results that
range between 30 and 40%. Using a recuperated GT improves
efficiency only at low values of pressure ratio therefore it may be
utilised only on the microscale.

When fueled with a wood-behaving residue the results obtained
show similar trends but the efficiencies are halved due to the
lower energetic content of the pyrolysis gas and the use of only
char in post-combustion.

IPRP technology is a scalable concept because best efficiency
points are obtainable for combinations of operational parameters
that are consistent with microturbines, aeroderivative, and heavy
duty GT’s.

IPRP technology can perform as available technologies but at a
lower capital cost because no bottoming steam cycle is required.
Moreover, IPRP technology provides a solution for the micro
scale where there are no available technologies.

Critical points of the proposed technology may be found in
variable yields and energy content of pyrolysis products that may
jeopardize performance and produce combustion irregularities in
both the GT and TAR CC, and in syngas cleaning, that shall
guarantee optimal performance of the syngas compressor and of
the GT.

A laboratory scale rotary kiln was built at the University of
Perugia@23# providing experimental data on pyrolysis to back up
numerical simulation and the design of a microscale~70 kWe!
IPRP pilot plant@24# that is being built at the Terni facility of the
University of Perugia with regional co-funding.

Nomenclature

B&W 5 biomass and waste
Cp 5 specific heat at constant pressure
CC 5 combustion chamber

COMP 5 compressor
CYCLO 5 cyclone

GT 5 gas turbine
ICE 5 internal combustion engine

IGCC 5 integrated gasification combined cycle
LHV 5 low heating value

ṁ 5 mass flow
P 5 pressure~Pa!

PYRO 5 pyrolyzer
Q 5 heat (MJ/KgRF)

RDF 5 refuse derived fuel
REC 5 recuperator
REG 5 regenerator

RF 5 residual fuel
RR 5 regeneration ratio

SCR 5 scrubber
SOA 5 state of the art
SYN 5 syngas

T 5 temperature~K!
TE 5 tar energy~from residual tar~char! combustion!

TIT 5 turbine inlet temperature
W 5 specific work (J/KgRF)
b 5 compressor pressure ratio
f 5 specific additional fuel consumption (kgNG /kgRF)

Fig. 11 Results obtained for case C biomass fueled
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Subscripts

Air 5 air
av 5 average
Eg 5 exhaust gases
Ext 5 external

In 5 inlet
NG 5 natural gas
Out 5 outlet

P 5 pyrolysis
RDF 5 refuse derived fuel
REG 5 regenerator

RF 5 residual fuel
Syn 5 syngas

T 5 turbine
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Conceptual Design and Cooling
Blade Development of 1700°C
Class High-Temperature Gas
Turbine
In this paper we describe the conceptual design and cooling blade development of a
1700°C-class high-temperature gas turbine in the ACRO-GT-2000 (Advanced Carbon
Dioxide Recovery System of Closed-Cycle Gas Turbine Aiming 2000 K) project. In the
ACRO-GT closed cycle power plant system, the thermal efficiency aimed at is more than
60% of the higher heating value of fuel (HHV). Because of the high thermal efficiency
requirement, the 1700°C-class high-temperature gas turbine must be designed with the
minimum amount of cooling and seal steam consumption. The hybrid cooling scheme,
which is a combination of closed loop internal cooling and film ejection cooling, was
chosen from among several cooling schemes. The elemental experiments and numerical
studies, such as those on blade surface heat transfer, internal cooling channel heat trans-
fer, and pressure loss and rotor coolant passage distribution flow phenomena, were con-
ducted and the results were applied to the conceptual design advancement. As a result, the
cooling steam consumption in the first stage nozzle and blade was reduced by about 40%
compared with the previous design that was performed in the WE-NET (World Energy
Network) Phase-I.@DOI: 10.1115/1.1806456#

Introduction
In regard to the greenhouse effect, there is a global and strong

demand to reduce CO2 emissions by the improvement of the ther-
mal efficiency of power plants. The project entitled ACRO-GT-
2000 was sponsored by the New Energy and Industrial Technol-
ogy Development Organization of Japan~NEDO! and conducted
from fiscal year 1999 to 2001. The aim of the project, which was
the successor project to WE-NET Phase-I, was the development of
a 500 MW class thermal power plant with more than 60% HHV
efficiency by using methane (CH4) fuel instead of hydrogen (H2)
in the WE-NET project and free from CO2 emission due to recov-
ery of the CO2 from exhaust gas. The purpose of the new project
is to promote the near-term realization of a highly efficient power
plant by utilizing more general and practical fuel, CH4 . And a
fundamental system study of a high-efficiency closed cycle power
generation system has been performed and reported by Koda et al.
@1#.

Several system studies have been performed for the CO2 recov-

ery power generation systems by other researchers. Jackson et al.
@2# studied the closed topping cycle system for a CO2 and H2O
gas mixture with the sequestration of CO2 . Jeriche et al.@3# re-
ported the conceptual design of a prototype 100 MW class Graz
cycle power plant. In both cases, 1500°C~2370°F!-class gas tur-
bine was assumed.

The present system features the introduction of the CH4-O2

combustion system and the 1700°C~3090°F!-class high-
temperature gas turbine. It is well known that the increase in
turbine inlet temperature has a strong impact on the thermal effi-
ciency enhancement. However, the gas turbine working tempera-
ture rise results in the increase of the coolant flow rate, under the
turbine blade, with the same cooling structure, material, and ther-
mal barrier coating~TBC!. And the increase of the coolant con-
sumption deteriorates the thermal efficiency of the plant. So, for
the realization of high-temperature gas turbine, the development
of a more efficient cooling structure, a more durable base-metal
and a more effective insulation coating are essential.

The cooling structure selected for the first stage nozzle and
blade was a hybrid cooling scheme that was developed and veri-
fied by a high-temperature cascade experiment in the former
project, WE-NET@4,5# To minimize the coolant flow rates, vari-
ous elemental experiments and numerical studies have been car-
ried out.
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A conceptual design and cooling blade development studies
of 1700°C-class high-temperature gas turbine are reported in this
paper.

System and Conceptual Design of High-Temperature
Turbine

Figure 1 shows the schematic diagram of the ACRO-GT sys-
tem. And Table 1 summarizes the flow condition at selected node
of Fig. 1. The system consists of a closed Brayton cycle part with
CH4-O2 combustion and a Rankine cycle part utilizing the waste
heat of the Brayton cycle. The Brayton cycle is comprised of a
low-pressure compressor~LPC!, a high-pressure compressor
~HPC!, a combustor~COMB!, and two high-temperature turbines
~HT1, HT2!. The inlet temperature and pressure of HT1 selected
were 1700°C~3090°F! and 4.51 MPa~0.654 ksi!. The Brayton
cycle working fluid is a mixture of H2O and CO2 , which was
generated by CH4 and O2 combustion. The exhaust gas of HT2
exchanges heat with high-pressure steam from HPC at recuperator
~RECP! and then heats the feed water from condenser~CON! in
the heat recovery boiler~HRBL!. The steam generated by HRBL
is rated at 543°C 31 MPa~1010°F/4.50 ksi! and is led to a high-
pressure turbine~HPT!. The outlet steam of HPT is used as the
coolant of HT1 and HT2 and is finally fed into COMB. The

HRBL exhaust gas is divided into two and fed into a low-pressure
turbine ~LPT! and a low-pressure compressor~LPC!. Part of the
gas that was expanded in LPT is then led to the condenser~CON!.
Since CO2 is not liquefied there, it is separated from water at
CON and exhausted as pure CO2 by the CO2 compressor
(CO2-C).

Figure 2 shows the cross-sectional view and the shaft arrange-
ments. The high-temperature turbines HT1 and HT2 are driven at
different rotational speeds. The HT1 shares the shaft with HPC
and the HT2 shares the shaft with LPT and Generator~G!. These
shaft arrangements and the rotational speeds are decided based on
the evaluation of turbine aerodynamic efficiency and structural
integrity of the rotating components. Figure 3 shows the relation-
ship between adiabatic efficiency and rotational speed for HT1.
Generally, the aerodynamic efficiency of a turbine increases with
the increase of rotational speed.

One of the critical points besides the turbine is the productivity
of high-temperature and the large size connection duct between
HT1 and HT2. The cooling and structural design of this connec-
tion duct depends on the load of HT1, namely, the outlet tempera-
ture of HT1. The higher the gas temperature becomes, the greater
is the need for cooling. And the relatively large surface area of the
connection duct necessitates the consumption of a large amount of
coolant, which directly results in the decrease of thermal effi-
ciency. Therefore, the stage number of HT1 should be larger to
lower the HT1 outlet temperature.

Figure 4 indicates the gas-path configuration of HT1 under the
two rotational speeds of 9500 and 6000 rpm. As the figure shows,
if the peripheral speed and volume flow rate are kept constant, the
increase of the shaft rotational speed results in the decrease of the
gas path radius and also the increase of the blade height. From the
blade structural design viewpoint, the higher the aspect ratio of
the blade~height/chord! is, the higher the centrifugal force acting
on the blade becomes. Therefore, the last stage long blade be-
comes difficult to realize with the increase of the rotational speed.
From these design trade-offs, 9500 rpm/3-stage design was se-
lected for HT1. Under this condition, the outlet temperature of
HT1 is about 1300°C~2370°F! and the connection duct manufac-

Fig. 1 Schematic diagram of CO 2 recovery power generation system

Table 1 Flow condition at selected nodes

Node
Flow rate

~kg/s!
Temperature

~°C!
Pressure
~MPa!

a 277.94 1700 4.513
b 309.4 1271.4 1.47
c 309.4 717.6 0.112
d 309.4 627.4 0.1064
e 309.4 106.5 0.1013
f 119.22 347.9 0.7189
g 96.9 543 31.0
h 96.9 310.9 6.579
i 134.69 170.9 0.7045
j 134.69 454.5 5.0
k 134.69 600 4.75
l 190.18 40.2 0.0085
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turing becomes feasible. For the 1300°C-class HT2, 3000 rpm/4-
stage turbine design was selected. Table 2 summarizes the speci-
fication of HT1 and HT2.

High-Temperature Turbine Cooling System
Figure 5 indicates the schematic drawing of the HT1 cooling

system. The turbine rotor consists of three turbine disks, two spac-
ers, rear shaft and intermediate shaft~which connects with HPC!,
all of which are bolted together. The steam, individually supplied
from the casing side, cools the nozzles. On the other hand, rotor
cooling steam is supplied from the bore of the rear shaft. The rear
shaft and one to two stage spacer disk have many radial channels
to feed the coolant to the ring-shaped supply cavity just below the
root of the blades. The steam, which cools the blades internally, is
accumulated in the recovery cavity and then led to the combustor.
This cooling steam flow also cools the rotor and spacer disks to
sufficiently low temperature. Finally, a relatively small amount of
steam is consumed as a hot gas seal at the disk to disk clearance.

In this type of internal cooling, the turbine hot parts such as the
nozzle and blade act as a steam super-heater. And the thermal
energy transmitted from the hot main flow gas to coolant is recov-
ered in the combustor.

Elemental Experiments

Rotor Center Bore and Radial Channels Flow. The steam
flow in the rotor is complex, because of the rotational effects. And

the pressure loss characteristics may be different from that of the
stationary case. To design the inside-rotor coolant distribution,
pressure loss characteristics need to be clarified. Therefore, the
experimental measurements of the pressure loss of the rotor bore
and radial distribution channel have been carried out.

Basically, the Coriolis and inertia force may dominate the flow
in the rotating system under the gas turbine condition. So that in
the model experiments, the ratio of Reynolds numbers Rer over
Rv , namelyV, has been selected as the main experimental pa-
rameter and made nearly equal to the HT1 condition. Rer , Rv ,
and V in the experimental and HT1 conditions are listed in
Table 3.

Rv5vd2/~2n! (1)

Rer5Vd/n (2)

V5Rv /Rer (3)

z5DP/~0.5r V2! (4)

Figure 6 shows the drawing of the test section. The axial inflow
passage~center bore! is 80 mm in diameter. The radial distribution
channels are 18.8 mm318.8 mm square and the number was 12. A
photograph of the apparatus is shown in Fig. 7. Experiments were
carried out up to the rotational speed of 4000 rpm under the am-
bient air condition.

Fig. 2 Structure of 1700°C class gas turbine

Fig. 3 Variation of adiabatic efficiency with rotational speed
„HT1… Fig. 4 Gas path configuration „HT1…
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Figure 8 shows the relationship between total pressure loss co-
efficient z and V. In the figures, experimental and numerical re-
sults are plotted. It was found that the pressure loss coefficientz
through the center bore was about 0.3–0.4; on the other hand, that
of the radial channels~including the inlet/outlet effects! was 3.0–
4.0. Furthermore, the pressure loss coefficients were nearly con-
stant forV in the range of parameters studied herein. The CFD
results obtained by using STAR-CD agree well with those ob-
tained by the experiment. The resulting streamline visualization is
shown in Fig. 9.

It is concluded that the radial distribution channel dominates
the pressure loss of the turbine rotor coolant supply system. More-
over, it is clearly understood from the CFD results that the flow
separation at the radial channel inlet and outlet generates large
pressure loss. This flow separation was due to the strong flow
direction change that occurred there. By using the pressure loss
results, the HPT rotor system coolant distribution was rearranged.

Blade Surface Heat Transfer. The blade surface heat trans-
fer distribution has been measured for the two-dimensional cas-
cade with tip clearance in the low-speed wind tunnel. The blade
profile used was that designed in the WE-NET project, since the
purpose of the experimental study was to evaluate the ability of
the numerical simulation procedure of the present design, the
comparative evaluation is worthwhile. The numerical procedure

will be used to estimate the 1700°C real gas turbine blades’ ther-
mal and hydraulic boundary conditions in the design.

Figure 10 shows the assembly of the two-dimensional model
blade cascade. The main experimental parameters were the blade
exit Reynolds number (Rem) and the cascade inlet turbulent inten-
sity ~Tu!. The maximum experimental Rem is 1.63106 and is the
same level as that under the HT1 condition. It is well known that
the turbulent intensity has a strong impact on the heat transfer
coefficient and distribution. However, Tu of a real machine is
difficult to estimate. In the present experiments, large Tu was
generated by positioning the turbulence grid upstream of the cas-
cade and the effect was studied. The measured Tu at the blade
inlet was 1.4% for the without-grid condition and 12.4% for the
with-grid condition.

Using the unique thermochromic liquid crystal technique,
which utilizes the color~RGB! information of a liquid crystal to
estimate temperature@6–8#, performed the measurement of the
heat transfer coefficient. The blade surface heat transfer coeffi-
cient was calculated from heat flux and temperature. Heat flux of
the blade surface was estimated from metal foil heater energy
input, considering the inter-solid heat loss calculated by heat con-
duction analysis. Blade surface temperature has been converted
from video recorded color of the liquid crystal.

Figures 11, 12, and 13 show the comparison between experi-

Fig. 5 Schematic of turbine cooling system

Table 2 Specification of high-temperature turbine. Stage: N: Nozzle; B: Blade; Cooling
Method: H: Hybrid cooling, C: Recovery cooling.

HT1

Stage 1N 1B 2N 2B 3N 3B
Number of blades 38 64 40 88 40 88
Blade height mm 101 101 119 119 142 142
Blade mean diam mm 824 824 843 843 866 866
Blade chord~mean! mm 93.6 57.6 107.3 43.1 109.7 45.7
TBC Y Y Y Y Y Y
Cooling method H H H H C C

HT2

Stage 4N 4B 5N 5B 6N 6B 7N 7B
Number of blades 60 130 80 130 80 92 80 92
Blade height mm 100 112 149 171 243 289 400 464
Blade mean diam. mm 2674 2674 2674 2674 2702 2721 2763 2795
Blade chord~mean! mm 168.9 83 154.6 89.8 137.8 116.8 151.5 124.2
TBC Y Y Y Y Y Y Non Y
Cooling method C C C C C C Non C
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mental results and numerical predictions for the first stage nozzle
and blade at the mean height position. The nozzle surface heat
transfer measurements have already been reported by Okamura
et al. @4#. The two-dimensional simulation was performed by
boundary layer code@9# and the three-dimensional prediction was
executed by the multiblock Navier-Stokes code@10,11#. The tur-
bulence model used in the three-dimensional CFD was a low Rey-
nolds number version k-epsilon model of Launder and Sharma
@12# with the Kato and Launder production model@13#.

The measured, two-dimensional prediction and three-
dimensional simulation show good agreement for the nozzle sur-
face heat transfer distribution. And the suction side sudden heat
transfer augmentation caused by the boundary layer transition is
predicted well.

On the other hand, blade surface heat transfer characteristics
show a big difference between measurement and prediction. The
pressure side difference may be caused by the flow instability and
separation that occurred under the strong adverse pressure gradi-
ent at the location, pressure side just downstream of the leading
edge. On the suction side, the experiments indicate the increase of
heat transfer with the increase of Tu, but the three-dimensional
CFD could not predict such a big difference. The turbulence mod-
eling and grid resolution may partly cause this inconsistency.

The blade profile has been redesigned for the present project to
account for the changes in the main flow conditions and with
consideration of an acceleration factor to suppress separation.

Figures 14 and 15 indicate the visualization of numerical heat
transfer distributions and a near-endwall velocity vector direction.
The color indicates the relative level of the Stanton number~St!,
red represents high St, and blue represents low St. The basic three-
dimensional characteristics of the flow, the generation of the
horseshoe vortex, passage vortex, and suction surface separation,
may be simulated well by the present CFD procedure. Figure 16
shows the streamline visualization of two-dimensional blade cas-
cade flow field observed from the downstream direction. The top
half of the figure indicates the formation of the tip leak vortex and

the bottom half of the figure indicates the secondary flow and
generation of the separation region near the blade root.

Internal Cooling Channel Heat Transfer. It is important to
enhance the blade internal surface heat transfer by using turbu-
lence promoters. In the present study, heat transfer of the skewed
broken rib~4-rows! has been studied in comparison with the con-
ventional 45 deg skewed continuous rib. The skewed broken rib
was expected to increase the heat transfer coefficient by generat-
ing the three-dimensional vortex from the rib’s leading edge and
by thinning the thermal boundary layer thickness on the rib sur-
face by discontinuity. Experimental measurements have been per-
formed to focus on the heat transfer and pressure loss character-
istics.

Figure 17 shows the photograph of the experimental apparatus.
The test section was a 50 mm350 mm square channel and 1300
mm long, with a ribbed length of 540 mm in the middle, made of
acrylic resin. Three test sections with a smooth wall, continuous
ribbed wall, and broken ribbed wall, respectively, were prepared.
To simulate the blade internal cooling channel, only two walls
were equipped with ribs. The total heat transfer ability of the rib
roughened surface is comprised of the wall surface and the rib
surface. To measure the mean heat transfer coefficient on the rib
surface, a copper rib test section has also been used.

Fig. 6 Rotor cooling flow test section

Fig. 7 Photograph of rotor cooling flow test apparatus

Table 3 Range of parameter in experimental study

Rv Rer V

Center bore Test range 0 – 1.23105 2 – 53105 0–0.43
HT1 9.833106 1.483107 0.66

Radial channel
~inlet!

Test range 0 – 63104 0.4– 1.13105 0–1.3
HT1 2.313106 2.083106 1.11
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For the wall surface, the thermochromic liquid crystals tech-
nique was used for the heat transfer measurement. The channel
Reynolds number (Rec) ranged from 104 to 105.

The measured heat transfer coefficient of the smooth wall chan-
nel agreed well with the turbulent channel correlation. And the rib
effect was measured by the ratio of the Nusselt number~Nu! to
that of the smooth wall condition (Nu0). The value is called heat
transfer enhancement in this paper.

Figure 18 shows the local heat transfer enhancement distribu-
tion for the broken ribbed wall at Rec583104 as an example of
liquid crystal measurements. It can be seen from the figure that the
local heat transfer augmentation due to the vortex formation from
the rib leading edge is not obvious. However, it was found that the
rib surface heat transfer for the broken rib was about 2.0 to 2.3
times higher than that for the continuous rib. This leads to the
conclusion that the broken rib heat transfer enhancement comes
from the rib surface thermal boundary layer thinning effect.

Figure 19 indicates the Reynolds number dependency of mean
heat transfer enhancement including both walls and rib surfaces. It
was found that the present smooth side wall results agreed well

Fig. 8 Pressure loss coefficient in rotor cooling passage

Fig. 9 Streamlines on the rotor cooling passage

Fig. 10 Photograph of heat transfer cascade test apparatus

Fig. 11 Distribution of Stanton number on nozzle surface „Re
Ä1.6Ã106, TuÄ2.1%…
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with the results reported by Han et al.@14,15#, and the broken rib
has heat transfer ability 25% higher than that of the continuous
rib. Figure 20 shows the measured mean friction factor (Cf) and
compares it with that reported by Han et al.@15#. The friction
factor was found to be at the same level for the broken rib and the
continuous rib.

Following the results of the experimental study, the four-rows-
type broken rib was adopted for the internal channel of the present
high-temperature gas turbine blades.

Fig. 12 Distribution of Stanton number on blade surface „Re
Ä8.1Ã105, TuÄ1.4%…

Fig. 13 Distribution of Stanton number on blade surface „Re
Ä8.1Ã105, TuÄ12.4%…

Fig. 14 Computed Stanton number distribution on nozzle surface „ReÄ1.6Ã106, Tu
Ä2.1%…

Fig. 15 Computed Stanton number distribution on blade surface „ReÄ8.1
Ã105, TuÄ12.4%…

Fig. 16 Numerical streamline visualization on two-
dimensional bucket flow field with tip clearance
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Design of HT1 First Stage Blades

First Stage Nozzle and Blade Cooling Structure. Table 4
lists the main flow gas and cooling steam specifications and cas-
cade design parameters. The former WE-NET Project conditions
are also indicated for reference. The allowable temperatures for
TBC surface and base metal were assumed to be 1300°C~2370°F!
and 950°C~1740°F!, respectively.

Figure 21 indicates the designed cooling configuration of the
first stage nozzle and blade. The leading edge part of the nozzle
and blade suffer from the severe heat invasion from the hot gas,
and are cooled by the shower-head-type film cooling. As can be
seen from the figure, diffusion-shaped-type film cooling rows
were added at the locations of the high heat load on the nozzle
surface. The mid-chord internal cooling structure employed multi-
pass serpentine passage with a broken-type rib.

These blades will be manufactured by precision casting. And
inserts are installed in the nozzle channels to apply impingement
cooling.

Nozzle and Blade Cooling Effectiveness and Coolant Con-
sumption. The turbine nozzle and blade shown in Fig. 21 were
redesigned utilizing the following advanced technologies.~1! Op-
timization of the cooling channel arrangement.~2! Adoption of the
broken rib on the channel surface.~3! The utilization of newly
developed TBC@16,17# and Ni-based high-temperature supper-
alloy @18#.

Figure 22 shows the resulting blade surface temperature distri-
butions at the mean height cross section. The blade surface heat
transfer distributions were calculated by using the previously
mentioned CFD codes. And the TBC and metal temperatures were
calculated by coupling the heat and fluid analysis of internal chan-
nels with the heat conduction analysis of blade metal and TBC.
Again, the allowable temperatures of TBC and metal surfaces
were 1300°C and 950°C, respectively, in the present project. It
can be seen from the figure that the maximum temperatures of
TBC and metal were lower than these allowable limits.

Figure 23 shows the comparison of the coolant flow ratio for
the first stage nozzle and blade. The coolant flow rate (Gc) over
the main stream gas flow rate (Gg), namely, the coolant flow ratio
(Gc /Gg) has been decreased by about 40%~from 6.3% to 4% for
the nozzle, from 7% to 4.2% for the blade! in the first stage,
compared with that of the WE-NET project. In particular, the
ejection coolant flow rates have been decreased by 50% and 29%
for the nozzle and blade, respectively.

Here, it must be noted that under the fixed turbine nozzle inlet
temperature, the blade row inlet temperature changes and depends
on the nozzle cooling scheme. Namely, the blade row inlet tem-
perature decreases with the increase of the ejection cooling flow
rate, because of hot main flow gas and cold coolant gas mixing.
The internal cooling has less effect on the working gas tempera-
ture. This gas temperature decrease caused by cooling results in
the decrease of plant efficiency.

And the above-mentioned coolant reduction contributes to the
increase of blade row inlet temperature of about 30°C~54°F!.

Fig. 17 Photograph of ribbed wall heat transfer test apparatus

Fig. 18 Heat transfer distribution on the floor equipped with broken rib „Re
Ä8.4Ã104

…

Fig. 19 Mean Nusselt number augmentation on the ribbed wall
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Nozzle and Blade Structural Integrity. Finally, nozzle and
blade structural integrity has been evaluated by the three-
dimensional FEM analysis using ABAQUS.

In the temperature analysis, external gas heat transfer distribu-
tions were considered as in the previous section. However, the
mean gas temperature distribution in the blade height direction
was treated by the simple pattern factor-based method. The pattern
factor is a measure of the highest to mean temperature ratio. In the
present study, 10% and 7% were assumed for nozzle and blade
inlet, respectively. The resulting metal temperature distribution
was used to analyze the thermal stress.

In the structural stress analysis, the external fluid pressure and
rotational effect~for blade! were considered, since the bending
stress generated by the gas pressure difference is important for the
nozzle and the centrifugal stretch force is important for the blade.
Furthermore, the anisotropy of single-crystal metal was taken into
account in these stress analyses.

Figure 24 shows the results of the stress analysis. The overall
stress levels of the nozzle and blade were found to be lower than
500 MPa~72.5 ksi! and 300 MPa~43.5 ksi!, respectively, and the
maximum local stress was found to be about 600 MPa~87.0 ksi!
for the blade. Following the stress and temperature distributions of
the blade in the height direction, the strength was evaluated. And
it was found to be lower than 70% of the 0.2%-proof stress of the
single-crystal metal. The strain of the blade was in the range of
elastic deformation, and the possibility of crack generation may be
small. The local stresses in the nozzle end-wall and the blade
platform were also beyond the 0.2%-proof stress. However, the
minor improvement of the cooling channel of the endwall and
platform can reduce the stress to the range of elastic deformation.

Conclusions
The conceptual design and the development of the blade for a

1700°C-class high-temperature gas turbine in a closed cycle
power generation system has been carried out.

~1! The shaft arrangement and gas path design have been per-
formed for the high-temperature turbine. The optimization has
been performed, considering the aerodynamic efficiency and pro-
ductivity results in the two-shaft design with the rotational speed
and stage number of 9500/3 stages and 3000 rpm/4 stages for HT1
and HT2, respectively.

~2! The blade surface heat transfer has been experimentally
measured by using the thermochromic liquid crystals technique in

Fig. 20 Friction factor of the ribbed wall

Fig. 21 Cooling configurations of first stage nozzle and blade

Table 4 Specification of the first stage turbine nozzle and
blade

ACRO-GT2000 WE-NET

Nozzle Blade Nozzle Blade

Main flow
Inlet mean temp.~°C! 1700 1600a 1700 1570a

Inlet max. temp.~°C! 1810 1670a 1810 1640a

Inlet pressure~MPa! 4.51 3.68b 4.74 3.71b

Total flow ~kg/s! 278 286 222.4 231.6
Cooling flow

Inlet temperature~°C! 328 374 350 374
Inlet pressure~MPa! 5.3 6.03 5.4 5.69
Ratio of main flow~%! 3.94 4.20 6.40 6.90

Allowable max. temp.
Base-metal~°C! 950 950 930 930
TBC ~°C! 1300 1300 1200 1200

TBC thickness~mm! 0.2 0.15 0.2 0.15

aRelative temperature
bRelative pressure
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Fig. 22 Blade mean height temperatures distributions

Fig. 23 A comparison of the coolant flow rate for the first stage nozzle and blade

Fig. 24 Nozzle and blade surface stress distributions
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the low-pressure wind tunnel and the design of the three-
dimensional numerical simulation code has been evaluated. The
results suggest that the numerical prediction is partly valid for the
heat transfer analysis.

~3! The broken rib-type turbulence promoter heat transfer and
pressure loss have been measured. It was found that the overall
heat transfer ability including the wall surface and the rib was
about 25% higher than in the case of a continuous rib. This in-
crease in heat transfer is due to the heat transfer increase of about
2.0 to 2.3 times on the rib surface. So, the broken rib was adopted
for the cooling design advancement.

~4! The pressure loss of the inter-rotor center bore and the dis-
tribution radial passage has been evaluated by a model experi-
ment. Based on the experimental results, rotor system flow distri-
bution and coolant supply pressure have been rearranged.

~5! The redesigned hybrid cooling first stage nozzle and blade
realized a decrease of about 40% in coolant consumption com-
pared with that of the WE-NET 1700°C stage. In particular, the
50% ejection coolant reduction at the first stage nozzle can in-
crease the blade row inlet gas temperature by about 30°C. This
contributes to the increase of plant thermal efficiency.

~6! The structural integrity of the first-stage nozzle and blade
has been evaluated by FEM thermal and structural stress analysis.
And it was confirmed that the effective stress was well below the
0.2% proof-stress of the base metal.

The conceptual design phase of the project has been finished.
However, the confirmation and the operating experience accumu-
lation for the complex closed-loop Brayton cycle/Rankin cycle
system and the long-term durability tests for the newly introduced
materials are necessary for the realization.
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Nomenclature

As 5 channel aspect ratio
Cf 5 friction factor

d 5 diameter~m!
Gc 5 cooling mass flow rate~kg/s!
Gg 5 main stream~hot! gas flow rate~kg/s!
Nu 5 Nusselt number

Nu0 5 Nusselt number for smooth wall
Rec 5 Reynolds number for channel
Rem 5 Reynolds number for blade
Rer 5 Reynolds number for rotor cooling passage
Rv 5 rotational Reynolds number
St 5 Stanton number
Tu 5 inlet turbulence intensity
V 5 velocity ~m/s!

DP 5 pressure drop~Pa!

r 5 density~kg/m3!
h t 5 turbine adiabatic efficiency

h td 5 turbine adiabatic efficiency at design point
z 5 total pressure loss coefficient
n 5 kinetic viscosity~m2/s!
v 5 rotational speed~1/s!
V 5 rotational ratio (5Rv /Rer)
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Application of ‘‘H Gas Turbine’’
Design Technology to Increase
Thermal Efficiency and Output
Capability of the Mitsubishi
M701G2 Gas Turbine
Mitsubishi completed design development and verification load testing of a steam-cooled
M501H gas turbine at a combined cycle power plant at Takasago, Japan in 2001. Several
advanced technologies were specifically developed in addition to the steam-cooled com-
ponents consisting of the combustor, turbine blades, vanes, and the rotor. Some of the
other key technologies consisted of an advanced compressor with a pressure ratio of 25:1,
active clearance control, and advanced seal technology. Prior to the M501H, Mitsubishi
introduced cooling-steam in ‘‘G series’’ gas turbines in 1997 to cool combustor liners.
Recently, some of the advanced design technologies from the M501H gas turbine were
applied to the G series gas turbine resulting in significant improvement in output and
thermal efficiency. A noteworthy aspect of the technology transfer is that the upgraded G
series M701G2 gas turbine has an almost equivalent output and thermal efficiency as H
class gas turbines while continuing to rely on conventional air cooling of turbine blades
and vanes, and time-proven materials from industrial gas turbine experience. In this
paper we describe the key design features of the M701G2 gas turbine that make this
possible such as the advanced 21:1 compressor with 14 stages, an advanced premix DLN
combustor, etc., as well as shop load test results that were completed in 2002 at Mitsub-
ishi’s in-house facility.@DOI: 10.1115/1.1850490#

1 Introduction
The M701G2 gas turbine is built by enhancing the original

M701G with some of the advanced technologies that were devel-
oped for Mitsubishi’s steam-cooled M501H gas turbine@1#. The
original M701G gas turbines went into commercial operation in
1999, and the lead unit has logged more than 25 000 operating
hours at close to 100% reliability. The M701G2 is presently Mit-
subishi’s most advanced commercial offering for the 50 Hz power
generation market. Table 1 compares the performance of the
M701G and the M701G2 gas turbines. Note that the latter has a
simple cycle efficiency and output of 39.5% and 334 MW, respec-
tively. For a 131 combined cycle configuration those figures for
the M701G2 are 58.7% and 489 MW, respectively. The primary
design approach of the M701G2 gas turbine was to introduce key
H technologies, without upsetting the proven reliability track
record of the original M701G gas turbine. Greater output and
performance were achieved by using an advanced compressor
with 15% greater mass flow, and a pressure ratio of 21:1. The only
steam-cooled hardware in the M701G2 consist of the combustor
transitions, and the turbine blade rings, whereas in the original
M701G gas turbine only the combustor transitions are steam
cooled. On the other hand, the steam-cooled components in the
M501H gas turbine consist of combustor transitions, blade rings,
row 1 and row 2 turbine blades and vanes, and the rotor.

The full-scale load verification test of the steam-cooled M501H
gas turbine in a combined cycle power plant was completed suc-
cessfully in 2001. New technologies were applied in the develop-

ment of the M501H for its 15 stage 25:1 pressure ratio compressor
and steam cooled components. These include advanced 3D aero,
mass transport and heat transfer analytical techniques and critical
material compatiability evaluations for long-term reliability in a
steam environment@2#.

The selective advanced technologies from the M501H develop-
ment were applied to increase the output and performance of the
original M701G dramatically.

Table 2 compares the M701G2 with previous 50 Hz gas tur-
bines from Mitsubishi. The development approach retained the
same evolution path such as retaining design feature commonality
and scaling practices across the 50 and 60 Hz models. A factory
load test of the M701G2 was conducted to further confirm the
reliability of the gas turbine.

2 Design Features
Figure 1 shows a picture of the M701G2 gas turbine rotor. The

unit rotor is of bolted construction. There are 12 bolts in the com-
pressor, and 12 in the turbine in conjunction with positive torque
carrying features such as radial pins and curvic couplings, respec-
tively. The rotor is supported by two 23-in. diameter two-element

Contributed by the International Gas Turbine Institute~IGTI! of THE AMERICAN
SOCIETY OF MECHANICAL ENGINEERSfor publication in the ASME JOURNAL OF
ENGINEERING FOR GAS TURBINES AND POWER. Paper presented at the Interna-
tional Gas Turbine and Aeroengine Congress and Exhibition, Atlanta, GA, June
16–19, 2003, Paper No. 2003-GT-38956. Manuscript received by IGTI, October
2002, final revision, March 2003. Associate Editor: H. R. Simmons.

Table 1 Performance of M701G vs M701G2

Performance M701G M701G2

G/T Power~MW! 271 334
G/T thermal efficiency
~%—LHV!

38.7 39.5

Combined cycle~1 on 1!
power ~MW!

405 489

Combined cycle~1 on 1!
efficiency ~%—LHV!

57.0 58.7
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tilting pad bearings, and an upper half fixed bearing. The thrust
bearing is a double-acting bearing that uses the Leading Edge
Groove lubrication system.

The air inlet system, which contains a silencer, delivers air to
the compressor via a plenum bell mouth, and houses the inlet,
main journal and thrust bearings.

The advanced axial flow compressor has 14 stages with a 21:1
pressure ratio.

There are four stages in the turbine so as to maintain moderate
aerodynamic loadings even at the increased firing temperature and
pressure ratio, as in the case of all Mitsubishi large frame indus-
trial gas turbines. All engine casings are horizontally split so as to
facilitate maintenance with the rotor in place, and use the same
proven design construction and materials as before. The inlet cas-
ing is made of nodular cast iron, while cast steel is used for the
casings in the compressor, combustor, turbine, and exhaust cas-
ings. The inlet bearing housing is supported on eight radial struts.
The aft end bearing housing is supported with six tangential struts.
Airfoil-shaped covers protect the tangential struts from the blade
path gases, and support the inner and outer diffuser cones. Tan-
gential struts respond slowly during transients and maintain the
alignment of the bearing housing by rotating it as required to
accommodate the thermal expansion. Individual inner casings
~blade rings! are used for each turbine stationary stage. The blade
rings can be readily removed and replaced or serviced with the

rotor in place. Similar blade rings are used in the compressor latter
stages~6–14!. Another feature of these blade rings is that they
have a high thermal response that is independent of the outer
casing. The turbine rings function is to maintain concentric align-
ment of the rotor, prevent blade rubs, minimize clearance between
blades and casing, which result in improving performance.

Cooling circuits for the M701G2 turbine section~see Fig. 2! are
similar to those used on the M501F and M701F. They consist of a
rotor cooling circuit and four stationary cooling circuits. Rotor
cooling air is provided by compressor discharge air extracted from
the combustor shell. This air is externally cooled and filtered be-
fore returning to the torque tube casing for seal air supply and for
cooling the turbine disks as well as the first, second, and third
stage turbine rotor blades. This cooled, filtered air provides a blan-
ket of cooling air below the hot blade path gaseous layer.

Compressor discharge air is directly used to cool the row 1
vane, while the bleed air also cools the stage 2, 3, and 4 vane
segments and rotor disks and inter-stage seal flow, and stage 2 and
3 ring segments. Closed-loop steam is used for cooling turbine
blade rings, and for cooling the combustor transition piece. This
steam is supplied from the Heat Recovery Steam Generator, and
subsequently returned to it after cooling.

The stationary vanes and rotating blades of the first two turbine
stages are coated with a thermal barrier coating. Compressor dia-

Fig. 1 M701G2 gas turbine rotor

Fig. 2 M701G2 gas turbine cooling circuit

Table 2 M701 series evolution

Engine M701D M701F M701G2

Initial operation 1981 1992 2002
G/T power~MW! 144.09 270.3 334
G/T heat rate~Btu/kWh! 9810 8930 8630
Air flow ~kg/s/Lb/s! 441/972 651/1435 737/1625
Exhaust temp.~Deg.C/Deg.F! 542/1009 586/1087 587/1089
Pressure ratio 14 17 21
No. of comp. stages 19 17 14
No. of turb. stages 4 4 4
Combined cycle~2 on 1!
Power~MW!

427 800 982

Combined-cycle~2 on 1!
Heat rate~Btu/kWh!

6610 5956 5795
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phragms are also coated to improve aerodynamic performance and
corrosion protection. For some environments, the compressor
blades are coated for added corrosion protection.

3 Combustor Design
The combustor is based on the successful premix dry low NOx

combustor developed for the M501F/M701F. This combustor op-
erates at 25 ppm NOx level at 1400°C~2552°F! turbine inlet tem-
perature. To achieve NOx levels of 25 ppm, the flame temperature
has to be kept in the range of 1500°–1600°C, by supplying all air
into the combustion zone, as shown in Fig. 3. Therefore, the
M701G and M701G2 combustor use steam cooling for the transi-
tion piece to achieve the same NOx reduction at the higher firing
temperature. Figure 4 shows the configuration of this new com-
bustor. By eliminating the transition cooling air, virtually all the
combustion air is introduced into the primary zone of the combus-
tor, thus maintaining the similar flame temperature as the Mitsub-
ishi F class gas turbines~i.e., M501F and M701F turbines!. There-
fore, NOx levels are also similar to the M501F/M701F level~see
Fig. 5 and Fig. 6!.

4 Turbine Design
Mitsubishi scaling philosophy uses the same turbine airfoils for

rows 1 and 2 for 50 and 60 Hz applications~i.e., the same respec-
tive blade and vane geometries between the M501G and the
M701G gas turbine!. Improvements in aerodynamic airfoil shapes
were achieved using fully three-dimensional viscous Euler analy-
sis. This approach assures that the turbine has the highest practical
aerodynamic efficiency, with the least cooling flow usage. There

are 15% fewer airfoils compared to the M701F. The first two
turbine blade rows are unshrouded. The third and fourth rows of
blades are shrouded as on the M701F.

No changes were made in the turbine gas path materials. Table
3 shows that those materials are also used in the M701F gas
turbines. The first turbine stationary row consists of 40 precision-
cast, single-vane segments of MGA2400, a nickel base superalloy
that was developed by Mitsubishi. As in previous designs, the row
1 vanes are removable, without any cover lift, through access
manways. Inner shrouds are supported from the torque tube casing
to limit flexural stresses and distortion, thus maintaining control of
the critical row 1 vane angles. This method has been successfully
used on M501F and M701F models as well. There are 22
precision-cast double vane segments of MGA2400 material in the
second turbine stationary row. The third and fourth turbine sta-
tionary rows are precision-cast vane segments with 18 three-vane
and 14 four-vane segments, respectively.

The rotating blades are precision cast of MGA1400 for all
rows. Row 1 and row 2 blades are directionally solidified~i.e.
DS!. All rows utilize long blade root extensions or transitions in
order to minimize the three-dimensional stress concentration fac-
tors that results when load is transferred between cross sections of
different size and shape. The blade roots are the same geometric

Fig. 3 Air distribution in a combustor

Fig. 4 Combustor configuration

Fig. 5 M701F combustion system

Fig. 6 M701G2 combustion system

Table 3 Material of turbine vanes and blades

M701F M701G2

Vane Row 1 MGA2400CC MGA2400CC
Row 2 MGA2400CC MGA2400CC
Row 3 MGA2400CC MGA2400CC
Row 4 X-45 MGA2400CC

Blade Row 1 MGA1400DS MGA1400DS
Row 2 MGA1400CC MGA1400DS
Row 3 MGA1400CC MGA1400CC
Row 4 MGA1400CC MGA1400CC
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multiple serration type used on past designs with four serrations
used on the first two rows and five serrations used on the last two
stages.

Each row of vane segments is supported in a separate inner
casing~blade ring! that is keyed and supported to permit radial
and axial thermal response independent of possible external cyl-
inder distortions. Blade ring distortion in the M701G~and
M701G2! turbine is further minimized by the use of segmented
isolation rings that support the vane segments and also ring seg-
ments over the rotor blades to form a thermal barrier between the
flow path and the blade ring. As in all past designs, the interstage
seal housings are uniquely supported from the inner shrouds of
rows 2, 3, and 4 vane segments by radial keys that permit the
thermal response of the seal housings to be independent of the
more rapid thermal response of the vane segments.

The row 1 vane cooling is provided by impingement, convec-
tion and film cooling. The film cooling holes are fan shaped and
both the airfoil and shrouds will be coated with a ceramic thermal
barrier coating. The row 1 vane cooling design is shown in Fig. 7.
This highly effective configuration utilizes state-of-the-art con-
cepts with three impingement inserts in combination with an array
of film cooling holes and a trailing edge pin fin system.

Film cooling is used at the leading edge as well as at selected
pressure and suction side locations. This limits vane wall thermal
gradients and external surface temperatures.

Particular attention is paid to the inner and outer shrouds be-
cause of the relatively flat temperature profile from the dry low
NOx combustor. Cooling of shrouds is provided by impingement
plates and film cooling as well as convection cooling via drilled
holes.

The row 1 blade cooling consists of convectional serpentine
cooling with angled turbulators. The film cooling utilizes fan
shaped cooling holes for more effective cooling. The blade also

features extensive film cooling at the tip to reduce the metal tem-
perature of squealer tip and platform cooling holes to positively
cool the inner platforms. The airfoil is coated with a thermal bar-
rier coating~Fig. 8!.

Blade and vane cooling flows have been kept to a minimum
while maintaining similar metal surface temperatures, as in the
case of the M701F. These advanced turbine cooling schemes are
developed through heat transfer model tests and cooled turbine

Fig. 7 M701FG2 row 1 vane

Fig. 8 M701G2 row 1 blade

Fig. 9 Measurement of film cooling effectiveness in a low
speed cascade

Fig. 10 Serpentine cooling passage test under rotation

Fig. 11 Measurement of airfoil heat transfer coefficient using a
liquid crystal

Fig. 12 Hot cascade test
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hot cascade tests. Those were also verified through a high-
temperature demonstration unit by testing scaled-down turbine
airfoils at the actual operating temperature. Figure 9 shows the
film cooling test in a low-speed cascade to measure the film cool-
ing effectiveness around the airfoil. Figure 10 shows the test of
serpentine cooling passage with a turbulence promoter to measure
the heat transfer characteristics under rotating conditions. Figure
11 shows the airfoil heat transfer measurements using a liquid
crystal. Figure 12 shows the hot cascade test section. This cascade
test allows a measurement of airfoil cooling performance under
actual firing conditions.

The row 2 vane is cooled by a combination of impingement
cooling via the inserts and film cooling using fan shaped cooling
holes. With the row 1 vane, intensive cooling schemes were de-
veloped to the inner and outer shrouds using impingement and
convection cooling.

The row 2 blade is cooled by convection with no film cooling.
The airfoil is coated with a thermal barrier coating. The row 3
blade cooling is unique in that it positively cools the blade tip

Fig. 13 Startup hot gas type blade ring

Fig. 14 M701G2 factory load test condition

Fig. 15 Itemized measurement on M701G2

Fig. 16 Working compressor, stationary vane vibration stress
measurement result
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shroud. Because of the flatter~or relatively flat! profile from the
combustor, it was decided to allow for positive cooling of the tip
shroud.

Compressor bleed air from the eighth stage is used to supply
cooling air to the third-stage blade ring cavity. Cooling air is
directed to the inlet cavity of a five-cavity multipass convective
cooled vane airfoil. Leading edge cavity flow also supplies the
interstage seal and cooling system while the fifth pass cavity exits
through pressure side ‘‘holes’’ on the vane surface near the trailing
edge. The fourth-stage vane is not cooled but does transport fifth-
stage compressor bleed air for the fourth-row interstage seal and
cooling system. The cooling system shown in Fig. 2 maintains the
NiCrMoV turbine disk temperatures below 400°C~752 F!, which
ensures the safe operation of the disks below the creep range,
thereby assuring long service life.

The structure and the characteristic of the advanced blade ring
are shown in Fig. 13. By means of steam, heating, the blade ring

is enlarged during start-up. During the rated load, the steam tem-
perature is lower than the gas temperatures surrounding the blade
ring. This cools the blade ring, causing a relative contraction and
establishes the suitable clearance.

5 Factory Load Test of M701G2
In order to confirm the performance and the reliability of the

M701G2, the factory load test was conducted in April and May
2002. This load test facility is located at Mitsubishi Heavy Indus-
tries Takasago Machinery Works. The factory load test facility is
shown in Fig. 14. Over 1800 points were monitored with special
sensors, as shown in Fig. 15.

The test results confirmed that the performance, reliability, and
start-up characteristic of the compressor scaled accurately from
the M501H gas turbine. In Fig. 16, the measured vibration stress
of the compressor and the stationary vane are shown. The vibra-
tion stress of the blade was measured by using optical fiber sensor.
It was confirmed that the measured vibration stress is lower than
the allowable value ensuring reliability. As shown in Fig. 17, it
was confirmed that gas turbine axial vibration was extremely low.

The tests confirmed the overall performance capability and re-
liability of the M701G2 gas turbine.

6 Conclusion
The M701G2 successfully incorporates M501H gas turbine

technology without changing hot gas path materials or rotor ma-
terials and without shifting to steam cooling for the turbine blades
and vanes. The output and heat rates are almost equivalent to that
of H technology. The factory load tests of the M701G2 were con-
ducted in April 2002 by monitoring over 1800 points with special
sensors and confirmed that high mechanical reliability is achiev-
able.
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Heat Transfer Measurements
Using Liquid Crystals in a
Preswirl Rotating-Disk System
Preswirl nozzles are often used in gas turbines to deliver the cooling air to the turbine
blades through receiver holes in a rotating disk. The distribution of the local Nusselt
number, Nu, on the rotating disk is governed by three nondimensional fluid-dynamic
parameters: preswirl ratio,bp , rotational Reynolds number, Ref , and turbulent flow
parameter,lT . A scaled model of a gas turbine rotor–stator cavity, based on the geom-
etry of current engine designs, has been used to create appropriate flow conditions. This
paper describes how a thermochromic liquid crystal, in conjunction with a stroboscopic
light and digital camera, is used in a transient experiment to obtain contour maps of Nu
on the rotating disk. The thermal boundary conditions for the transient technique are such
that an exponential-series solution to Fourier’s one-dimensional conduction equation is
necessary. A method to assess the uncertainty in the measurements is discussed and these
uncertainties are quantified. The experiments reveal that Nu on the rotating disk is axi-
symmetric except in the region of the receiver holes, where significant two-dimensional
variations have been measured. At the higher coolant flow rates studied, there is a peak in
heat transfer at the radius of the preswirl nozzles. The heat transfer is governed by two
flow regimes: one dominated by inertial effects associated with the impinging jets from the
preswirl nozzles, and another dominated by viscous effects at lower flow rates. The Nus-
selt number is observed to increase as either Ref or lT increases.
@DOI: 10.1115/1.1787509#

1 Introduction

Preswirl nozzles are often used in gas turbines to deliver the
cooling air to the turbine blades, as illustrated in Fig. 1. The sta-
tionary nozzles swirl the cooling air in the direction of rotation of
the turbine disk, thereby reducing the temperature of the air rela-
tive to the blades. The designer needs to know the effect of the
preswirl ratio,bp , the coolant flow rate, and the rotational speed,
V, on the pressure drop and temperature difference between the
preswirl nozzles and the receiver holes in the disk. It is also im-
portant to know the effect of these parameters on the distribution
of Nusselt number, Nu, over the surface of the rotating disk.

Owen and Rogers@1# described early studies of preswirl sys-
tems, and Owen and Wilson@2# gave a brief review of more
recent heat transfer research. Metzger, Bunker, and Bosch@3#
were the first to apply a thermochromic liquid crystal to the case
of a rotating disk with jet impingement. Karabay, Wilson, and
Owen@4# carried out a combined experimental and computational
study of flow in a ‘‘cover-plate’’~rotating cavity! preswirl system.
A theoretical analysis was used to show that there was an optimal
value of the preswirl ratio, for which the average Nusselt number
for a heated rotating disk would be a minimum. Pilbrow et al.@5#
presented experimental and computational results for heat transfer
in the same cover-plate system, showing that the structure of these
flows is governed principally by the values ofbp , and the
turbulent-flow parameter,lT . For a detailed discussion of the
significance oflT , the reader is referred to Ref.@1#. The heat

transfer is governed by the above two parameters as well as by the
rotational Reynolds number, Ref , and by the temperature distri-
bution on the rotating disk.

Designers can obtain some information using turbine-based rigs
running close to engine-operating conditions. However, deeper in-
sight can be gained from fundamental research that measures,
computes, and explains the flow and heat transfer in generic, fully
instrumented rigs operating under more benign conditions. Com-
putational codes, validated on these detailed measurements,
can then be used to conduct calculations extrapolated to engine
conditions.

This paper describes a generic rig, which has been constructed
to study the fluid dynamics and heat transfer in preswirl systems.
The experimental facility is a simplified model of a gas turbine
rotor–stator system designed to accommodate pressure and tem-
perature instrumentation in the test section and to provide optical
access to the wheel space. The fluid dynamics has been investi-
gated both experimentally and computationally by Yan et al.@6#.
The effects of rotational speed, flow rate, preswirl ratio, and the
number of preswirl nozzles on the flow field and on the total
pressure losses in the system have been reported. These measure-
ments and computations showed that there was a significant loss
of total pressure between the outlet from the preswirl nozzles and
the rotating core of fluid in the wheel space. This loss increased as
the preswirl flow rate and inlet swirl ratio increased, and as the
number of nozzles decreased. The discharge coefficient of the
receiver holes increased as the swirl ratio at the receiver-hole
radius approached unity.

The complementary measurements of heat transfer using ther-
mochromic liquid crystals~TLCs! are discussed here, featuring
the novel technique of stroboscopic lighting and an exponential-
series solution to Fourier’s conduction equation. Contour maps of
Nu on the rotating disk have been measured, including detailed
two-dimensional patterns around the blade receiver holes. Al-
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though some authors have measured the radial distribution of Nu,
there are no published records of contour maps over the disk
surface.

2 Experimental Apparatus and Instrumentation

2.1 Apparatus. Experiments were conducted using a scaled
model of a gas-turbine rotor–stator system. The geometry, which
was based on information obtained for existing engine designs, is
illustrated schematically in Fig. 2. The air entered the test section
through the stator at low radius via preswirl nozzles and flowed
radially outward between the rotating disk and the stator, exiting
through receiver holes in the rotating disk representing the en-
trance to the blade-cooling passages in the engine.

The disk radius wasb5216 mm, and the other principal dimen-
sions are the inner-to-outer radius ratioa/b50.67 and the gap
ratio s/b50.051. The stator was machined from aluminum, and
contained 24 circular preswirl nozzles angled at 20 deg to the
tangential direction. The rotating disk was machined from trans-
parent polycarbonate, with sectors sprayed with TLC and black
paint, and contained 60 axial receiver holes with a length-to-
diameter ratio of 1.25. The nondimensional radius of the nozzles,
xp5r p /b50.74, was less than that of the receiver holes,xb
5r b /b50.93, and the area ratio of the receiver holes to that of the
nozzles is 2.9.

The outer shroud has two sections, one attached to the stator
and the other the rotor, which were separated by an axial clear-
ance,sc . The inner seal, not shown in Fig. 2, was stationary. A
stationary, annular ‘‘sealing chamber’’ was fitted around the pe-
riphery of the cavity, and the chamber was pressurised by a sepa-
rate flow to form a labyrinth seal. Some of the preswirl air was
allowed to leak past the labyrinth seal, and this leakage flow rate
was controlled by the air supplied to the seal. It was therefore
possible to control independently the mass flow rates of the pre-
swirl, blade cooling, and sealing flows. These mass flow rates
were chosen to simulate engine-representative values ofbp and
lT .

The disk could be rotated up to speeds of 5000 rpm, providing
a maximum rotational Reynolds numbers, Ref ~based on disk ra-
dius! up to 1.23106. This value is typically an order of magnitude
less than those found in gas turbines. However, as discussed
above, the flow structure within the rotating cavity depends prin-
cipally on bp and lT and only weakly on Ref . Hence the flow
structure is considered to be representative of that found in
cooling systems of engines. Nusselt numbers were measured
for around 20 test conditions covering the following para-
metric range: 0.783106,Ref,1.23106; 0.125,lT,0.36;
0.5,bp,1.5.

2.2 Instrumentation. A total-temperature probe and pitot
tube located in the outlet of the nozzles, together with a static-
pressure tap between the nozzles, were used to measure the total
and static temperature and the velocity of the inlet flow. Static
pressure taps were located at nine radial stations in the stator, and
nine pitot tubes were located at the same radii in the midaxial
plane of the wheel space. This enabled the measurement of the
radial distribution of static and total pressure, and ofVf , the
tangential velocity of the air in the core outside the boundary
layers. As the ‘‘blade-cooling air’’ discharged directly to atmo-
sphere, it was also possible to measure the discharge coefficient of
the receiver holes. Measurements of the fluid dynamics of the
experimental facility are presented by Yan et al.@6#.

Local heat transfer coefficients on the rotating disk were deter-
mined from surface-temperature measurements using TLCs. The
experiments, which were transient and conducted under known
thermal boundary conditions, relied on the accurate measurement
of the time taken for the narrow-band TLCs on the rotor surface to
reach a unique value of hue, which had been calibrated against
temperature. The crystals were sprayed on the disk in sectors in-
side the wheel space, which could be viewed through the trans-
parent polycarbonate by a digital video camera, running at 25
frames per second, under the illumination of a strobe light syn-
chronized to the disk frequency. A thin layer of black paint was
used to provide contrast to the color play of the TLC. The in situ
calibration of the TLC is discussed in the next section, though it
should be noted that the hue was measured as a function of tem-
perature over a range of strobe frequencies corresponding to rota-
tional disk speeds up to 5000 rpm. The strobe had a flash duration
of less than 8ms which, at 5000 rpm, corresponded to 0.24 deg
angular rotation of the disk.

Figure 3 is a schematic diagram illustrating the arrangement of
pipes providing the air flow to the test section, where all mass
flow rates were measured using orifice plates designed to British
Standards~BS1042!. A mesh heater, designed using the method of
Gillespie, Wang, and Ireland@7#, was used to generate a sudden
change in the air temperature and to create a well-controlled ther-
mal boundary condition for the transient experiments. The mesh
was made of 90-mm-diam stainless-steel wire with an open area of
38% and overall dimensions of 603120 mm. The mesh was sol-
dered to bus bars, and the additional support of three strengthen-
ing rods of 3 mm diameter was required due to the pressure drop
across the mesh. A welding unit and control box provided a cur-
rent of typically 150 A, which increased the air temperature across
the mesh heater by 40°C~with a standard deviation of 0.2°C! for
a mass flow rate of 0.1 kg/s. All pipework downstream of the

Fig. 1 Simplified diagram of typical preswirl cooling-air sys-
tem for a gas turbine

Fig. 2 Schematic diagram of test-section geometry
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mesh heater was thermally insulated using low-conductivity
Rhoacell, a closed-pore structural foam with low thermal conduc-
tivity. This pipework had three main components: a 350-mm
length of rectangular cross section, a 350-mm length of circular
cross section, and a radial diffuser; there was also a short entry
length into the preswirl nozzles. The temperature history of the air
leaving the preswirl nozzles is described in Sec. 3.

Before the main mesh heater was switched on, the apparatus
was left running, at the required speed and flow rate, to enable it
to reach thermal equilibrium. When the air from the compressor
was not equal to the ambient temperature in the laboratory, it was
either cooled by a heat exchanger or heated by a second mesh
heater upstream of the main heater. In practice, it was not possible
to achieve perfect thermal equilibrium, and there was always a
small temperature difference between the rotating disk and the air,
as discussed in Sec. 4.

3 Temperature Measurement

3.1 Total-Temperature Probes. A conventional total-
temperature probe usually contains a thermocouple, the bead of
which is located inside a stainless-steel tube. Such probes have a
large recovery factor~'0.95! but a poor time response. For the
tests described here, a K-type bare-wire thermocouple, made from
wires of 25mm diameter, was constructed. The wires were con-
tained inside a stainless steel tube with the bead outside; there was
a distance of 3.5 mm~or 140 wire diameters! between the exposed
bead and the tip of the tube. This construction method supported
the thermocouple wires but reduced the thermal error resulting
from transient conduction from the bead to the tube. The result
was a robust probe with a time constant of less than 40 ms. A
consistent probe recovery factor of 0.78 was measured over a
range of air speeds up to 120 m/s.

Figure 4 shows a typical increase in air temperature with time
measured by the probe immediately downstream of the mesh
heater and at the outlet of the preswirl nozzles. Downstream of the
heater there is a good approximation to a step change. Owing to
the thermal inertia of the ducting between the heater and the test
section, a step change is not produced at the nozzles; it can be
seen that a good fit to the temperature is provided by an exponen-
tial series ofm53 terms~see Sec. 4.2!. It seems likely that three
terms are required in the exponential fit because there are three
distinct geometric sections to the duct downstream of the heater
mesh, as discussed above. Typically the TLC color-change times
on the disk surface ranged between 1 and 20 s~depending on the
local heat transfer coefficient!, and these times are of similar
magnitude to the time constants of the exponential rise in air
temperature.

3.2 Calibration of TLCs. Microencapsulated TLCs were
purchased commercially in the form of a water-based slurry. Three
types of TLC were used: two narrow-band crystals optically active

over a temperature range of around 1°C near 30°C~R30C1W! and
40°C ~R40C1W!, and one wide-band crystal~R18C20W! active
from approximately 18°C over a 20°C range.

The crystals were calibrated against temperature by recording
the red, green, and blue~RGB! signals of light reflected from the
TLC, under known temperature and illumination, using a digital
camera, an isothermal copper block, and an AGEMA 870C
infrared-imager@8#. The RGB signals were converted into hues,
which increase monotonically with temperature.

The TLC was applied to the rotor surface using an airbrush, and
black paint was sprayed on top of the TLC to provide contrast to
the color play from the crystals. The overall thickness~TLC and
paint! was approximately 25mm. During the experiments the TLC
was viewed through the transparent polycarbonate disk using the
stroboscopic light synchronized to the rotational speed of the disk.
For the calibration, the stator was removed to gain direct optical
access to the front surface of the disk, which was coated in TLC
under black paint and heated quasiaxisymmetrically by a jet of hot
air. The surface temperature of the front face was measured using
an infrared imager. The back face of the disk was simultaneously
illuminated by the stroboscopic light and the TLC was viewed by
the digital camera, located behind the disk. The locations of the
stroboscopic light and camera were the same as those used in the
experiments, creating an in situ calibration.

It has been shown@8,9# that rotational speed has no significant
effect on the calibration of TLCs, and so the calibrations were
conducted with the disk stationary. To ensure that the strobe fre-
quency had no effect, calibrations were carried out for frequencies
corresponding to 3000, 4000, and 5000 rpm.

Figure 5 shows the calibrated variation of temperature with

Fig. 3 Schematic layout of experiment

Fig. 4 Increase in air temperature with time measured at two
locations; a fitted curve is also shown for mÄ3

Fig. 5 Calibrated temperature versus normalized hue for three
crystals at three strobe frequencies

Journal of Engineering for Gas Turbines and Power APRIL 2005, Vol. 127 Õ 377

Downloaded 02 Jun 2010 to 171.66.16.98. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



normalized hues for all three crystals. The hue changed from 0 to
1 as the TLC changed color from red through green to blue as it
was activated through its transition temperature. In all cases, the
effect of the strobe frequency is insignificant. The estimated ran-
dom uncertainties are61°C for the wide-band and60.1°C for the
narrow-band crystals.

4 Analysis of Experimental Data
This section presents a technique for determining the convec-

tive heat transfer coefficient,h, for transient experiments where
the air temperature, which is used as a boundary condition for
Fourier’s one-dimensional conduction equation, is represented by
an exponential series.

4.1 Definition of the Heat Transfer Coefficient. Before
proceeding, it is convenient to defineh as

qw5h~Taw2Tw!, (4.1)

whereqw is the surface heat flux from the air to the wall,Tw is the
surface temperature of the wall, andTaw is the adiabatic-wall tem-
perature.Taw depends on the total-temperature of the air,Ta, and
on the fluid dynamics. For example, for boundary layer flow over
a flat plate,

Taw5Ta2~12R!
U2

2cp
, (4.2)

whereU is the free stream velocity andR is the recovery factor.
For the case whereU is invariant with time, Eq.~4.2! can be
expressed as

Taw5Ta1F, (4.3)

where F is a time-invariant term. In general,F depends on the
flow, but for the above case,F5(R21)U2/2cp .

4.2 Solution of Fourier’s Equation. In a typical transient
test, a step change in air temperature is generated, and a narrow-
band TLC is used to determine the surface temperature,Tw , of the
test piece. Knowing the time,t, at which the surface reachesTw ,
h ~assumed time-invariant! can be calculated from the solution of
Fourier’s one-dimensional conduction equation for the case of a
semi-infinite plate subjected to a step change in air temperature.

In the tests described here, the mesh heater created an effective
step change in the air temperature, but at the test section an ex-
ponential type of behavior~or so-called ‘‘slow transient’’! was
produced, as shown in Fig. 4. The air temperature,Ta, could be
fitted by an exponential series of m terms, such that

Ta~t)5Ta,01(
j 51

m

Ta,j~12e2t/t j !, (4.4)

whereTa,0 is the air temperature att50, andTa,j and t j are the
constant amplitudes and time constants, respectively.

The adiabatic wall temperature can be written as

Taw~ t !5Ta~ t !1F, (4.5)

whereF is a time-invariant parameter that depends on the flow. As
t→`,

Taw,̀ 5T01(
j 51

m

Ta,j (4.6)

whereT0 is the initial temperature of the wall, such that

T05Ta,01F. (4.7)

Fourier’s conduction equation for a semi-infinite slab has been
solved by Gillespie, Wang, and Ireland@10# for the case where
there is a simple exponential increase in the air temperature, cor-
responding to the case wherem51 in Eq. ~4.4!. The solution is

U5
Tw2T0

Taw,̀ 2T0
5g~b,bt!, (4.8)

where

g~b,bt!512
1

11bt
2

eb2
erfc~b!2e2t/t

bt
2

11bt
2

3H 1

1
1

bt
F 1

p
A t

t
1

2

p (
n51

`
1

n
e2n2/4 sinhS nAt

t D G J ,

(4.9)

b5
hAt

Arck
, (4.10)

and

bt5
hAt

Arck
. (4.11)

For the case wheret50, Eq. ~4.8! simplifies to

U5 f ~b!, (4.12)

where

f ~b!512eb2
erfc~b!, (4.13)

which is the well-known solution of Fourier’s equation for a step
change in the air temperature.

The general solution for an exponential series, corresponding to
Eq. ~4.6!, is given by Newton et al.@11# as

U5(
j 51

m
Ta,j

Taw,̀ 2T0
g~b,bt j

!. (4.14)

For the special case wherem51, Ta,15Taw,̀ 2T0 and Eq.~4.14!
reduces to Eq.~4.8!.

4.3 Data Analysis. The experimental data were analyzed by
making a least-squares fit of an exponential series~Eq. ~4.4!! to
the measured variation of air temperature with time. This enabled
Taw,̀ andTa,j to be calculated forj 51 to m; a value ofm53 was
found to give an acceptable fit in all cases tested.

The initial wall temperature,T0 , was determined using Eq.
~4.7! with measured values ofTa,0 and a theoretical value ofF.
The value ofT0 found in this way was similar to, but considered
to be more accurate than, the value obtained using wide-band
TLCs ~see Ref.@11#!. The value ofTw was determined from an
appropriate narrow-band crystal. With knowledge ofTw , T0 , and
Taw,̀ , U was calculated, andh was obtained from the numerical
solution of Eq.~4.14!.

An alternative procedure for experiments featuring a slow tran-
sient is to use a wide-band TLC~with a transition temperature
range of, say, 20°C! to measure the complete variation of surface
temperature with time. By use of Duhamel’s method, Fourier’s
solution can be solved andh determined. However, the uncer-
tainty in measurement of surface temperature using wide-band
TLCs is generally much greater than that using narrow-band
TLCs, and this results in a large uncertainty inh @12,13#. The
advantage of the analysis presented here is that, just as for the
step-change case, which is the limit of the exponential-series so-
lution, it is not necessary to know the wall-temperature history:
only a single narrow-band TLC is needed to determineh. This
allows the accuracy of the simple step-change method to be
brought to the more difficult case of the slow transient. A typical
case is discussed below.

5 Typical Test Case
Figures 6~a! to 6~d! are raw color images selected from a time

sequence obtained by the digital camera~operating at 25 frames
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per second! during a typical experiment. These images show the
color play of the TLC as viewed through the transparent polycar-
bonate disk. Initially clear when below its activation temperature,
the TLC changed color from red to green to blue as the disk was

heated by the hot gas entering through the preswirl nozzles. The
images appear ‘‘frozen’’ because the rotor was illuminated by the
stroboscopic light synchronized with the disk rotating at 5000
rpm.

A color version of Fig. 6~and Figs. 7 and 8! appear in ASME
paper GT-2003-38123. The hub and casing, at radiia and b, are
marked in Fig. 6~a!. The blade receiver holes, insulated using
low-conductivity, white-colored Rhoacell foam, are also labeled.
The narrow-band TLC and overcoat of black paint had been
sprayed in a 48 deg sector on the disk covering 8 of the 60 re-
ceiver holes. To the left of this painted sector the stator, coated
with a wide-band~initially red! TLC, and two of the 24 preswirl
nozzles are visible through the transparent~unpainted! polycar-
bonate at low radius. Some shadows appear around the receiver
holes due to constraints with the lighting and viewing angles.

In Fig. 6~a! the 30°C narrow-band TLC has been activated into
its visible range~shown as blue! near the blade receiver holes.
Elsewhere on the disk the TLC is still clear~showing black!,
indicating that there is a region of relatively high heat transfer
around the holes. The virtually identical TLC patterns around each
of the receiver holes clearly indicate the excellent periodicity of
the flow structure. In Figs. 6~b! and 6~c!, the 30°C crystal has
been activated~green and blue, respectively! at radii between the
preswirl nozzles and the receiver holes. In Fig. 6~c! the 40°C TLC
has been activated by temperature~light blue! in the region around
the receiver holes and has turned dark blue in Fig. 6~d!. The 40°C
TLC is activated at lower radii in Fig. 6~d! ~red-green!. Note that
the stator, as indicated by the change in color of the wide-band
TLC, has also been heated throughout this transient process.

These RGB images~of 8003600 pixels!, recorded at 25 frames
per second by the digital camera, were subsequently converted to
hues on a PC. It was then possible to obtain the hue history of
each pixel in the image and hence the time taken for the surface to
reach a prescribed value of hue. Thus the time taken for the sur-
face to reach the temperature of the calibrated narrow-band crys-
tal, Tw , from an initial temperature,T0 , was measured at each
pixel on the active surface of the disk in the field-of-view of the
camera. A ‘‘median filter,’’ using the median of nine adjacent pix-
els, was used to reduce the uncertainty in the measured values of
Tw .

6 Nusselt Number
Figure 7 shows contours of the measured Nusselt number on

the rotating disk for Ref50.83106, lT'0.125, andbp'0.5; the
direction of rotation of the disk is clockwise. The distribution of
Nu is largely axisymmetric, except in the region around the re-

Fig. 6 a–d „top to bottom … Video recordings of disk surface
showing change of color of TLC with time

Fig. 7 Contours of Nu: Re fÉ0.8Ã106, lTÉ0.125, bpÉ0.5; the
disk is rotating clockwise
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ceiver holes. The highest heat transfer rates occur between the
holes, and there is repeatability in both magnitudes and the varia-
tions of Nu between successive holes.

Figures 8~a! and 8~b! show contours of Nu for a higher flow
rate,lT'0.36,bp'1.4, for Ref50.83106 and Ref51.183106,
respectively. The color scales have been chosen independently in
order to show clearly the variations around the receiver holes.
Comparing Fig. 4 and Fig. 5~a!, for which Ref50.83106 in both
cases, there is higher heat transfer around the preswirl nozzle
radius,xp50.74, at the higher flow rate. There are similar varia-
tions ~and similarly good repeatability of results! between the re-
ceiver holes on the disk; Nu is also higher in this region for the
higher flow rate case. Figures 8~a! and 8~b! show that Nu in-
creases generally with increasing Ref .

6.1 Effect of Ref on Radial Variation of Nu. The varia-
tions of Nu with the parameterslT and bp , and with Ref , are
best observed by using results taken along a radial line midway
between receiver holes. Figure 9 shows the effect of Ref on the
measured radial variation of Nusselt number at two fixed values of
lT ~0.125 and 0.36 approximately!, for which bp'0.5 and 1.4,
respectively. For each fixed value oflT ~andbp), the magnitude
of Nu increases with increasing Ref , but there is little effect of
Ref on theshapeof the Nu distributions. For all cases, there is a
peak in measured values of Nu in the region near the receiver
holes on the disk. Figure 9~a! (lT'0.125,bp'0.5) shows that Nu
increases with radius between the preswirl nozzle radius,xp

50.74, and the receiver holes. This behavior is similar, qualita-
tively, to heat transfer in a simple rotor–stator system with a radial
outflow @14#, suggesting that heat transfer is controlled mainly by
the boundary-layer flow on the rotating disk. Forx.0.9, there is
a rapid rise in measured Nu. In this region, disk boundary layer
fluid enters the receiver holes and there is strong flow axially
toward the disk, causing an increase in heat transfer.

Figure 9b shows that forlT'0.36 (bp'1.4) a local peak in Nu
occurs around the nozzle radiusxp , and Nu decreases forxp,x
,xb . This suggests that inertial ‘‘impingement’’ effects have a
more significant influence, due to the more powerful preswirl flow
at this higher value oflT , than for the cases in Fig. 9~a!.

6.2 Effect of lT and bp on the Radial Variation of
Nu. Figures 9~a! and 9~b! also show, respectively, the effect of
varying lT ~and, as a consequence, varyingbp) on the measured
radial variation of Nu for Ref'0.83106 ~blue circles! and 1.2
3106 ~red triangles!. At both values of Ref , there is a similar
transition in the variation of Nu withx, from the viscous behavior
described above forlT'0.125 (bp'0.5) to inertial behavior for
lT'0.36 (bp'1.4).

The combined effect of increasinglT and bp at fixed Ref is
greatest for x,0.9, approximately. There is less sensitivity tolT
and bp for the region around and outward of the receiver holes,
and this sensitivity also tends to decrease as Ref increases.

6.3 Use of Two Crystals. The method of analysis described
in Sec. 4 only requires a measurement of a single narrow-band
TLC. Two narrow-band TLCs were used to test the accuracy of
the measurements. Figure 10 showsh, rather than Nu, again mea-
sured along a radius midway between two receiver holes for the
viscous and inertial cases discussed above. Data from both the 30
and 40°C TLCs are shown.

There is good agreement between the data collected from the
two TLCs for the viscous case. However, in the inertial case,h
measured using the 40°C crystal is consistently higher than that
obtained using the 30°C crystal. These cases are typical examples
from a range of experimental data. Before discussing possible
reasons for differences in the measurements ofh, it is necessary to
consider the uncertainties in these measurements.

The uncertainty analysis described by Owen, Newton, and Lock
@13# was used to create the ‘‘uncertainty bars’’ shown in Fig. 10.
Small, random uncertainties in the measured temperature can pro-
duce large uncertainties in the calculated values ofh. If PTw

, PT0
,

Fig. 8 Effect of Re f on contours Nu for lTÉ0.36 and bpÉ1.4:
„a… RefÉ0.8Ã106, „b… RefÉ1.18Ã106; the disk is rotating clock-
wise

Fig. 9 Effect of Re f on radial variation of Nu „a… lTÉ0.125,
bpÉ0.52; „b… lTÉ0.36, bpÉ1.4 RefÉ0.8Ã106 d RefÉ1.2Ã106 .
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andPTaw
are the relative uncertainties~95% confidence estimates!

in Tw , T0 andTaw, respectively, thenPh , the relative uncertainty
in h, can be determined from

Ph

h
5Fh

PT

Taw2T0
, (6.1)

where Fh is the so-calledamplification parameterand PT
5max(PTw

,PT0
,PTaw

).
The uncertainty bars in Fig. 10 are based on a 0.2°C tempera-

ture uncertainty. Despite the random uncertainties, there is no evi-
dence of significant scatter in the results. The ‘‘smoothness’’ of the
distribution ofh is attributed to the smoothing of the air tempera-
ture and to the median filtering used for the wall temperatures.

There are three suspected reasons for the differences in the
measurements ofh from the two crystals:~i! incorrect values of
Taw; ~ii ! incorrect values ofT0 ; ~iii ! effect of radial distribution
of Tw .

~i! Taw, given by Eq.~4.5!, depends onTa, the local tempera-
ture in the fluid core. Unfortunately this temperature was not mea-
sured in the experiments but was assumed to be equal to the
measured temperature at exit from the preswirl nozzles. It is
speculated that, as heat flows from the air to the rotating disk, the
temperature of the fluid in the core, and henceTaw, will be less
than Ta. Consequently the value ofTaw given by Eq.~4.2! will
overestimate the true value, which in turn would cause an under-
estimate in the true value ofh. The values ofh calculated from the
40°C crystal should, by this argument, be closer to the true values
than those from the 30°C crystal. This uncertainty inTa would
have a more significant in the inertial regime than the viscous
regime; in the former there is relatively high heat transfer and
more mixing of air between the core and the region near the wall.

~ii ! There is an uncertainty in the value ofT0 and this could
bias the calculated values ofh. A bias in T0 would qualitatively
affect both measurements ofh in the same way, though not in a
quantitatively equal manner.

~iii ! As discussed by Butler and Baughn@15#, the distribution
of h is affected by the distribution ofTw . This effect is particu-
larly significant in rotating-disk systems@1# where the radial dis-
tribution of h depends strongly on the radial gradient of disk tem-
perature. As the radial distributions ofTw are, perforce, different
for the two crystals, it is reasonable to speculate that the radial
distribution ofh will be different. In addition, in regions of high
local temperature gradients there is an effect of lateral conduction
which can cause an overestimate in the value ofh from one-
dimensional conduction analysis@16#. This error has not been
quantified here.

The fact that differences inh, albeit within the limits of experi-
mental uncertainty, could be measured is a tribute to the

exponential-series technique and to the careful calibration of the
TLCs. These measurements also reveal the benefits of using two
crystals to evaluateh: one crystal would only provide the bliss of
ignorance!

The measurements ofh obtained using the 40°C crystal are
considered more accurate than those obtained using the 30°C
crystal. All data in Figs. 7–9 are based on the 40°C crystal.

7 Conclusions
An experimental facility has been built to investigate the heat

transfer and fluid dynamics of a rotor–stator system with pre-
swirled air under engine-representative flow structure. The facility
has been designed to accommodate pressure and temperature in-
strumentation in the test section and to provide optical access to
the wheel space.

A thermochromic liquid crystal~TLC!, in conjunction with a
stroboscopic light and digital video camera, has been used to ob-
tain contour maps of the Nusselt number, Nu, on the rotating disk.
Both wide-band and narrow-band TLCs were used and carefully
calibratedin situ using an infrared imager.

A mesh heater was used to generate an air temperature history
in the test section, which was represented as an exponential series
of three terms. An analysis has been developed to determine val-
ues of Nu by using this series as a boundary condition for Fouri-
er’s one-dimensional conduction equation. This technique has the
advantage, in terms of accuracy and simplicity, that only a single
narrow-band TLC is needed to determineh.

Two heat transfer regimes were observed experimentally: a vis-
cous regime at relatively low values oflT , and an inertial regime
at high values oflT . The viscous regime corresponds to axisym-
metric boundary layer flow over most of the rotating disk: forx
,xb , Nu increases asx increases. Three-dimensional flow near
the receiver holes on the disk, atx5xb , creates nonaxisymmetric
flow in this region, with large values of Nu between and around
the holes. The inertial regime corresponds to impingement on the
rotating disk around the preswirl nozzle radius,x5xp . There is a
peak in Nu nearx5xp and, for xp,x,xb , Nu decreases asx
increases; this behavior is also virtually axisymmetric. As for the
viscous regime, there are large values and two-dimensional varia-
tions of Nu around the receiver holes. For both regimes, Nu in-
creases as Ref , lT , andbp increase.
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Nomenclature

a 5 inner radius of the disk
b 5 outer radius of the disk
c 5 specific heat of wall

cp 5 specific heat at constant pressure of air
Cw 5 nondimensional mass flow rate (5ṁ/mb)

f (b) 5 step-change solution of Fourier’s equation
F 5 time-invariant adiabatic-wall parameter (5Taw2Ta)

g(b,bt)5 exponential solution of Fourier’s equation
h 5 heat transfer coefficient@5qw /(Taw2Tw)#
k 5 thermal conductivity of wall

m 5 number of terms in exponential series
Nu 5 Nusselt number@5qwr /k(Taw2Tw)#

P 5 uncertainty in measured value
qw 5 heat flux from air to wall

r 5 radius from axis of rotation
R 5 recovery factor

Ref 5 rotational Reynolds number (5rVb2/m)
s 5 gap width

sc 5 clearance spacing
t 5 time

T 5 temperature inside wall

Fig. 10 Heat transfer coefficient versus normalized radius for
viscous and inertial flows. m Viscous—H40; d Inertial—H40; m
Viscous—H30; d Inertial—H30. „h uncertainty for 0.2°C tem-
perature uncertainty. …
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Ta 5 total temperature of air
Taw 5 adiabatic-wall temperature
Tw 5 surface temperature of wall
U 5 free-stream velocity

Vf 5 tangential component of velocity
x 5 nondimensional radius (5r /b)
a 5 thermal diffusivity of wall (5k/rc)
b 5 parameter in step-change solution (5hAt/rck)

bp 5 preswirl ratio (5Vf,p /Vr p)
bt 5 parameter in exponential solution (5hAt/rck)
lT 5 turbulent flow parameter (5Cw,p /Ref

0.8)
r 5 density
U 5 nondimensional temperature@5(Tw2T0)/(Taw,̀

2T0)#
F 5 amplification parameter for uncertainties
m 5 dynamic viscosity
V 5 angular speed of rotating disk
t 5 time constant

Subscripts

h 5 with reference to heat transfer coefficient
j 5 jth term in series

T 5 with reference to maximum value ofPTw
, PT0

, and
PTaw

Taw 5 with reference to adiabatic wall temperature
T0 5 with reference to initial temperature
Tw 5 with reference to surface temperature

p 5 preswirl nozzle
0 5 value att50
` 5 value ast→`
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Direct-Transfer Preswirl System:
A One-Dimensional Modular
Characterization of the Flow
In high-efficiency gas turbine engines, the cooling air for the high-pressure turbine stage
is expanded through stationary preswirl nozzles, transferred through the preswirl cham-
ber, and delivered to the blade feed holes of the rotor. By accelerating the cooling air in
the direction of rotation, the total temperature relative to the rotor disk and the pressure
losses occurring at the receiver hole inlet can be reduced. The discharge behavior of a
direct-transfer preswirl system has been investigated experimentally for different number
of receiver holes and different inlet geometries, varying axial gap widths between stator
and rotor and for rotational Reynolds numbers up to Ref52.33106. The discharge
coefficients of the preswirl nozzles are given in the absolute frame of reference while the
definition of the discharge coefficients of the receiver holes is applied to the rotating
system in order to consider the work done by the rotor. A momentum balance is used to
evaluate the deflection of the preswirled air entering the receiver holes. The flow in the
preswirl chamber is characterized by introducing an effective velocity of the cooling air
upstream of the rotor disk. The influences of geometrical parameters and operating points
are reported and discussed in this paper.@DOI: 10.1115/1.1787514#

Introduction
In modern gas turbine engines two different preswirl systems

are established in the internal air system of the high-pressure tur-
bine @1#. In a ‘‘cover-plate’’ system, the preswirl nozzles are lo-
cated at a small radius and the cooling air flows radially outward
between the turbine disk and the cover plate to create a free vortex
before entering the blade feed holes of the rotating turbine disk. In
‘‘direct-transfer’’ systems the stationary preswirl nozzles are lo-
cated at a large pitch radius similar to the pitch radius of the blade
feed holes in the rotor. The cooling air is accelerated in circum-
ferential direction, passes the preswirl chamber, and is directly
supplied to the receiver holes. Theoretically, lower cooling air
temperatures can be achieved in direct-transfer systems. Further-
more, no cover plate is needed which is beneficial with respect to
the engines weight.

Meierhofer and Franklin@2# were the first to measure the total
temperature of the cooling air in the rotating blade feed holes of a
direct-transfer system. A relatively good correlation was obtained
in which the system effectiveness is given as a function of the
velocity ratio of the circumferential velocity of the receiver holes
to the effective velocity of the preswirled cooling air. The sys-
tem’s performance was found to be insensitive to several geomet-
ric and flow parameters. A combined experimental and numerical
study was presented by El-Oun and Owen@3#. The effectiveness
was calculated with a simple theoretical model, based on the Rey-
nolds analogy. In their numerical study, Wilson et al.@4# used an
axisymmetric elliptic solver to determine the flow structure and
the heat transfer in a direct-transfer system. The discharge behav-
ior of the preswirl nozzles and the receiver holes was character-
ized by Dittmann et al.@5#. As the determination of an effective
time averaged velocity of the preswirled air at the inlet of the
receiver hole is difficult, the flow inside the preswirl chamber was
assumed to be isentropic. Thus the performance of the preswirl
chamber could not be directly described.

However, a characterization of all three components of the
direct-transfer system, namely the preswirl nozzles, the preswirl
chamber, and the receiver holes, is favorable. Based on the experi-
mental data, in particular the measured torque of the driving shaft,
the Euler equation for an axial compressor or turbine is used
within this paper to calculate the specific work and to estimate the
deflection of the preswirled air. Hence the occurring losses can be
assigned to each single component of the preswirl system. The
influence of geometric and flow parameters on the performance of
the preswirl chamber will be discussed.

Experimental Setup
A detailed description of the experimental setup, geometrical

dimensions, and the instrumentation of the rig was given by Ditt-
mann et al.@5#. Figure 1 shows a sectioned view of the direct-
transfer preswirl system. Cooling air was discharged from a set-
tling chamber through the flange of the rig to the preswirl plate. In
total, four preswirl plates were available to vary the axial distance
s1 between stator and rotor and the number of preswirl nozzles
NN . All preswirl nozzles were 8 mm in diameter and inclined 20°
to the stator surface in circumferential direction. The preswirled
air entered an annulus of 46.8-mm radial height and left the test
section to ambient conditions through receiver holes at a pitch
radius ofr m50.22 m. The outer seal between rotor disk and cas-
ing could be fed with sealing air to reduce the leakage flow. In
some test cases a radial outflow was superimposed to the swirled
mainflow. Therefore air was discharged into the inner wheelspace
close to the hub region of the rig. The superimposed cooling air
passed the inner radial seal, was mixed with the mainflow inside
the preswirl chamber, and left the test section radially through a
lip seal arrangement in the casing.

The total area ratio of receiver holes to preswirl nozzles was
kept constant while the number of receiver holesNR was varied.
Therefore the diameter of the receiver holes had to be reduced
with an increasing number of receiver holes. As the receiver holes
were milled into the 40-mm thick titan-aluminum alloy rotor the
1/d ratio automatically changed withNR . The rotor was con-
nected to the driving shaft by two flexible clutches and a torque
meter and could be accelerated up to 7000 rpm. This is equivalent
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to a circumferential velocity of the receiver holes ofuR

5161 m/s, or a rotational Reynolds number of Ref52.33106.
The mass flow rate discharged to the preswirl nozzles was mea-

sured by an orifice-metering system according to European stan-
dards with an uncertainty of 1 percent. The radially superimposed
outflow was measured with hot-film sensors calibrated to an un-
certainty of 1 percent. Pressure measurements were accomplished
by means of a pressure transducer in combination with a Scani-
valve system. The torque on the driving shaft could be determined
with an uncertainty of 0.02 Nm. Based on the maximum measured
torque, this corresponds to an accuracy of 0.25 percent. Using the
method of Kline and McClintock@6# the uncertainty in the values
of cD were found to be less than62.5 percent in most test cases,
increasing to lower pressure ratios. The uncertainty of the effec-
tive velocity ratio was estimated to be lower than63 percent.

During the experiments the total pressure ratiop was kept con-
stant while the rotational speed of the rotor was varied. Different
total pressure ratios across the preswirl rig were investigated. The
radial mass flow rate was set to 30 or 50 percent of the preswirled
mass flow rate.

Definitions
The discharge coefficient is commonly used to characterize the

occurring losses of the flow through restricting elements. For sta-
tionary setups, like the preswirl nozzles, a definition of the dis-
charge coefficient in the absolute frame of reference is convenient.
However, a transformation into the relative frame of reference is
preferable for rotating configurations such as rotating holes or
receiver holes within a preswirl system~Zimmermann et al.@7#!.
The work transferred to the fluid is considered and therefore dis-
charge coefficients greater than unity do not occur, which is illogi-
cal under these circumstances.

A sketched view of the preswirl system is shown in Fig. 2. To
clearly identify the properties of the fluid, the preswirl system is
divided into five stages as indicated by the numbers 0–4. All
representative temperatures and pressures are indicated in Fig. 2
and experimentally determined. In addition, the characteristic ve-
locities of the preswirl system are sketched. The arrows indicate

the positive direction of the velocities in the absolute and relative
frame of reference. Two different velocity triangles are presented:
one for the ideal flow without deceleration of the preswirled air
inside the preswirl chamber; the other considering frictional ef-
fects and a widening of the air jets penetrating the preswirl cham-
ber, as indicated by the dashed arrows. This results in a lower
absolute approach velocity of the cooling air with respect to the
receiver hole.

The discharge coefficient is defined by the ratio of the dis-
charged mass flow rate to the ideal mass flow rate, which can be
determined by the total temperature and total pressure of the fluid
upstream and the static pressure downstream of the restricting
flow element. According to Popp et al.@8#, the total properties
upstream of the receiver holes have to be transformed into the
relative frame of reference. As total temperature and total pressure
change with relative motion, the circumferential velocity of the
receiver holes and the tangential velocity of the preswirled cool-
ing air have to be considered. The total properties in the relative
system are determined by Eqs.~1! and ~2!. Finally, the discharge
coefficients of the preswirl nozzlescDN and the receiver holescDR
can be calculated according to Eqs.~3! and ~4!,

T2 tot,rel

T2 tot
511

u222uc2t

2cpT2 tot
, (1)

p2 tot,rel

p2 tot
5S 11

u222uc2t
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p2 tot,rel
D 2/k

2S p4s

p2 tot,rel
D ~k11!/kG .
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An accurate experimental determination of the tangential effective
velocity of the cooling air upstream of the receiver hole is difficult
or even impossible for small axial distances between stator and
rotor. Geis et al.@9# presented a technique to measure the radial
and tangential velocity distribution in the midplane between stator
and rotor by means of particle image velocimetry~PIV!. A re-
markable deceleration of the cooling air jet was ascertained for the
configuration investigated.

A further decrease of the jet velocity with larger distance from
the nozzle exit seems to be obvious. To evaluate the performance
of the preswirl chamber, a determination of the effective preswirl
velocity at the exit is necessary. Thus the effectiveness of the
preswirl chamber and the discharge behavior of the receiver holes
can be characterized correctly. To separate the occurring losses, a
momentum model, based on the Euler equation, is applied to the
preswirl system.

Momentum Model
The accurate determination of the approach velocity of the re-

ceiver holes is the major task necessary to characterize the pre-
swirl system and its components. Depending on the pressure ratio
in combination with the rotational speed of the rotor, the pre-
swirled air is either accelerated or decelerated to the circumferen-
tial velocity of the receiver holes. Due to the relatively large 1/d
ratios investigated in this study it can be assumed, that the cooling
air leaves the receiver holes in the relative frame of reference
axially. Thus the deflection of the cooling air entering the receiver
holes and the velocity differenceDct of the air, being transferred
from the stationary to the rotating components, can be calculated
by using the measured momentum on the driving shaft. For low
rotational speed the preswirl system acts like a turbine and the

Fig. 1 Setup of the preswirl rig

Fig. 2 Velocities in the absolute and relative frame of refer-
ence
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rotor has to be decelerated by the electric motor. Whereas a posi-
tive momentum is needed, if the fluid has to be brought up to rotor
speed. These operating conditions can be compared to a compres-
sor flow,

au5u2c2t2u3c3t5uDct , (5)

M5ṁr mDct . (6)

A characterization of the discharge behavior of the rotating re-
ceiver holes in the relative frame of reference is preferable as
several theoretical constraints can be applied. According to Ditt-
mann et al.@5#, the discharge coefficients are plotted against the
velocity ratiow2t /w3ax. As the rotational work is considered, the
discharge coefficient of the receiver holescDR cannot exceed
unity. Furthermore, all operating points are limited to the velocity
range ofuw2t /w3axu<1.

Assuming that the time averaged flow direction of the cooling
air jet is equal to the inclination angle of the preswirl nozzles, the
effective approach velocity upstream of the receiver holes can be
determined. The tangential fluid velocityw2t relative to the rotor
disk is defined by Eq.~7!. The ideal axial velocity of the receiver
flow in the relative frame of reference for an isentropic expansion
is determined by Eq.~8!,

w2t5u2c2t , (7)

w3ax5A 2k

k21
RT2 tot,relF12S p4s

p2 tot,rel
D ~k21!/kG . (8)

Prior to a discussion of the effect of geometric and flow param-
eters on the performance of the preswirl chamber all three com-
ponents of the direct-transfer preswirl system should be character-
ized for one configuration. A setup with 12 preswirl nozzles,s1
510-mm axial gap width and 24 receiver holes with radiused
inlet was chosen.

Figure 3 shows the discharge coefficients of the preswirl
nozzlescDN . The discharge coefficients are plotted against the
velocity ratio w2t /w3ax as this parameter proves to characterize
the operating conditions of the preswirl system quite well. Fur-
thermore, the performance of the preswirl chamber as well as the
discharge behavior of the receiver holes strongly depend on this
velocity ratio. All data points were fitted by one curve to charac-
terize the discharge behavior depending on the operating condi-
tions. Two different methods to calculate the velocity ratio
w2t /w3ax were used. The solid line represents the discharge char-
acteristic of the preswirl nozzles when the flow through the pre-
swirl nozzles and the preswirl chamber is assumed to be isentro-
pic. cDN first remains constant and then gradually decreases with
increasing rotor disk speed. If the Euler equation is used to deter-

mine the reduced effective velocity of the preswirled air, the ab-
solute values ofcDN are not altered but displaced horizontally to
higher velocity ratios, according to Eq.~7!. The discharge coeffi-
cient is nearly constant for all investigated velocity ratios but
sharply drops for values exceeding 0.85. For these data points the
effective area ratio of preswirl nozzles and receiver holes is lower
than unity. Thus the preswirl nozzles do not represent the smallest
cross section of the preswirl system any more and an upstream
influence of the receiver holes on the flow becomes noticeable.

The performance of the preswirl chamber can be characterized
by the deceleration of the velocity of the preswirled air between
preswirl nozzle exit and receiver hole inlet. To avoid an iterative
procedure to calculate the polytropic exit velocity of the preswirl
nozzle flow, the velocity ratioc2,eff /c1,is is used to determine the
effectiveness of the preswirl chamber. In Fig. 4 the effective ve-
locity ratio is shown for different overall pressure ratiosp across
the preswirl rig. As the circumferential velocity of the receiver
holes was limited touR5161 m/s, the maximum realized charac-
teristic velocity ratiow2t /w3ax was continuously reduced with in-
creasing pressure ratio. Obviously, the pressure ratio does not in-
fluence the performance of the preswirl chamber. Hence a fitting
curve can be used to characterize its effectiveness. In principal, an
identical progression of the effectiveness was determined by
Meierhofer and Franklin@2#. They found the system effectiveness
to be a function of the rotor disk to the effective preswirl velocity
ratio u/c2,eff . The effectiveness is continuously decreasing with
increasing velocity ratio. In accordance to the results of Meier-
hofer and Franklin@2# the characteristic curve shows an inflection
point at w2t /w3ax'0.0. At these operating points straight inflow
in the relative frame of reference occurs for the receiver holes.
Generally, the maximum effectiveness of the system could be ex-
pected at this point. Considering the effects of geometry and flow
parameters on the performance of the preswirl chamber, this spe-
cial progression of the curve, which has been somewhat surprising
to Meierhofer and Franklin@2#, became clear.

Finally, the discharge coefficients of the receiver holescDR are
given in Fig. 5. The solid line represents the discharge behavior if
the total properties of the fluid upstream of the receiver hole inlet
were calculated without considering losses inside the preswirl
nozzle and the preswirl chamber. Thus the approach velocity in
the absolute frame of reference is overpredicted and perpendicular
inflow into the receiver holes occurs at smaller velocity ratios
w2t /w3ax as already discussed by Dittmann et al.@5#. By using the
Euler equation, the effective velocity of the preswirled air at the
inlet of the receiver holes could be determined. Consequently, the
corrected total properties of the fluid in the relative frame of ref-
erence differ as the transferred work is considered. The data points
are shifted to higher velocity ratios and the absolute value of the

Fig. 3 Discharge coefficients c DN for the preswirl nozzles Fig. 4 Effective velocity ratio of the preswirl system
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discharge coefficient is altered. The discharge behavior of a rotat-
ing orifice without preswirl, predicted by the correlation DIANA,
is given in Fig. 5, additionally. According to the correlation DI-
ANA, which was presented by Wittig et al.@10# and is based on
the correlation of McGreehan and Schotsch@11# for stationary
orifices, the discharge coefficient of the receiver holes decreases
continuously with increasing angle of the approaching flow. The
maximum of the discharge coefficient of either the receiver hole
with preswirl or the rotating orifice without preswirl is located at
a velocity ratio of zero. At these operating conditions straight
inflow occurs and the separation region at the inlet is minimized.
In general, the discharge behavior of the receiver hole and the
rotating orifice does agree very well, if the flow is analyzed in the
relative frame of reference.

As the discharge behavior of the preswirl nozzles and the re-
ceiver holes is not significantly influenced by the investigated ge-
ometry and flow parameters, only the effect on the effective ve-
locity ratio of the preswirl chamber will be discussed in the next
section.

Results
The preswirl system was investigated for several different con-

figurations to determine the effect of each individual parameter.
Therefore the number of receiver holesNR , the inlet geometry of
the receiver holes, the axial distances1 between stator and rotor
and the flow distribution was varied. For all setups the overall
pressure ratio was varied from 1.05 to 2.00 and the rotor disk
speed was increased up to 7000 rpm. As the pressure ratio does
not affect the effective velocity ratio of the preswirl chamber, a
fitting curve can be used to characterize the system. The effect on
the performance of the preswirl chamber due to the variation of
each parameter is given in the following graphs.

In Fig. 6 the effective velocity ratio of the preswirl chamber is
shown depending on the number of receiver holes. As the total
cross sectional area of the receiver holes was kept constant, the
1/d ratio was changed, while ther /d ratio was identical. The
effectiveness of the preswirl chamber is improved slightly, if the
number of receiver holes is increased from 4 to 12. A further
increase ofNR hardly influences the effectiveness of the system.
Surprisingly, the effective velocity for operating conditions with
w2t /w3ax,20.45 is higher with the smallest number of receiver
holes. This phenomenon can be explained by the definition of the
effective velocity ratio as discussed later on.

The effect of the inlet geometry of the receiver holes is shown
in Fig. 7. A setup with 11 preswirl nozzles and 4 receiver holes
was investigated. Three different inlet geometries were tested. At
w2t /w3ax50.0 ther /d ratio does not affect the effective velocity

ratio. However, the slope of the characteristic curve is reduced
with increasing inlet radius. For velocity ratios greater than zero
the effectiveness of the preswirl chamber is higher with radiused
receiver holes. This can be easily understood as the discharge
characteristic of a rotating hole with radiused inlet is not as sen-
sitive to the angle of the approaching flow as a sharp edged ori-
fice. Thus the smaller separation region at the rounded inlet has a
positive influence on the effective velocity ratio forw2t /w3ax
.0.0. For negative velocity ratios, where the circumferential ve-
locity of the preswirled air is greater than the circumferential ve-
locity of the receiver holes, the tendency of the calculated effec-
tive velocity ratio is just inverted.

The effective velocity ratios of the preswirl chamber for differ-
ent axial gap widths between stator and rotor are shown in Fig. 8.
The axial distances1 was varied between 5 and 24 mm. The
number of the preswirl nozzles and the receiver holes was kept
constant. At least in the velocity range of20.6,w2t /w3ax,0.6
all three characteristic curves representing the performance of the
preswirl chamber are almost parallel. Thereby the effective veloc-
ity ratio is reduced with increasing axial distance. The jet of the
preswirled cooling air widens and consequently decelerates con-
tinuously while penetrating the preswirl chamber. Thus the great-
est length of the flow path between nozzle exit and receiver inlet
for s1524 mm results in the lowest effective velocity ratio.

Finally, the influence of a superimposed radially outflow was
investigated for two different mass flow ratios. Cooling air was

Fig. 5 Discharge coefficients c DR for receiver hole and a rotat-
ing orifice

Fig. 6 Effect of NR , 1Õd for NNÄ12, s 1Ä10 mm, r ÕdÄ0.2

Fig. 7 Effect of r Õd for NNÄ11, s 1Ä10 mm, NRÄ4
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fed into the rotor-stator wheelspace near the hub region. The ra-
dial mass flow rate was set to 30 or 50 percent of the preswirled
mainflow. The same percentage of the total mass flow rate left the
preswirl chamber through a lip seal arrangement in radial direc-
tion, respectively. The effect of the superimposed radial flow on
the effective velocity ratio is depicted in Fig. 9. As shown by
Dittmann et al.@5# the radial outflow of coolant scarcely influ-
ences the discharge behavior of the receiver holes but obviously
has a strong impact on the effective preswirl velocity. With in-
creasing radial mass flow rate the effectiveness of the preswirled
air is continuously diminished. The circumferential velocity of the
fluid, which enters the preswirl chamber radially, can hardly be
estimated. Both the rotational speed of the rotating lip of the inner
seal and the axial through flow velocity do affect the swirl of the
air exiting the inner seal. Nevertheless, the circumferential veloc-
ity of the secondary flow is definitely lower than the correspond-
ing velocity component of the preswirled air. Consequently, the
effective swirl of the mixed flow inside the preswirl chamber is
reduced. The shift of the infection point of the characteristic
curves to positive velocity ratios may result from the few data
points available for this configuration.

As already mentioned, the progression of the effective velocity
ratio was expected to be symmetric to the operation point where
straight inflow of the receiver holes in the relative frame of refer-
ence occurs. In addition, the performance of the preswirl chamber
should be best for these conditions. An explanation for the con-

tinuous decrease of the effective velocity ratio can be clarified by
the total temperature ratios sketched in Fig. 10. The theoretical
curve for an isentropic flow of the preswirl system is given by the
solid line. According to Eq.~1!, the total temperature of the cool-
ing air in the relative frame of reference is equal to the total
temperature in the absolute frame of reference foru/c2t, is50.0
and 2.0. For velocity ratios smaller than 2.0, the total enthalpy of
the cooling air is reduced in the relative frame of reference. Due
to the work done by the rotor,T2 tot,rel exceedsT2 tot for velocity
ratios higher than 2.0. The maximum total temperature reduction
of the cooling air in the relative system is achieved atu/c2t, is
51.0. The dashed line represents the total temperature ratio of the
preswirl system considering all occurring losses. The approach
velocity of the receiver holes in the absolute frame of reference is
lower, thus the maximum total temperature reduction in the rela-
tive system is reduced. Furthermore, straight inflow to the receiver
holes in the relative frame of reference occurs atu/c2t, is,1.0. The
displacement of this special operating point regarding the ideal
and the real case is indicated by the arrow. The discrepancy be-
tween two corresponding data points continuously increases with
increasing velocity ratio. Thus a gradual decrease of the effective
velocity ratio, characterizing the performance of the preswirl
chamber, seems to be reasonable. The actual total temperature
reduction depends on the pressure ratio across the preswirl
nozzles and the velocity ratio.

Another possibility to characterize the performance of the pre-
swirl chamber would be to determine the actual total temperature
difference between absolute and relative system based on the
maximum temperature reduction, which can be achieved for an
isentropic flow. For positive velocity ratiosw2t /w3ax this newly
gained characteristic line will correspond to the curves presented
in Figs. 6–9. Congruence for negative velocity ratios will be
achieved if the left part of the curve is mirrored across a horizon-
tal line through the ordinate interception atw2t /w3ax50.0. There-
with all investigated effects of geometric and flow parameters on
the effective velocity ratio characterizing the preswirl chamber
become comprehensible.

Summary
A direct-transfer preswirl system was investigated experimen-

tally. By separating the occurring losses of the flow, all three
components, namely the preswirl nozzles, the preswirl chamber,
and the receiver holes, could be characterized.

Discharge coefficients of the preswirl nozzlescDN were deter-
mined in the absolute frame of reference, whereas the discharge
coefficients of the receiver holescDR were defined in the relative
frame of reference. Thus the work done by the rotor and the

Fig. 8 Effect of s 1 for NNÄ12, NRÄ24, r ÕdÄ0.2

Fig. 9 Effect of ṁ rad for NNÄ12, s 1Ä10 mm, NRÄ4, r ÕdÄ0.0

Fig. 10 Cooling air total temperature in the relative frame of
reference
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change of the total enthalpy of the cooling air could be taken into
account. The Euler equation was applied to the preswirl system to
estimate the velocity of the preswirled cooling air at the inlet of
the receiver holes. If the deceleration of the fluid is considered,
the discharge behavior of the receiver holes can be compared to
the discharge characteristic of rotating orifices with parallel ap-
proaching flow to the orifice axis. The discharge behavior of the
receiver holes is strongly dependant on the velocity ratio
w2t /w3ax, which indicates the flow angle relative to the receiver
hole axis.

Finally, the performance of the preswirl chamber was charac-
terized by the effective velocity ratio of the preswirled flow. Sev-
eral geometric parameters of the preswirl system were varied to
investigate the effect on the systems effectiveness. Additionally a
radial outflow was superimposed to the preswirled mainflow. In
general, the effective velocity ratio does not depend on the overall
pressure ratio across the preswirl system but is strongly influenced
by the operating point defined by the velocity ratiow2t /w3ax.
Additionally, the performance of the preswirl system can be de-
fined by the total temperature ratioT2 tot,rel/T0 tot . The highest
performance is achieved at operating conditions where straight
inflow of the receiver holes in the relative frame of reference
occurs.

Based on the investigated parameters the following tendencies
were obtained. The effect of the number of receiver holes seems to
be secondary, as long asNR is equal or higher than the number of
preswirl nozzles. In principal, the systems performance increases
with increasing number of receiver holes. Radiusing the inlet of
the rotating receiver holes minimizes the separation region of the
flow at the inlet, especially for operating conditions where the
approaching flow in the relative frame of reference is inclined to
the orifice axis. Therefore the sensitivity of the preswirl chamber
effectiveness regarding the velocity ratiow2t /w3ax is reduced with
increasingr /d. A reduction of the axial gap width between stator
and rotor improves the systems efficiency. However, it should be
mentioned that unstable flow phenomena were ascertained by
Dittmann et al. @5#, predominantly occurring fors155 mm,
which deteriorated the discharge behavior and the effectiveness of
the preswirl system. The occurrence of this acoustic phenomenon
is not understood yet. Superimposing a radial outflow significantly
reduces the effective velocity of the preswirled air. As the circum-
ferential velocity of the fluid exiting the inner seal is remarkably
lower than that of the preswirled mainflow, the systems perfor-
mance is diminished continuously with increasing radial mass
flow rate.
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Nomenclature

A 5 cross-sectional area m2

c 5 velocity in the absolute frame of reference m/s
cD 5 discharge coefficient
cp 5 specific heat J/~kg K!
d 5 diameter of receiver holes m

l 5 length of receiver holes m
ṁ 5 mass flow rate kg/s
M 5 momentum on the rotor Nm
n 5 rotational speed 1/min
N 5 number of holes
p 5 pressure N/m2

r 5 radius m
r m 5 pitch radius of the receiver holes m
R 5 specific gas constant J/~kg K!

Ref 5 rotational Reynolds number, Ref5vrm
2 /n

s1 5 axial gap between stator and rotor m
T 5 temperature K
u 5 circumferential velocity m/s
w 5 velocity in the relative frame of reference m/s
a 5 inclination of preswirl nozzles deg
k 5 isentropic exponent
n 5 kinematic viscosity m2/s
p 5 total pressure ratio,p5p0 tot /p4s
v 5 angular velocity of rotor 1/s

Subscripts

ax 5 axial
eff 5 effective
is 5 isentropic
N 5 preswirl nozzle
R 5 receiver hole

rad 5 radial
rel 5 relative system

s 5 static
t 5 tangential

tot 5 total
0–4 5 position 0–4
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Parametric Study on Economic
Feasibility of Microturbine
Cogeneration Systems by an
Optimization Approach
Economic feasibility of microturbine cogeneration systems is investigated by analyzing
relationships between the optimal number of microturbine units and the maximum energy
demands under various conditions. For this purpose, a method to obtain the maximum
energy demand at which the optimal number changes is proposed by combining a non-
linear equation problem and an optimal unit sizing problem hierarchically. Based on the
proposed method, a map expressing the aforementioned relationships can be illustrated.
Through numerical studies carried out on systems installed in hotels by changing the
electrical generating efficiency and the capital unit cost of the microturbine cogeneration
unit as parameters, the influence of the parameters on the economic feasibility of the
microturbine cogeneration system is clarified.@DOI: 10.1115/1.1806836#

Introduction

Microturbine generator units with capacities under 100 kW
have been recently paid attention to as distributed power sources
@1#. The reason for this attention lies in the expectation that the
microturbine generator units will have the advantages of low ini-
tial capital cost, high electrical generating efficiency for their
small capacities, high reliability, low NOx emission, and so on.
Moreover, microturbine generators can avoid operating at lower
part load for a broad range of electricity demand by installing
plural numbers of microturbine generators. Besides, they are ex-
pected as main equipment of cogeneration systems for commer-
cial and public purposes@2#. Although their total energy efficiency
becomes high, they have some disadvantages in this case. For
example, their initial capital cost becomes expensive because of
additional heat recovery devices, and utilization of exhaust heat
from the microturbine generator unit with a recuperator is not
efficient because of its lower temperature than large scale gas
turbine generators. Therefore, it is important to investigate feasi-
bility of microturbine cogeneration systems for commercial and
public purposes from an economic viewpoint. Moreover, it is also
important to investigate effects of installing plural numbers of
microturbine cogeneration units on their economic feasibility.

The purpose of this paper is to evaluate the aforementioned
economic feasibility rationally for various parameters, such as a
capital unit cost and an electrical generating efficiency of the mi-
croturbine cogeneration unit. For this purpose, a method to obtain
the maximum energy demand at which the optimal number
changes is proposed by combining a nonlinear equation problem
and an optimal unit sizing problem hierarchically. Based on this
method, the aforementioned feasibility is evaluated by examining
the relationships between the optimal number and the maximum
energy demands. In the following, the configurations of microtur-
bine cogeneration systems investigated here are first described.
Second, the evaluation method is described. Finally, numerical
parametric studies are carried out on systems installed in hotels.

System Configurations
Figure 1 shows a schematic diagram of a microturbine cogen-

eration system. The system has the microturbine cogeneration unit
~MTU!, a single-stage absorption refrigerator~RW!, a gas-fired
absorption refrigerator~RG!, a gas-fired boiler~BG!, a radiator
~RD!, and a device for purchasing and reversing electricity~EP!.
In this figure, though only one unit is illustrated for each kind of
equipment, there may be several units. Solid, dot-dash, dotted, and
broken lines show flows of hot water, electricity, cold water, and
natural gas, respectively.

In the system, electricity is supplied to users by purchasing
electricity through the EP from an outside electric power company
and by operating the MTU. Electricity is also used to drive cool-
ing towers and other auxiliary machinery. Moreover, electricity
can be reversed through the EP to the electric power company.
Exhaust heat generated from the MTU is recovered in the form of
hot water, and it is reused for space cooling through the RW, space
heating, and other usage in a cascade way. Surplus exhaust heat is
disposed of by the RD. Cold water for space cooling is supplied
by the RW and the RG, and hot water for space heating and other
usage is supplied by the recovered exhaust heat, the RG, and the
BG.

Evaluation Method
To evaluate the feasibility of the microturbine cogeneration sys-

tems from an economic viewpoint, we clarify the relationship be-
tween the number of the microturbine cogeneration units~MTUs!
and the maximum energy demands. In order to achieve this pur-
pose, we consider the problem of finding the maximum energy
demand at which the optimal number changes its value. Its maxi-
mum energy demand is the one at which the minimum annual
total cost, which is the sum of the annual capital cost and the
annual operational cost, for the system withn MTUs is equal to
that for the system withn11 MTUs. Figure 2 shows the concept
for the problem of finding the aforementioned maximum energy
demand when the kind of the number of energy demands is one.
When the kind of the number of energy demands is two, the
minimum annual total cost in Fig. 2 is not a curved line but a
curved surface. Then, the maximum energy demand is found as a
border curve at which two curved surfaces intersect. Similarly,
when the kind of the number of energy demands is three or more,
the maximum energy demand is found as a border surface or a
border hypersurface. By finding the aforementioned maximum en-
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ergy demand, we can obtain the map expressing the relationships
between the optimal numbers and the maximum energy demands
as an example shown in Fig. 3. In this paper, the feasibility of the
MTU is evaluated using the map. A brief description on the afore-
mentioned mathematical problem and procedure to obtain the map
follows.

Structure of Problem. The aforementioned problem is re-
sulted in the following nonlinear equation problem:

f n~s!2 f n11~s!50, (1)

wheres is a vector composed of the maximum energy demands,
and f n is the minimum annual total cost when the number of the
MTU is n, and is a function of the maximum energy demandss.
At this point, f n is obtained as the minimum value of the objective
function for the following optimal unit sizing problem: equipment
capacities and maximum contract demands of utilities are deter-
mined together with the systems’ operational strategies so as to
minimize the annual total cost subject to satisfaction of energy
demand requirements for given maximum energy demandss and
given number of the MTUn. In this optimal unit sizing problem,
the capacity of the MTU is assumed to be given so as to make it
easy to understand the maps expressing optimal numbers.

Therefore, the aforementioned problem becomes the nonlinear
equation one which has the inner optimization problem. In the
following, the outline of the optimization problem will be ex-
plained simply.

Mathematical Formulation of Optimization Problem. In
formulating the optimization problem, it is defined that the annual
operational hours in a year are discretized by employing several
representative days and by dividing each day into several daily
sampling times. For each sampling time, average energy demands
are estimated. In addition, peak energy demands are estimated for
winter and summer peak demand days.

In the following mathematical formulation of the problem, the
subscriptt denotes the index for the sampling time, the symbolT
denotes the set of all the values oft for a year, and the symboldt
denotes the annual operational hours for the sampling timet.
Moreover, the subscriptsn ands denote the number of the MTU
and the maximum energy demands, respectively.

Decision Variables. Decision variables are composed of de-
sign variables and operational variables. The design variables are
equipment capacities except for the MTU and the utility maxi-
mum contract demands expressed by a vectorx. The vectorx
denotes continuous variables. On the other hand, the operational
variables express the operational strategy at each sampling timet
expressed by vectorsyt andzt . The vectoryt denotes continuous
variables which express energy flow rates, and the vectorzt de-
notes binary and integer variables which express the on/off status
of operation of the equipment and the number of active MTUs for
the discrete sampling time, respectively.

Objective Function. The annual total cost is adopted as the
objective function to be minimized from the viewpoint of long-
term economics. It is evaluated as the sum of the annual capital
and operational costs based on the annualized costs method@3#.
The annual capital costs of pieces of equipment are considered
here as functions of their capacities. The annual operational costs
of utilities are the sum of customer, demand, and energy charges.
The customer and demand charges are considered as functions of

Fig. 1 Schematic diagram of a microturbine cogeneration system

Fig. 2 Concept for problem of finding maximum energy de-
mand at which optimal number of MTU changes

Fig. 3 Example of map expressing the relationship between
the optimal numbers and the maximum energy demands
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the maximum contract demands of utilities. The energy charge is
calculated from the system’s operational strategy. As a result, the
objective function to be minimizedJn,s i.e., the annual total cost,
is defined by

Jn,s5Fn,s~xn,s!1Gn,s~xn,s!1(
tPT

Vn,s,t~xn,s ,yn,s,t ,zn,s,t!dt ,

(2)

where F is the annual capital cost,G is the annual customer/
demand charges, and they are functions ofx; andV is the hourly
energy charge, and it is a function ofx, yt andzt . At this point, the
value of f n(s) shown in Eq.~1! is the minimum value ofJn,s .

Constraints. As constraints of the optimization problem, it is
necessary to consider performance characteristics of pieces of
equipment together with hourly energy balance and supply-
demand relationships of each energy flow.

The performance characteristics are formulated as relationships
between input and output energy flow rates by adopting the piece-
wise linear approximation@4#. For example, a part of these rela-
tionships for the MTUs is expressed for each sampling time by the
following equations:

vMTU5pMTUuMTU1qMTUl,

uI MTUl<uMTU<ūMTUl, (3)

l<n,

where p and q denote performance characteristic values, anduI
andū denote lower and upper limits of input energy flow rate for
one unit, respectively;l denotes an integer variable expressing the
number of the active MTUs in a single sampling time, which is an
element of the vectorzt , andu andv are input and output energy
flow rates for several units, respectively, which are elements of the
vectoryt . The relationships between input and output energy flow
rates for one unit of other pieces of equipment are, for example,
expressed by the following equations:

v5p~x!u1q~x!d,

uI ~x!d<u<ū~x!d, (4)

dP$0,1%,

whered denotes a binary variable expressing the on/off status of
operation of equipment, which is an element of the vectorzt . In
Eq. ~4!, p, q, uI , and ū are expressed as functions of equipment
capacityx which is an element of the design variablesx, because
the performance characteristics of equipment depend on the
equipment capacity. At this point, let us suppose thatp(x)5p8,
q(x)5q8x1q9, uI (x)5uI 8x1uI 9, and ū(x)5ū8x1ū9. Then,
p(x)u5p8u, and, consequently,p(x)u becomes a linear term. On
the other hand,q(x)d, uI (x)d, and ū(x)d include the nonlinear
term, i.e.,xd. Let xd be replaced withj, and this nonlinear term
can be linearized strictly by the following linear equations:

xI d<j< x̄d,
(5)

x1 x̄~d21!<j<x,

wherexI andx̄ denote lower and upper limits ofx. In Eq.~5!, when
d50, it is derived from the upper two inequalities thatj50, andj
becomes equal toxd. Then, the lower two inequalities of Eq.~5!
are inactive constraints. On the other hand, whend51, it is de-
rived from the lower two inequalities thatj5x, and j becomes
equal toxd as well. Then, the upper two inequalities are inactive
constraints. As a result, Eq.~4! is rewritten by

v5p8u1q8j1q9d,

uI 8j1uI 9d<u<ū8j1ū9d,

xI d<j< x̄d, (6)

x1 x̄~d21!<j<x,

dP$0,1%.

On the other hand, energy balance and supply–demand rela-
tionships are formulated by linear equations with energy flow
ratesyt at each junction for each energy flow illustrated in Fig. 1.

All these constraints are expressed simply for each sampling
time t by

Cn,s,t~xn,s ,yn,s,t ,zn,s,t!50 ~ tPT!, (7)

whereC is the vector composed of constraint functions.

Solution Method. The problem formulated and described in
the previous section is complex and of nonlinear nature because it
has the inner optimization problem. As mentioned previously, this
problem is also one of finding the maximum energy demands as
border curves, surfaces, or hypersurfaces for the several kinds of
the number of energy demands. Since it is very difficult to directly
find the border curves and so on numerically, in this paper we find
the curves approximately by connecting points found as shown in
Fig. 4. Though Fig. 4 is an example for two kinds of the number
of energy demands, similarly we find border surfaces or hypersur-
faces approximately by finding more points for several kinds of
the number of energy demands.

The aforementioned points are found in the following way.
When the kind of the number of energy demands is one and the
number of the MTUn is given, Eq.~1! is one of finding one
maximum energy demand. Therefore, first heat-to-power ratio of
the maximum energy demands is assumed to be constant, and
under the assumption we find the points where the optimal num-
ber of the MTU changes as shown in Fig. 4. Next, we find more
points by changing the ratio and the number, and finally we obtain
the border curves, surfaces, or hypersurfaces by connecting the
obtained points.

Equation~1! of finding one maximum energy demand is solved
by Brent’s algorithm@5#, which is one combining a bisection
method with a secant one using not differential values but only the
value of the functionf. The value of functionf is obtained by the
optimization problem formulated in the previous section. The
problem results in a mixed-integer linear programming one, and it
is solved by the GAMS~General Algebraic Modeling System!/
CPLEX solver @6#, which is a commercial one combining the
branch and bound method with the simplex method.

Fig. 4 Concept for solution method
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Numerical Study

Input Data. Cogeneration systems typically utilized in hotels
are investigated in these numerical studies. Energy demands are
estimated at each of 12 discrete daily sampling times on 5 repre-
sentative days in a year, i.e., winter, mid-season, summer, winter
peak demand, and summer peak demand days. As an example,

Fig. 5 shows the hourly energy demands on winter, mid-season,
and summer days in the hotel with the maximum electricity de-
mand of 400 kWh/h. The ratio of maximum demands of electricity
: space cooling : space heating and hot water is 1:1.2:1.6. In this
numerical study, it is assumed that the ratio of the maximum space
cooling demand to the maximum space heating and hot water ones
is fixed, whereas the ratio of the maximum electricity demand to
the maximum thermal energy one is changed. By this assumption,
the independent kind of the number of energy demands becomes
two, and consequently it is easy to understand results as two-
dimensional illustrations as shown in Figs. 3 and 4. At this point,
according to the change in the ratio of the maximum electricity
demand to the maximum thermal energy one, the demand pattern
shown in Fig. 5 changes linearly.

Representative values of performance characteristics and capi-
tal unit costs of equipment are summarized in Table 1. These data
are based on practical systems currently used in Japan. In Table 1,
the electrical generating efficiency, exhaust heat recovery effi-
ciency, and capital unit cost of the microturbine cogeneration unit
~MTU! are shown as parametershe, hh , anda, respectively. The
MTU investigated here is based on a unit of Capstone and its
capacity is 28 kW. The maximum output power and the electrical
generating efficiency at the rated load of this unit are dependent
greatly on intake air temperature. Figure 6 shows the relationships
between the intake air temperature and the maximum output
power or the electrical generating efficiency at the rated load of
this unit whenhe50.25 at 15°C. These data are based on mea-
surement data and catalogs of Capstone unit. An ambient air tem-
perature is adopted as the intake air temperature in these studies,
and the hourly ambient air temperature on each representative day
is shown in Fig. 7. The rates for purchased/reversed electricity and

Fig. 5 Hourly energy demands „hotel with maximum electricity
demand of 400 kWh Õh…

Fig. 6 Relationship between intake air temperature and maxi-
mum output power or electrical generating efficiency at rated
load

Table 1 Performance characteristics values and capital unit costs of equipment
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natural gas adopted in these studies are given in Table 2. These
rates are used in order to calculate the hourly energy chargeVt
and the annual customer/demand chargesG, including in Eq.~2!.
The rate for natural gas is a certain incentive one for the MTU in
Japan.

In evaluating the annual capital cost, it is assumed that the
interest rate, the ratio of salvage value, and the life of equipment
are 0.03, 0.1, and 15 y, respectively. Moreover, the maintenance
cost of the MTU is set to 2 yen/kWh.

Studied Cases. Concerning the parameters such as the elec-
trical generating efficiencyhe, the exhaust heat recovery effi-
ciencyhh , and the capital unit costa of the microturbine cogen-
eration unit~MTU!, the following four case studies are carried out
to investigate the economic feasibility of the microturbine cogen-
eration systems.

Case 1:he50.25,hh50.50, anda5250.03103 yen/kW
Case 2:he50.35,hh50.40, anda5250.03103 yen/kW
Case 3:he50.25,hh50.50, anda5150.03103 yen/kW
Case 4:he50.35,hh50.40, anda5150.03103 yen/kW
The values ofhe, and hh in cases 2 and 4 are ones for the

future improvement of the MTU’s performance characteristics,
and the values ofa in cases 3 and 4 are ones for the future initial
cost reduction of the MTU.

For all the above case studies, the relationship between the
optimal number of the MTU and the maximum energy demands
are surveyed using the method mentioned in the previous chapter.

Results and Discussion. First, Figs. 8–11 show maps ex-
pressing the relationship between the optimal numbers and the
maximum energy demands for cases 1–4, respectively, which are
obtained by calculating border curves for the optimal number of
the microturbine cogeneration unit~MTU! using the proposed
method. In these figures, the horizontal axis denotes the maximum
electricity demand, and the vertical axis denotes the maximum
thermal energy demands. Moreover, the range in which the opti-
mal number of the MTU does not change is hatched, and the
values in parentheses denote the total capacity of the MTU. Ac-
cording to Fig. 8, the border curves B to D on which the optimal
numbers of the MTU change are drawn like the letter L. This

result shows that the optimal number of the MTU depends only
the maximum electricity demand in the range where the maximum
thermal energy demands are large, and that it does only the maxi-
mum thermal energy demands in the range where the maximum
electricity demand are large. Moreover, the MTU is not installed
unless the maximum electricity and thermal energy demands are
larger than about 30 and 50 kWh/h, respectively. Besides, it is
found from Fig. 8 that the maximum optimal number of the MTU
is 4 ~total capacity is 112 kW! in the range where both the maxi-
mum electricity and the maximum space cooling demands are less
than 400 kWh/h. According to Fig. 9 for case 2 where the electri-
cal generating efficiency of the MTUhe are higher than case 1,
the border curves for the optimal number of the MTU are drawn
like the letter L as well as Fig. 8. However, the maximum optimal
number of the MTU is larger than that in Fig. 8, and it is 10~total
capacity is 280 kW! in Fig. 9. This result shows that the installa-
tion of the MTU is greatly promoted by the improvement ofhe.
Besides, the MTU can be installed even if the maximum thermal
energy demands are 0 kWh/h, when the maximum electricity de-
mand is larger than about 100 kWh/h. It is also found from Fig. 10
that in case 3 where the capital unit cost of the MTUa is lower
than case 1 the MTU can be installed even if the maximum ther-
mal energy demands are 0 kWh/h. However, the number of the
MTU for case 3 is fewer than that for case 2. This result shows
that the effect of the improvement by 10% ofhe on the promotion
of the installation of the MTU is larger than that of the reduction
by 1003103 yen/kW of a. According to Fig. 11 for case 4 where
he is higher than case 1 anda is lower than case 1, the optimal
number of the MTU depends almost only on the maximum elec-
tricity demand, and it is found that the installation feasibility of
the MTU is very high.

Fig. 7 Ambient air temperature

Fig. 8 Map expressing relationship between optimal numbers
and maximum energy demands „case 1 …

Table 2 Rates for purchase Õreversed electricity and natural gas
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Next, the relationships between the annual total cost and the
maximum electricity demand for various numbers of the MTU on
the lines connecting the origin and point A shown in Figs. 8–11
are shown in Figs. 12–15 for cases 1–4, respectively. The line
connecting the origin and point A corresponds the one on which
the ratio of the maximum electricity demand to the maximum
thermal energy one shown in Fig. 5 is constant. According to these
figures, it is found that the annual total cost for the optimal num-
ber of the MTU increase in almost proportional to the maximum
electricity demand. On the other hand, the annual total cost for the
fixed number of the MTU increases greatly with the maximum
electricity demand. Moreover, the difference between the annual
total costs for the optimal number of the MTU and 0 MTU in-
creases with the maximum electricity demand. Figure 16 shows
the reduction rate of the annual total cost for the optimal number

Fig. 9 Map expressing relationship between optimal numbers
and maximum energy demands „case 2 …

Fig. 10 Map expressing relationship between optimal num-
bers and maximum energy demands „case 3 …

Fig. 11 Map expressing relationship between optimal num-
bers and maximum energy demands „case 4 …

Fig. 12 Annual total cost „case 1 …

Fig. 13 Annual total cost „case 2 …
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of the MTU to that for 0 MTU, i.e., system without the MTU, for
cases 1–4. In this figure, the numerals over the lines denote the
optimal number of the MTU. According to this figure, it is found
that the reduction rate of the annual total cost for each case be-
comes large by installing the plural numbers of the MTU. How-
ever, the reduction rate of the annual total cost changes its value
hardly in the case where the optimal number is more than 4. Their
reduction rates in cases 1–4 are respectively about 4%, 11%, 7%,

and 18%, and it is found that the economic feasibility of the MTU
becomes high by improving the electrical generating efficiency
and reducing the capital unit cost.

Finally, Figs. 17–20 show the relationship between optimal
equipment capacities and the maximum electricity demand for

Fig. 14 Annual total cost „case 3 …

Fig. 15 Annual total cost „case 4 …

Fig. 16 Reduction rate of annual total cost

Fig. 17 Optimal equipment capacity „case 1 …

Fig. 18 Optimal equipment capacity „case 2 …

Fig. 19 Optimal equipment capacity „case 3 …
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cases 1–4, respectively. According to these figures, it is found that
the optimal capacities of the gas-fired absorption refrigerator
~RG!, the receiving device for electricity~EP!, and the gas-fired
boiler ~BG! decrease by increasing the optimal number of the
MTU, whereas the optimal capacity of the single-stage absorption
refrigerator~RW! increases. Moreover, when the optimal number
of the MTU is fixed, the optimal capacities of the RG, the BG, and
the EP increase with the maximum electricity demand, whereas
the optimal capacity of the RW decreases.

Conclusions
In this paper, the economic feasibility of the microturbine co-

generation systems has been evaluated by examining the relation-
ships between the optimal number of the microturbine cogenera-
tion units ~MTUs! and the maximum energy demands under
various conditions based on the proposed method which has been
able to illustrate the relationships as a map. Through the numerical
studies carried out on the systems installed in hotels, it has been
found that the improvement of the electrical generating efficiency
and the reduction of the capital unit cost of the MTU have greatly
promoted the installation of the MTU, and that the reduction rate
of the annual total cost by installing the plural numbers of the
MTU has been about 4%–18%.

Nomenclature

C 5 vector composed of constraint functions
d 5 annual operational hours, h/y
F 5 annual capital cost, yen/year1

f 5 minimum annual total cost, yen/year1

G 5 annual customer/demand charges, yen/year1

J 5 annual total cost, yen/year1

n 5 number of microturbine cogeneration unit
p, q, p8,
q8, q9, uI 8,
uI 9, ū8, ū9 5 performance characteristic values of a certain

piece of equipment

s 5 vector composed of maximum energy demands,
kWh/h

s 5 maximum energy demand, kWh/h
T 5 set of all the values oft through a year
t 5 index for a sampling time

u, v 5 input and output energy flow rates of a certain
piece of equipment, respectively, which are ele-
ments of vectory, Nm3/h, kWh/h

V 5 hourly energy charge, yen/h1

x 5 vector composed of continuous variables for
equipment capacities and utility maximum con-
tract demands, kW, Nm3/h

x 5 capacity of a certain piece of equipment, which
is an element of vectorx, kW

y 5 vector composed of continuous variables for
energy flow rates, Nm3/h, kWh/h

z 5 vector composed of binary and integer variables
for on/off status of operation of equipment and
the number of active microturbine cogeneration
units, respectively

a 5 capital unit cost of microturbine cogeneration
unit, yen/kW1

d 5 binary variable expressing on/off status of opera-
tion of a certain piece of equipment, which is an
element of vectorz

he 5 electrical generating efficiency of microturbine
cogeneration unit

hh 5 exhaust heat recovery efficiency of microturbine
cogeneration unit

l 5 integer variable expressing number of active
microturbine cogeneration units in a single sam-
pling time, which is an element of vectorz

j 5 discrete variable equal to product ofx andd
~I!, ~̄ ! 5 lower and upper limits

Equipment Symbols„Subscripts…

EP 5 device for purchasing and reversing electricity
MTU 5 microturbine cogeneration unit

RW 5 single-stage absorption refrigerator
RG 5 gas-fired absorption refrigerator
BG 5 gas-fired boiler
RD 5 radiator

Subscripts

n 5 number of microturbine cogeneration unit
s 5 vector composed of maximum energy demands
t 5 index for sampling time
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Economic and Performance
Evaluation of Heat Sink Options in
Combined Cycle Applications
This paper is a guideline to selecting the most appropriate technology for the power plant
heat sink based on water availability, site location, and wastewater disposal requirements.
The paper discusses wet as well as dry cooling systems and evaluates the impact of the
heat sink technology on the performance and cost of combined cycle power plants. Co-
generation applications and cycling plant operations are also considered. For each pro-
posed option, the performance, relative costs, and noise issues will be presented.
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Heat Sink Technologies
In accordance with the laws of thermodynamics, a steam cycle

rejects heat at a temperature that is much lower than the tempera-
ture at which heat is added. A power plant that dissipates heat at
the lowest possible temperature will maximize cycle efficiency
and minimize the amount of heat rejected. For combined cycles,
the heat dissipation scheme to the environment consists of a steam
surface condenser and/or a wet or dry cooling system. This pack-
age is referred to as the heat sink. Typical heat sink technologies
in combined cycle applications include the following:

• Wet Cooling Technologies
- Wet cooling tower
- Once-through cooling system

• Dry Cooling Technologies
- Direct dry cooling system~Air-Cooled Condenser!
- Indirect dry cooling system~Heller system!

• Hybrid Cooling Technology
- Wet-dry cooling system~Wet Surface Air Cooler!

Wet Cooling Tower. The heat of condensing steam is re-
moved in a shell and tube heat exchanger by a continuous loop
circulating water system. The hot water is then cooled by evapo-
ration in contact with air in a tower, and the heat of evaporation is
dissipated into the atmosphere. Figure 1 shows a typical flow
diagram for a wet evaporative cooling tower. Theoretically, the
lowest heat sink temperature achievable with a wet cooling tower
is the ambient air wet bulb temperature. Because of inefficiencies
in the cooling process, the cooling tower can only approach the
wet bulb temperature. The closer the wet bulb is approached, the
larger and more expensive the cooling tower becomes. Apart from
the steam condensing heat load, other auxiliary cooling loads are
also dissipated in the wet cooling tower.

Makeup water for this heat sink option is required to compen-
sate for evaporation, blowdown, and drift losses from the cooling
tower. Chemicals are added to the cooling tower forebay to con-
trol circulating water pH, scale/corrosion, and biological growth.

Once-Through Cooling. A once-through cooling system uses
cold water from a nearby river, lake, or ocean and circulates it
through the condenser to remove condensation heat and returns
the hot water to the source. Because of the lower heat sink tem-
perature relative to a wet cooling tower, once-through cooling is
the most efficient cycle heat rejection system design. Figure 2

shows a typical flow diagram for a once-through cooling system.
The heat sink condensation temperature depends on the tempera-
ture of the coldwater source. Specially designed intake and outfall
structures are required to direct the cooling water from the source
to the power plant and then back to the source again. The water is
first channeled through an intake structure where screening equip-
ment prevents trash and debris from reaching the main circulating
water pumps. Flow straightening elements designed to provide
streamlined flow to the pumps are also contained in the intake
structure. The design of the intake structure must also account for
changes in the water level due to seasonal or tidal variations. After
flowing through the condenser, the hot water is returned to the
environment through an outfall structure designed to discharge the
water at an optimal velocity and within the thermal discharge
limit.

Direct Dry Cooling With an Air-Cooled Condenser. Dry
cooling systems transfer heat by convection and radiation instead
of evaporation as in wet cooling. This typically results in higher
heat sink temperatures and lower cycle efficiencies relative to wet
towers. This is because the heat transfer process removes latent
heat from the condensing steam to the sensible heat of the ambient
air. The ambient dry bulb temperature controls the condensing
temperature and pressure achievable with dry cooling. This is al-
ways higher than the wet bulb temperature, which is the control-
ling variable for the wet towers. In an air-cooled condenser
~ACC!, the condensing heat is dissipated directly into the atmo-
sphere without using an intermediate medium such as cooling
water. Figure 3 shows a typical flow diagram for an ACC. In this
arrangement, the steam exhausting the turbine is piped to the con-
denser by a large diameter duct. The steam condenses in the air-
cooled tube bundles. The fin tube bundles are mounted in an
A-frame configuration and mounted on a steel structural support.
The steam enters the tube bundles at the top of the A frame and
condenses in the tube. The heat is removed by air blown over the
exterior of the tube bundle surface by a forced draft fan. Noncon-
densibles are drawn off by air ejection equipment. The condensate
drains into a collection tank and is then sent back to the heat
recovery steam generator’s~HRSG’s! feedwater system.

Indirect Dry Cooling System „Heller…. The indirect dry
cooling system uses circulating water~steam condensed to water!
to transfer the condensation heat to the air-cooled heat exchanger
bundles. Cooled water from the dry cooling tower flows back to a
jet condenser causing the turbine exhaust steam to condense. The
direct contact between the circulating water and the condensing
steam results in a small condenser volume. The ambient dry bulb
controls the heat sink temperature in this arrangement. Because
the indirect system requires the use of two heat transfer processes
~steam condenser and air-cooled heat exchangers!, the logarithmic
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mean temperature difference~LMTD ! for the overall heat transfer
process is lower than that for the direct dry cooling system. This
can only be compensated for by using a larger cooling surface,
increased cooling airflow, or both. Figure 4 shows a typical flow
diagram for an indirect dry cooling system.

The circulating water is condensate quality and is circulated in
a closed system. The circulating water pumps are equipped with
hydraulic energy recovery turbines to recuperate the excess head
in the return header from the dry cooling tower. The power recov-
ered by the hydraulic turbines provides part of the pumping power
for the circulating water pumps. The indirect dry cooling system
incorporates large underground storage tanks to drain the system
for maintenance purposes.

Wet-Dry Cooling Tower „Wet Surface Air Cooler…. The
wet surface air cooler~WSAC! condenses the steam inside tube
bundles that are constantly oversprayed with water from the cool-
ing tower basin. The process heat is released to the cascading
water and is then transferred from the water to the air stream by
vaporization. Motor-driven fans induce airflow over the sprayed
tube bundles and discharge the humidified air vertically. Primary

cooling is achieved by evaporating the spray water into the air
stream. The ambient air wet and dry bulb temperatures control the
heat sink temperature. Figure 5 shows a typical flow diagram for
a WSAC.

Selection of Heat Sink Technology
The selection of the heat sink technology should be initiated in

the early stages of project development. The elements that signifi-
cantly affect the selection of the heat sink and the overall power
plant performance and cost include:

• Availability and quality of water
• Disposal of water
• Site configuration

Once the heat sink option has been selected, its performance
can be optimized based on historical weather data for the wet bulb
~relative humidity! and dry bulb temperatures at the site. Equip-
ment design parameters such as temperature approaches are then
determined in order to achieve maximum cycle efficiency at the
lowest cost.

Availability and Quality of Water. A simplified overview of
the heat sink technology selection process based on water avail-
ability is presented in Fig. 6.

If a source of water is identified and abundant cooling water is
available, the preferred choice should be a once-through system or
a wet cooling tower, depending on site configuration.

The quality of makeup water, used in cooling tower applica-
tions, is another parameter to be taken into consideration. The
following makeup water quality and quantity issues need to be
addressed during the design of the power plant:

• Characteristics of the makeup water—quantity and quality
• Variations in required flow due to different heat rejection

loads
• Seasonal variations in water characteristics

The relative cost~capital and operating! of treating various
sources of makeup water is shown in Fig. 7. The analysis uses low
total dissolved solids~TDS! water~e.g., well water with less than
a 1000 mg/l of total dissolved solids! as the basis of comparison
for the relative cost of water treatment. The assessment indicates
that use of either agricultural or industrial wastewater will cost

Fig. 1 Typical flow diagram for a wet evaporative cooling
tower

Fig. 2 Typical flow diagram for a once-through cooling system

Fig. 3 Typical ACC flow diagram
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about 2–2.5 times more than low TDS water. Recovering cost of
gray water or black water for heat sink use is up to twice the cost
of low TDS water because of the complexity of the purification
equipment required. Seawater used for once-through systems will
also be approximately 25% more expensive than the base case due
to the screening, filtration, and chlorination process.

Disposal of Wastewater. Another economic consideration is
the relative cost of wastewater disposal~blowdown from cooling
tower! after the wastewater has been concentrated in a wet cooling
tower. The options for wastewater discharge depend on the plant
location and the local regulations. Wastewater discharge options
include stream discharge, creek discharge, sewer discharge,
evaporation ponds, and zero discharge. For the once-through heat
sink type, the returning sea or river hot water could be considered
as wastewater. There are severe permitting limitations on its ther-
mal discharge temperature and amount. The restrictions can be
serious enough to require a reevaluation of the feasibility for this
option.

Fig. 4 Typical flow diagram for a Heller system

Fig. 5 Typical WSAC flow diagram

Fig. 6 Heat sink selection process based on water availability
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The results of a cost analysis conducted to assess the relative
cost ~capital and operating! of wastewater disposal are summa-
rized in Fig. 8. The analysis uses the cooling pond as the basis of
comparison for the relative cost of water treatment.

From the analysis, the ‘‘zero discharge’’ option is the most ex-
pensive and could cost as much as four times more than the cool-
ing pond option. Therefore, the zero discharge option should be
used only where stringent environmental laws require it. Success-

Fig. 7 Cost of makeup water sources for heat sink options relative to low TDS water

Fig. 8 Cost of wastewater disposal for heat sink options relative to an impoundment system

400 Õ Vol. 127, APRIL 2005 Transactions of the ASME

Downloaded 02 Jun 2010 to 171.66.16.98. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



ful removal of contaminated water for zero discharge conditions
involves very complex hardware and systems integration pro-
cesses. Other disposal alternatives, such as discharge to water
treatment plants, are at least twice the basic cost due to associated
cost of the water treatment.

Site Configuration. Each heat sink option has specific layout
requirements. For mechanical draft wet cooling towers, spacing
and orientation affect thermal performance due to re-circulation
and wind direction. Rectangular cooling towers are oriented par-
allel to the prevailing wind so that the exit air is blown away from
the inlet.

Once-through cooling systems must be located near a large
natural body of water. If the source for the body of water is not
nearby, the necessary extended lengths of circulating water piping
and larger pumps will increase the equipment cost as well as
parasitic pumping power. Under such conditions, a detailed evalu-
ation should be conducted to confirm the viability of this option.

Direct and indirect dry cooling systems require a large amount
of space. Their location within the site perimeter should avoid
restrictions to the inlet airflow.

Air-cooled condensers should be located close to the turbine
building to minimize the pressure drop between the steam turbine
and the condenser, reducing steam duct cost and improving cycle
efficiency. In general, ACCs require a large, symmetrical plot
space to accommodate their rectangular shape. Any irregular lot or
unusual site requires creative and unconventional solutions.

Cycling and Cogeneration Considerations

Cycling Considerations. The merchant plant concept implies
that electric power must be supplied to the grid only when it is
commercially justifiable. Such requirements must typically be met
on very short notice. Therefore, these plants need to be started up
quickly and should have flexible operating ranges. Merchant
plants are normally in cycling service, which can be considered
part-load operation or daily on/off operation. Heat sink consider-
ations for a cycling plant require special features as described
below:

• Use an auxiliary boiler to sparge the condenser hotwell to
prevent the condensate from subcooling

• Maintain condenser vacuum during periods of shutdown
• Use a cooling tower bypass to shut-off cells for low load

operation
• Use pre-coat condensate treatment~condensate polisher! with

ACC, which may have large surface areas of carbon steel in
contact with steam and condensate

• Include provisions to control all heat sink fans from the con-
trol room

Cogeneration Applications. Cogeneration is the simulta-
neous production of electrical and thermal energy. Cogeneration
plants must also consider the quality and quantity of water re-
turned to the power plant from the process. Depending on the
quality of the returned water, further deaeration and chemical
treatment may be necessary. If all the exported water is not re-
turned, additional cycle makeup will be required. An external de-
aerator will be required if the total cycle makeup exceeds 3%–
5%.

Comparative Analysis

Comparative Analysis of Heat Sink Technologies. To as-
sess the impact of different heat sink options, a combined cycle
plant computer model was developed using a standard, commer-
cially available simulation package~Thermoflow, Inc. software!.
The base case for this comparison of different heat sink technolo-
gies is the wet cooling tower. In our modeling, the plant configu-
ration and ambient conditions were maintained identical for all
cases. The only variations allowed were due to the changes in the
heat sink design parameters. The selected configuration includes

two gas turbines, two HRSGs, and one steam turbine~23231!.
No steam extraction from the cycle was considered. No restric-
tions on either the water availability or the site configuration was
considered in the model. In calculating net power output and heat
rate, the specific auxiliary loads associated with each type of heat
sink option were subtracted. Plant thermal performance was
evaluated by the different condensing pressures resulting from
each particular heat sink technology. A higher backpressure results
in a lower power output and worse heat rate. The heat dissipation
capability of each of the technologies is dependent on ambient
conditions. The thermal performance is dependent on the wet bulb
temperature for the wet cooling tower and is related to dry bulb
temperature for the ACC and indirect dry cooling tower. For the
once-through condenser using river or seawater, the heat sink tem-
perature for the process is the river or seawater temperature. To
produce meaningful results for the comparison, design parameters
for condensing and/or heat dissipation equipment sizing, such as
approach temperatures, rise, and other applicable criteria, are
based on industry trends. The results of the analysis for the ther-
mal performance and associated cost on a comparative basis are
illustrated in the bar chart format.

Condenser Pressure. Figure 9 presents the expected back-
pressures for each heat sink option. The results are relative, based
on the wet cooling tower backpressure equal to 1. A WSAC will
have the same backpressure as the wet cooling tower at the same
ambient wet bulb temperature. Under these conditions, a plant
substituting an ACC or a indirect dry cooling tower for a wet
tower will have a backpressure that is approximately 2.1 times
higher, because the ACC and indirect dry cooling towers are gov-
erned by the dry bulb temperature. In contrast, a once-through
condenser will have a backpressure that is about 40% lower than
the base case.

Electrical Power Output. The electrical power output com-
parison in Fig. 10 shows that the net output is higher at lower heat
sink temperatures with corresponding backpressures. The com-
parison indicates that ‘‘dry options,’’ such as ACC and indirect dry
cooling systems, are about 4%–5% lower in power output com-
pared with a wet cooling tower. Direct use of cooling water as
shown in the once-through condenser could yield approximately
2% more power output.

Heat Rate. The impact on the net plant heat rate is shown in
Fig. 11. A once-through condenser option will have about 2%
better heat rate than the wet cooling tower. For this option it
should be emphasized that, in addition to lower condensing pres-
sure and temperature, the auxiliary loads are relatively smaller.
The net plant heat rate of dry tower options such as ACC and
indirect dry cooling systems can be about 5% worse than that of
the wet cooling tower.

Fig. 9 Condenser pressure comparison relative to a wet cool-
ing tower
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Makeup Water. An additional comparison of the use of
makeup water is given in Fig. 12. The reference to makeup water
in this paper is related only to the needs of the water as cooling
media and not as the power plant cycle makeup. As expected, the
indirect dry cooling system and ACC do not use any water. In a
once-through condenser, the cooling water, in an open loop con-
figuration, uses approximately 46 times more water than a wet
cooling tower, where the water is cooled and recycled.

Total Installed Cost. The total installed cost for each of the
options is given in Fig. 13. Installed costs for once-through de-
signs may vary, depending on the distance to the water source
from site location. The cost of the wet cooling tower includes a
separate surface condenser.

Dry heat sinks are about three to four times more expensive
than the conventional wet cooling tower/surface condenser com-
bination. The differential between Heller and the ACC installed
costs depends on the particular design being considered~e.g.,
natural draft or mechanical draft Heller versus ACC!. The once-
through option is about 40% less expensive than the wet cooling
tower.

Advantages and Challenges of Heat Sink Technologies
The advantages and challenges of each heat sink option com-

pared with the wet cooling tower are summarized in Table 1.

Once-Through System. The advantages of this system are
lower installed costs, lower operating costs, lower auxiliary loads,
and a higher cycle efficiency compared with a wet cooling tower.
The challenges of this design include higher makeup water re-
quirements, complexity of intake and outfall structure design, and
limitation on thermal discharge.

Wet Cooling Tower. The current trend in the fossil power
industry is to use wet cooling towers if sufficient water is avail-
able year round at site. Because this design is often used in power
plants, it is considered the base case for the purposes of discussion
in this paper.

Fig. 10 Net electrical power output comparison relative to a
wet cooling tower

Fig. 11 Net plant heat rate comparison relative to a wet cool-
ing tower

Fig. 12 Makeup water usage comparison relative to a wet
cooling tower

Fig. 13 Total installed costs comparison relative to a wet cool-
ing tower

Table 1 Advantages and challenges of heat sink options

Wet cooling tower Once-thru ACC Heller WSAC

⇒ Base Installed cost ⇒ Lower ⇒ Higher ⇒ Higher ⇒ Almost same
⇒ Base aux. loads ⇒ Lower ⇒ Higher ⇒ Higher ⇒ Lower
⇒ Base cycle efficiency ⇒ Higher ⇒ Lower ⇒ Lower ⇒ Same
⇒ Base noise ⇒ Lower ⇒ Higher ⇒ Higher ⇒ Lower
⇒ Base land usage ⇒ Lower ⇒ Higher ⇒ Higher ⇒ Higher
⇒ Base make-up water usage ⇒ Higher ⇒ Lower ⇒ Lower ⇒ Almost same
⇒ Base wastewater disposal

requirements
⇒ Higher ⇒ Lower ⇒ Lower ⇒ Lower

⇒ Base chemical usage ⇒ Lower ⇒ Lower ⇒ Lower ⇒ Almost same
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The advantages of this system are moderate installed and oper-
ating costs, auxiliary loads with moderate makeup water require-
ments, and relatively good cycle efficiency. The challenges of this
design include cooling tower blowdown disposal, plume forma-
tion at colder ambient temperatures, and disposal of any wastes
~such as sludges! which may result from treatment of the makeup
water.

For wet cooling towers, plume formation and blowdown dis-
posal are major concerns. To solve the plume problem, the wet
cooling tower manufacturers have developed systems to abate its
formation. However, below certain ambient temperatures, the
abatement process becomes ineffective and the plume reappears
and gradually increases in size.

Dry Cooling With Air-Cooled Condenser. The advantages
of this system are that water usage requirements are minimal and
that no issues are associated with blowdown disposal and plume
formation. The challenges of this design are higher installed costs,
relatively higher noise emissions, larger footprint, and lower cycle
efficiency than the base case~wet cooling tower!.

Indirect Dry Cooling System. The advantages of this system
are lower auxiliary loads and lower noise for natural draft-type
Heller systems, minimal water usage requirements, and absence of
issues associated with blowdown disposal and plume formation.
The challenges of this design are higher installed costs, relatively
larger footprint, and lower cycle efficiency. An increased quantity
of oxygen scavenger is also required because the jet condenser
achieves an oxygen level of only 15–20 ppb in the condensate,
which is higher than the typical values seen in a deaerating con-
denser. The challenges of a mechanical draft-type Heller system
includes higher auxiliary loads and higher noise.

Wet Surface Air Cooler. The advantages of this system are
lower auxiliary loads, low noise, and slightly lower water usage
requirements. The wet surface air cooler has a direct temperature
approach to the wet bulb. This provides more efficient cooling
than an ACC, which has an approach to the dry bulb temperature.
At this time, this technology is not widely accepted in power plant
applications.

Conclusion
The heat sink option is often governed by factors such as site

configuration, availability of water, and water disposal. The heat
sink option selection process should be initiated in the early stages
of project development to take these factors into account.

The plant performance in terms of power output and efficiency
is best for the once-through option and worst for the indirect dry
cooling system. The installed cost is highest for the ACC, closely
followed by the indirect dry cooling system unit and lowest for
the once-through system. The highest amount of make-up water
will be consumed by the once-through option, while the indirect
dry cooling system will consume the least. The probability of
plume formation is greatest for the wet cooling tower option,

whereas it is almost zero for the dry cooling systems such as ACC
and Heller. The noise level is highest for the ACC, while it is
almost zero for the once-through system. The wet cooling tower
will generate the most wastewater for disposal, while dry systems
such as ACC and indirect dry cooling will produce almost zero
wastewater for disposal. The amount of real estate space needed is
greatest for the indirect dry cooling option and least for the once-
through system.

The relative cost of make-up water and the cost of wastewater
disposal are also important considerations in the selection of heat
sink options. The plants using black water or industrial wastewa-
ter have much higher costs. An expensive alternative for waste-
water disposal will be zero discharge, with a disposal cost possi-
bly four times that of a cooling pond.

The selection of a heat sink option is often site specific and is
based on variables that include water availability, site configura-
tion, water disposal, ambient conditions, level of target power
output, anticipated hours of operation, Power Purchase Agreement
structure, and Owner’s economic evaluation factors for plant out-
put, heat rate, and operations and maintenance costs.

While it is difficult to make any specific recommendations, the
following conclusions would be valid for a majority of situations:

• For sites with scarce water resources, dry cooling systems
such as the ACC and indirect dry cooling options will most
likely be the preferred choice.

• For regions with adequate water availability and provisions
for water disposal, wet cooling systems such wet cooling
tower and WSAC will most likely be the preferred choice.

• For sites with a nearby river, ocean, lake, etc., once-through
and/or wet cooling tower will be the option of choice.

• For regions near residential areas where noise is an issue,
ACC may not be preferred.

• For peaking applications where electricity can be sold at a
high price, once-through or wet cooling tower may offer a
reasonable solution.

• For sites with limited water availability, parallel condensing
systems consisting of an ACC and a wet cooling tower may
be considered.
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Nomenclature

ACC 5 air cooled condenser
CW 5 circulating water

LMTD 5 logarithmic mean temperature difference
TDS 5 total dissolved solids

WSAC 5 wet surface air cooler
HRSG 5 heat recovery steam generator
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Cogeneration System Simulation
and Control to Meet Simultaneous
Power, Heating, and Cooling
Demands
Gas turbines are projected to meet increasing power demand throughout the world. Co-
generation plants hold the promise of increased efficiency at acceptable cost. In a general
case, a cogen plant could be able to meet power, heating and cooling demands. Yet those
demands are normally uncoupled. Control and storage strategies need to be explored to
ensure that each independent demand will be met continuously. A dynamic model of a
mid-capacity system is developed, including gas and steam turbines, two heat recovery
steam generators (HRSG) and an absorption-cooling machine. Controllers are designed
using linear quadratic regulators (LQR) to control two turbines and a HRSG with some
novelty. It is found that the power required could be generated exclusively with exhaust
gases, without a duct burner in the high-pressure HRSG. The strategy calls for fuel and
steam flow rate modulation for each turbine. The stability of the controlled system and its
performance are studied and simulations for different demand cases are performed.
@DOI: 10.1115/1.1789993#

Introduction
In the present work we address how a cogeneration system can

be controlled to satisfy transient power, heating and cooling de-
mands, which are essentially independent of each other. The in-
creasingly used@1# Brayton cycle discharges waste heat of con-
siderable exergetic value. Hence, cogeneration schemes@2–7#
have been studied, leading to the combination of Brayton and
Rankine cycles@8#, where the waste heat from the Brayton cycle
drives the Rankine cycle. In some applications, some of the waste
heat is used to cool the inlet air for the gas turbine, resulting in
increased power output, but not in increased generating efficiency
@6#.

In cogen systems the products of combustion are used at high
temperature by one component or cycle, and reject heat is used at
progressively lower temperatures by other components. Each
component in the energy cascading chain must be working at
design. The transient nature of utility demand negates, in most
cases, the possibility that all subsystems will work constantly at
their design capacity. Clearly, the goal should be to fully use every
unit of fuel to satisfy demand, but this may not always be pos-
sible, even if storage of some type of energy is adopted@4#. Some
fuel use as backup may be called for. The issue of controlling
thermal systems comprising multiple components has been ad-
dressed in the literature@2,3,7#. Generally, it was concluded that
power-generating systems can respond to faults effectively, and
that also they can follow loads within specified limits.

The system considered here provides power, heat, and cooling
~Fig. 1! and it is somewhat more complex than previously studied
power-generating facilities. A gas turbine supplies power to a user
and the exhaust gas produces high-pressure steam to run a steam
turbine. Low-pressure steam serves a thermal demand and, via an
absorption machine, a cooling demand. As far as power genera-
tion goes, the system under consideration is not unlike a medium-
capacity cogeneration system that could be installed in an indus-

trial concern or small city. The low-pressure HRSG with two
independent users is not commonly found, and to ascertain its
feasibility and control is part of the thrust of this work.

In what follows, we describe the models and controls adopted
for each component and how each element was integrated into a
system. We also explain how we selected different loads, attempt-
ing to reflect demand profiles commonly found. We complete
simulations at different ambient temperatures and with different
parameters. The ability of each subsystem to respond to changes
in loads or to store energy is studied.

Plant Models
In the system schematic~Fig. 1!, we describe each stream with

a number. In the gas turbine, the power production rate~1! is
determined by the mass flow rate of natural gas~2! and the posi-
tion of the Inlet Guide Vanes~IGVs!. Controlled variables are the
rotational speed~3! and the exhaust gas temperature~5!. The
former two determine the amount and rate of potential heat recov-
ery. The exhaust gas stream~5! flows to HRSG I, where the su-
perheated steam stream~6! necessary to activate the steam turbine
is produced. The steam turbine produces power~7!, and the low-
pressure exit steam~8! flows to the condenser. After condensation,
the water is returned to HRSG I. The combined power production
from both turbines meets the total electric power demand.

The exhaust gas from HRSG I~9!, flows to the low-pressure
HRSG II. A design capacity of 16 kg/s of steam was adopted for
the former, whereas lower capacity of 4 kg/s was adopted for the
latter. The capacities depend on the selected steam pressure levels
and could change responding to design optimization, not at-
tempted here. The steam generated by HRSG II is used to cover
the steam requirements of the absorption-cooling machine and of
a process heat consumer. The cooling machine provides air con-
ditioning to a load with a time profile akin to those of office
buildings, whereas the steam demand varies stepwise in time.
Hence, various intermittent process heating operations, such as
drying or water heating, are simulated.

A burner is added to the second HRSG for those instances when
the exhaust gas mass flow rate is not large enough to meet the

Contributed by the International Gas Turbine Institute~IGTI! of THE AMERICAN
SOCIETY OF MECHANICAL ENGINEERSfor publication in the ASME JOURNAL OF
ENGINEERING FOR GAS TURBINES AND POWER. Paper presented at the Interna-
tional Gas Turbine and Aeroengine Congress and Exhibition, Atlanta, GA, June
16–19, 2003, Paper No. 2003-GT-38840. Manuscript received by IGTI, Oct. 2002;
final revision, Mar. 2003. Associate Editor: H. R. Simmons.
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requirements of the HRSG. Each component is modeled and con-
trolled separately. The models are invalid for startup or shutdown
transients.

Gas Turbine. The gas turbine model is based on the work of
Camporeale@9,10#. In general, the ratio of the Laplace transform
of the output to the Laplace transform of the input of a plant
depends on the parameters of the plant and on the value of the
transform variables. Since the gas turbine model has two inputs,
namely, fuel mass flow rate and IGV position, and two outputs,
namely, angular velocity and exhaust temperature, either input can
influence either output. The two inputs and two outputs in the gas
turbine model will have four transfer functions that are presented
in a 232 transfer matrix~Eq. ~1!! @11–13#.

F~s!5S ÃGT~s!

ṁf~s!

ÃGT~s!

r IGV~s!

TGT~s!

ṁf~s!

TGT~s!

r IGV~s!
D (1)

The transfer functions in thes plane readily yield insights into
gas turbine stability and response to simple inputs. Yet, the model
presents multiple outputs and multiple inputs, which are better
handled for optimization purposes in the state-space representa-
tion. Hence, the model of Eq.~1! was translated into state space.

Minor changes were made to the original model proposed by
Camporeale@14#, allowing larger air and fuel mass flow rates,
adjusted to meet the efficiency and rotational inertia of the se-
lected turbine. An additional feature in the present model allows
simulation of the effect of ambient temperature on power produc-
tion.

Steam Turbine. The steam turbine model is a simplified ver-
sion of the gas turbine one. In the steam turbine, the angular
velocity is of importance, but the exhaust temperature is not.
Then, the exhaust temperature state was eliminated from the tur-
bine model, resulting in a SISO system@15#, where the only input
is the power generated, and the only output is the rotational speed.
The mass of steam is considered a disturbance~in a control sense!
introduced by the HRSG I in order to maintain its steam tempera-
ture and pressure at the set point as it will be explained later on.
Model parameters were adjusted to obtain a realistic time re-
sponse to a step input.

HRSG I and II. Detailed HRSG simulation is difficult, for
the attending heat transfer equations are nonlinear. In addition,
each pressure level within the HRSG requires an economizer tube
bundle for preheating the condensate, an evaporator bundle, and a
superheater bundle to ensure dry steam output. Each section of the
HRSG is connected to the same drum, and there is a drum for
each pressure level. The difficulty of modeling a HRSG lies on the

counter flow nature of the arrangement, and the complexity ensu-
ing from the arrangement required the simplifying assumptions
below.

Applying the First Law of Thermodynamics and assuming
overall constant vapor quality in the HRSG we get@14#

Q̇5MHRSG
dTH

dt
1ṁs,e~he2u1,sat!1ṁs,i~u1,sat2hi ! (2)

The rate of heat transfer from the gas to the steam is a function
of the heat transfer coefficients for each HRSG section, and of the
temperature difference for each section. Modeling this complex
situation has proven difficult in some studies, even at steady state
@6,16#, and consequently, a simplification was sought. It was rea-
soned that when steady-state conditions apply, the evaporator
pinch ~i.e., the temperature difference between the gas and the
steam at the evaporator section gas exit! determines the amount of
steam produced. If this pinch increases, heat transfer rates will
increase for the three sections of the HRSG, and the converse will
occur if it decreases. Hence, the HRSG capacity was simply made
a function of the pinch, namely,

Q̇5UA~Tgp2Tevap! (3)

whereTgp is the vaporization temperature of the steam, which is
the variable to be controlled in order to maintain the steady-state
pressure. The gas temperature at the pinch is calculated by the
following equation, which represents the HRSG energy balance:

Tgp5
ṁs,e~he2h1,sat!

ṁgcpg
1Tgi (4)

In forced convection applications, the convective heat transfer
coefficient is proportional to the 0.8 power of the flow rate, if the
flow is turbulent. Assuming this to be the case, and factoring in
the fact that the gas side tends to control the heat transfer rate, we
obtain finally,

Q̇5kṁg
0.8S ṁs,e~he2h1,sat!

ṁgcpg
1Tgi2TevapD (5)

Rearranging terms we arrive at

Q̇5
kṁg

0.8ṁs,e~he2h1,sat!

ṁgcpg
1kṁg

0.8Tgi1kṁg
0.8Tevap (6)

Combining Eqs.~2!, ~5!, and~6! yields,

MHRSG
dTevap

dt
1ṁs,e~he2u1,s!1ṁs,i~u1,s2hi !

5
kṁg

0.8ms,e~he2h1,sat!

ṁgcpg
1k•ṁg

0.8Tgi2 k̇ṁg
0.8Tevap (7)

The simplification embodied in Eq.~3! results in a SISO system
where the only state is the steam evaporation temperature for each
HRSG I and II. For HRSG I the only input is the mass of steam
released to the steam turbine, and it presents two different distur-
bances that are the mass flow of gas from the gas turbine and its
temperature. The rest of the coefficients were assumed to be con-
stants, namely, their calculated values at design conditions were
adopted. For HRSG II the input is the mass flow rate of exhaust
gas, and the mass of steam delivered to users and chiller and the
exhaust gas temperature are considered control disturbances.

In order to be able to apply linear control theory, it is necessary
to linearize Eq.~7! about the design values for both HRSGs. The
linearization yields two first-order differential equations for each
HRSG of the form,

MHRSG•cHRSG

dTevap

dt
1K1Tevap5K2ṁs,e (8)

Fig. 1 Cogeneration plant diagram
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Absorption Cooling Machine and Condenser. A first-order
model is implemented for the capacity of the absorption machine,
namely:

dqAM

dt
1k1qAM5k2ṁs (9)

Also, the condenser model responds to ambient temperature in
a first-order fashion

dmsDh

dt
1k3 ṁs Dh5qC~Ta! (10)

As the ambient temperature rises, the condensed steam flow
decreases, because the capacityqc decreases with increasing am-
bient temperature. Hence, the capacity of the steam turbine can be
limited by that of the condenser in our model, and some steam can
occasionally be derived to the absorption machine or to the steam
user.

Control Strategy
Controllers were designed for each component, and their stabil-

ity was studied. The reader may recall that the zeros of the de-
nominator of any transfer functions are called poles, and that the
pole locations determine stability.

Turbines. The variables to be controlled in the gas turbine are
the rotational speed and the exhaust gas temperature, and in the
steam turbine the rotational speed. The rotational speed must be
controlled closely. Similarly, the exhaust gas temperature must be
controlled for acceptable HRSG performance. The gas turbine op-
erational variables are affected by the change in the power load.

An LQR ~linear quadratic regulator! @11,13# was designed and
enhanced with an integral control@6#. The LQR is a control ap-
proach that minimizes an objective function, the latter being made
up of states and of controlling forces. For instance, a state variable
is the rotational speed of the turbine, and a controlling force is the
fuel flow rate. The designer can specify the weight assigned to the
states and to the forces, and the LQR algorithms will minimize the
temporal integral of deviation from set points plus forces, each
weighted as desired by the user. In our case, the rotational speed
and fuel flow rate are given much more weight than the IGVs or
exhaust temperatures.

The LQR then controls multiple process variables to minimize
an objective function. In our case, the LQR varies the fuel mass
flow rate and the position of the IGVs to keep controlled variables
at their set points without steady state error, while minimizing the
error and the total fuel mass into the unit. The response of the
LQR controlled gas turbine to a step input is shown in Figs. 2 and
3. The response is calculated for simple state feedback and for

state feedback with an integral controller that integrates the error
over time and allows the LQR to correct for the integrated
magnitude. Similar responses for the steam turbine are shown in
Fig. 4.

HRSG I and II. The HRSG I receives the exhaust gases from
the gas turbine with variable temperatures and mass flow rate.
Since the mass flow rate and the temperature are subject to
change, also the pressure and temperature of the steam will oscil-
late depending upon the power demand if all the other variables
are kept constant. To keep the HRSG I and II pressures constant,
a prescribed steam temperature is set for each.

In the present configuration, HRSG I accepts the total flow of
exhaust gases. In contrast, the gas flow into HRSG II can vary. A
proportional integral controller is designed for both HRSGs in
order to control the steam temperature. In the case of the HRSG I,
the controller varies the steam outflow to keep constant tempera-
ture. For HRSG II, the controller varies the input gas flow. The
root-locus technique was used to determine the integral and pro-
portional gains. Both proportional, and proportional-integral con-
trols were studied. The response to a unit step input can be seen in
Fig. 5 for HRSG I and in Fig. 6 for HRSG II.

Absorption Cooling Machine. Depending on the cooling de-
mand, the capacity of the absorption-cooling machine will have to
vary; therefore, a controller was designed to determine the mass
flow rate of steam needed to cover the cooling demand.

First-order models call for a two-pole controller to meet ramp
loads with zero steady-state error@14#. Hence an open-loop trans-
fer function with two poles at zero in thes plane is adopted for the

Fig. 2 Exhaust gas temperature variation to a 20% decrease of
the power demand

Fig. 3 Rotational speed variation to a 20% decrease of the
power demand

Fig. 4 Steam turbine rotational-speed variation to a step de-
crease of the flow rate of steam
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control algorithm. Figure 7 shows how the controller eliminates
the steady state error of the response to a ramp input.

Cogeneration Plant. The overall system was projected to
comply with the following guidelines.

1. The gas turbine generates part of the power demand and is
controlled to keep constant speed and gas temperature.

2. The HRSG I produces steam that will have a mass flow rate
determined by its controller in order to maintain constant
pressure and temperature~assuming that the condenser can
handle all the steam from HRSG I!.

3. The output of the HRSG I is sent to the steam turbine. The
steam turbine controller determines the power produced to
maintain a constant speed.

4. The condenser capacity varies with the ambient temperature.
If it cannot handle all the steam, then the extra amount is
sent to the absorption machine and the steam users via a
pressure-reducing valve to reduce the load of HRSG II.

5. The absorption machine and the steam users define the
amount of steam that HRSG II must produce. To produce the
required steam the HRSG II controller determines the ex-
haust gas mass flow rate needed. If the mass flow rate is
equal to that from HRSG I, then a damper is fully open. If
the required mass flow rate is smaller than the available,
then some of the exhaust gas is sent to the ambient. Finally,
if the mass flow rate is smaller than required, then the burner
is activated, supplying the deficit of exhaust gas to HRSG II,
to enable required steam production.

Results
Three cases were simulated. In the first simulation~Sim I! typi-

cal power-, cooling-, and steam-demand curves for an average day
in a facility @17,18# were adopted. A second and third simulation
~Sim II and Sim III! were run, Sim II keeping the three different
demands constant at a high value and Sim III keeping the cooling
and steam demand constant while sharply reducing the electric
load. For the simulations, the ambient temperature was assumed at
15°C. Figures 8–10 show the different demands for each of the
three simulations.

Figure 11 displays the total power demand, the total power
generated and the power generated by each of the turbines for Sim
I. It can be seen that the power generated by both turbines met the
total power demand. The system also met the power demand
closely in Sim II and III@14#. Figure 12 plots the cooling demand

Fig. 5 Response on the steam temperature in HRSG I for a
step variation in the exit flow of steam

Fig. 6 Response on the steam temperature in HRSG II for a
step variation in the inlet flow of exhaust gas

Fig. 7 Capacity response of the controlled absorption-cooling
machine to a ramp variation on the steam

Fig. 8 Power demand

Fig. 9 Cooling demand
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and the cooling capacity with respect to time for Sim I. In Sim I,
the steam demand was likewise followed closely. Similarly, all
loads were met in Sim II and III.

The various efficiencies adopted for cogen merit evaluation are
defined as follows:

hGT5
*0

t fpGT•dt

*0
t f

+

mf•dt•DH
(11)

hp5
*0

t f~pGT1pST!•dt

*0
t f

+

mf•dt•DH
(12)

h total5
*0

t f~pGT1pST1pH2!•dt

*0
t f

+

mf•dt•DH
(13)

The efficiencies of the gas turbine, the power generation, and the
total cogeneration plant~Eqs. 11–13! were calculated for the three
simulations. Figure 13 displays the values for Sim I.

As expected, Fig. 14 shows how the total efficiency drops from
approximately 56% to approximately 43% when the power de-
mand falls. Since the exhaust gases from the power generation are
not enough to meet the steam and cooling demand, the external
burner has to start producing hot gases at a low efficiency, there-
fore, the efficiency decreases. The power and GT efficiencies tend
to stay constant because the additional fuel consumed does not
appear in their definition.

A fourth simulation was run were the power demand was kept
constant at 70 MW and the ambient temperature varied from 40°C
to 220°C. The controllers reacted in the following way: as the
ambient temperature decreased, the steam turbine produced more
power, and the gas turbine less power. This was done in order to
decrease the consumption of fuel, while using the additional ex-
haust gas~due to increased air inlet density at low temperatures!
to drive HRSGI to greater capacity.

Conclusions
In the present work dynamic models are used to develop a

control system for a cogeneration plant with the objective of meet-
ing multiple transient demands, namely, power, heating, and cool-
ing. The dynamic models vary in sophistication, but they retain
one feature throughout: determining the constants that character-
ize the response of the equipment to step or ramp inputs would be
a relatively straightforward experimental undertaking. The models
apply to quasy steady-state operation.

Each subsystem has its own controls, and the fast response of
the gas turbine, coupled with the thermal storage capabilities of
the HRSGI, allowed implementation of a LQR that minimizes fuel
input and departures of rotational speed from set point, while
meeting the power demand. Hence, the power generated by the
steam turbine is varied so that all the exhaust gases from the gas

Fig. 10 Steam demand

Fig. 11 Distribution of the power generation for Sim I

Fig. 12 Cooling demand and capacity for Sim I

Fig. 13 Efficiencies for Sim I „typical demands …

Fig. 14 Efficiency for Sim III
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turbine are used. Consequently, it is possible to eliminate the use
of a duct or external burner before HRSG I most of the time.

Temporal simulations of the cogeneration system show that it is
possible to meet all demands with conventional equipment and
controls for the load profiles employed in this study. Future work
should focus on more accurate modeling of the HRSG and on the
possibilities afforded by setting controls off-site previous to
equipment shipment and installation by means of simulations
similar to that presented here.
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Nomenclature

a 5 ambient
A 5 active heat transfer area, m2

c 5 fluid heat capacity, kJ/s-K, specific heat, kJ/kg-K
Dh 5 enthalpy of vaporization, kJ/kg

h 5 specific enthalpy, kJ/kg
HRSG 5 heat recovery steam generator

K, k,
k1 , k2 ,

k3 5 constants
LQR 5 linear quadratic regulator

m 5 mass, kg
M 5 HRSG metal mass, kg

MHRSG5 HRSG thermal mass, kg
+

m 5 mass flow rate, kg/s
q 5 capacity, kW

Q̇ 5 heat transfer rate, kW
r IGV 5 inlet guide vanes position.

SISO 5 single input single output
ST 5 steam turbine

s 5 Laplace transform complex variable
T 5 temperature, K

Tgp 5 exhaust gas temperature at evaporator exit, K
Tevap 5 steam evaporation temperature, K

U 5 overall heat transfer coefficient
ue 5 specific internal energy, kJ/kg
h 5 efficiency
Ã 5 angular velocity, rad/s

Subscripts

A 5 ambient
AM 5 absorption cooling machine

C 5 condenser
f 5 fuel

GT 5 gas turbine
e 5 exit

g 5 exhaust gas
H 5 heat recovery steam generator,~HRSG!

H1 5 HRSG I
H2 5 HRSG II

i 5 inlet
IGV 5 inlet guide vanes

l 5 liquid
M 5 HRSG metal mass
p 5 exit of evaporator section of HRSG
s 5 steam

Sat 5 saturated
v 5 vapor
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Resistance Reduction in
Pulsating Turbulent Pipe Flows
The paper describes the effects of forced harmonic oscillations of fixed frequency and
amplitudes in the rangeL5Um /Ub51–11 on the characteristics of a turbulent pipe flow
with a bulk Reynolds number of 5900. The resulting Stokes layerd is a fraction of the pipe
radius ~x5R/d553! so that the vorticity associated to the oscillating motion is gener-
ated in a small near wall region. The analysis is carried out processing a set of statisti-
cally independent samples obtained from wall-resolved large eddy simulations (LES);
time and space averaged global quantities, extracted for the sake of comparison with
recent experimental data, confirm the presence of a non-negligible drag reduction phe-
nomenon. Phase averaged profiles of the Reynolds stress tensor components provide
valuable material for the comprehension of the effects of the time varying mean shear
upon the near wall turbulent flow structures. The large scales of motion are directly
computed through numerical integration of the space filtered three-dimensional Navier-
Stokes equations with a spectrally accurate code; the subgrid scale terms are param-
etrized with a dynamic procedure.@DOI: 10.1115/1.1789511#

Introduction
Pulsating turbulent flows in pipes and conduits consist of a

superimposition of an oscillatory component with a zero mean to
a stationary flow, here and after referred to as thecurrentcompo-
nent. They occur in many engineering applications such as high
head hydraulic networks fed with reciprocating pumps and in the
intake/exhaust manifolds of internal combustion engines, to name
two relevant examples. A great deal of attention to this class of
flow problems is also paid by the biomedical community for
which pulsating turbulent pipe flow represents a valid test bench
of blood and pulmonary flows.

Despite its great practical relevance little is known on the ef-
fects of unsteadiness upon the characteristics of even simple tur-
bulent shear flows~like pipe or channels!, so much that even the
proper scaling variables are a matter of debate@1#. The time de-
pendence imposed to thecurrent flow increases significantly the
complexity of the problem because of the necessity of the addition
of a time and a length scale@2#. By doing so the relevant similar-
ity parameters increase from 1~in the case of steady flow! to 3 ~if
an oscillation is superimposed to the previous equilibrium flow!.

There is a considerable literature available on pulsating flow in
circular pipes and channels@1,3–9#, which, however, do not cover
the whole parameter space. More precisely, if thecurrent domi-
natedregime is almost exhaustively covered, thewave dominated
one is not. While in the former case the time averaged wall shear
stress is equal or larger, and in many instances significantly larger,
than the equivalent value of the nonpulsating flow, in the latter it
may attain values smaller than those pertaining to the steady case.
The only investigations concerning these flow regimes that we are
aware of are due to Refs.@6#, @8#; they showed that for a given
combination of the relevant nondimensional parameters the cycle-
averaged wall shear stress is considerably reduced. In this work
we investigate numerically a few flow conditions for which ex-
periments indicate resistance reduction; calculated data confirm
this phenomenon and provide some insight on the qualification of
the near wall turbulent features.

This article is organized as follows: In the first two sections the

problem formulation, the numerical method, and the flow condi-
tions are detailed. The results section reports the computed data
both in terms of global and local distributions; the analysis is
conducted extracting steady and phase locked averaged data out
of the simulation, as well as inspecting the response of the turbu-
lent structures to the harmonic forcing. The quality of the com-
puted data is assessed in the Appendix where a grid refinement
study is carried out.

Numerical Method
The model problem investigated herein is the fully developed

flow through a circular pipe with diameterD52R subject to a
harmonic forcing consisting of a time-dependent pressure gradi-
ent. The method of analysis is the numerical solution of the un-
steady three-dimensional space filtered incompressible Navier-
Stokes equations~large eddy simulation~LES!! in cylindrical
coordinates. The operation of filtering the governing equations
leads to large scale motion equations in terms of the resolved
~denoted with a tilde! componentsũ and p̃:

]ũ

]t
1¹•ũũ52

1

r
¹ p̃1

1

Re
¹•S̃2

1

r
¹•t, (1)

¹•ũ50, (2)

in which S̃ andt5r(ũũ2uũ) are the resolved rate of strain and
subgrid-scale stress tensors. In the present paper we have added
the isotropic part oft to the pressure term and parametrized the
anisotropic part of the subgrid-stress tensor by an eddy viscosity
assumption,

t2
1
3 Tr~t!522mTS̃522C~r ,t !rDuS̃uS̃, (3)

with uS̃u5ATr(2S̃2), Tr the trace operator, andD the length asso-
ciated with the grid scale filter. Following Lilly’s modification
@10# to the Germano model@11# and introducing a second coarser
spatial~test! filter characterized by a widthD̂, the scalar function
C(r ,t) is given by

C~r ,t !52
1

2

^Tr~LM !&

^Tr~MM !&
, (4)

where^•& denotes averaging in both azimuthal and axial directions
and

L5ũû̃2 ũ̂ũ̂, M5D̂2u Ŝ̃u Ŝ̃2D2uS̃u Ŝ̃. (5)
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Sharp Fourier cutoff is used as both grid and test filter in stream-
wise and azimuthal directions, while no test filtering is performed
in the radial direction. The test filter width is such thatD̂/D52.
Details on the potential and limitations of the dynamic eddy vis-
cosity procedure for both steady and unsteady channel flow prob-
lems are discussed in great depth in Refs.@9#, @12#, and will be
omitted.

The governing equations~1! and~2! have been solved using the
initial value solver developed and validated in Ref.@13#. The nu-
merical method relies on a spectral Chebyshev multidomain algo-
rithm for the inhomogeneous~radial! direction and Fourier de-
composition for the homogeneous~streamwise and azimuthal!
ones. Time integration is carried out with a Crank-Nicolson
scheme for the viscous terms. The nonlinear convective terms, in
skew-symmetric form, are treated explicitly with an Adams-
Bashforth scheme. Periodic boundary conditions are applied in
streamwise and azimuthal directions, and no-slip boundary condi-
tions at the solid walls.

Problem Formulation
In what follows, we shall denote withu, v, w the streamwise

~z!, radial ~r!, and azimuthal~u! velocity components, respec-
tively. As customary in equilibrium computations the flow is as-
sumed periodic in the streamwise~and obviously azimuthal! di-
rection, with a periodicity lengthLz equal to 4pR. This value has
been shown, in the steady case, to be sufficient for the streamwise
two point correlations of the velocity components to drop to zero
at the largest separation distance@14#. In the unsteady case, espe-
cially when a drag reduction phenomenon is expected, theLz
value should be increased; we have thus computed theL51 and
L511 cases with different lengths, viz.Lz54pR andLz56pR,
respectively.

The flow is driven in the streamwise direction by a sinusoidal
oscillatory in time external pressure gradient of appropriate mean
value, amplitude, and pulsationDp/Lz@11a cos(vt)#. The con-
stant part of the pressure gradientDp/Lz , together with the am-
plitude aDp/Lz and the pulsationv of the oscillation, were se-
lected in order to achieve flow conditions in full similarity with
the experimental setup of Ref.@8#. As anticipated in the Introduc-
tion, pulsating flows are fully characterized by three nondimen-
sional parameters, namely

Reb5
UbD

n
, Red5

Umd

n
, L5

Um

Ub
,

whered52n/v is the Stokes layer thickness,n the kinematic vis-
cosity, Ub the cross-sectional mean velocity, andUm the maxi-
mum value of the oscillatory flow at the center of the pipe. Other
triplets are of course possible@1,8#. For the sake of simplicity, i.e.,
to closely follow the experimental setup of Ref.@8#, we shall also
refer to the following additional parameterx5R/d. Obviously
x5Reb L/(2 Red). For oscillating flow with a Red,200 andR/d
.10 the velocity field follows very closely the theoretical Stokes
distribution @2#; this is usually referred to as the laminar regime.
Increasing the Reynolds number up to the critical value of Red
;550, small perturbations appear superimposed to the Stokes
flow ~disturbed laminar regime! @15#. Experimental and numerical
data indicate the occurrence of turbulent flow conditions in the
decelerating phase of the cycle when Red.1000 ~intermittently
turbulent regime!; fully turbulent flows across the whole cycle
occur instead for values of Red larger than 3500@16#. According
to Ref. @8# there are four main regimes that completely character-
ize this three-dimensional state space, namely

current dominated
L<1 Hhigh-frequency regimes Red,1000

low-frequency regimes Red.1000,

wave dominated
L>10 Hhigh-frequency regimes Red,1000

low-frequency regimes Red.1000.

Here and after we shall assume that thecurrent flow is turbulent,
that is, Reb.2300. Unlike the oscillating flow for which the sta-
bility region is defined by a single value of Red (Red,cr;550 for
x.10!, in the case of pulsating pipe flows the transition condi-
tions are defined by a combination of both Red and Reb @8#. Ex-
perimental data@6,8# indicate that in the wave dominated regime
and for Red,Red,cr a drag reduction phenomenon occur. Thus we
have focused our attention on three flow regimes detailed in Table
1. In the last case we expect drag reduction. Both unsteady con-
ditions are characterized byx553.

Results
The calculations were performed over a total integration time of

330 nondimensional unitstUb /D. Data reduction was carried out
processing 160 statistically independent samples separated in time
by 0.4 nondimensional time units, both in the steady and unsteady
cases. All quantities are space averaged in the homogeneousz and
u directions; furthermore, time and/or phase averaging is applied
to collect the statistics. In what follows, we shall indicate with an
overline or capital letters the time and space averaged quantities,
with ^•& the phase and space averaged quantities and with prime
the perturbation from their time averages.

We begin this section presenting in Table 2 some global quan-
tities, computed for the steady and oscillating flow conditions; all
data are space and time averaged. As discussed in the previous
section, the simulations are carried out with either a constant or
time varying forcing term; thus the effective flow rates and bulk or
centerline Reynolds numbers are a results of the calculations and
as such cannot be round numbers. The differences between the
computed values and the expected ones are of double nature, viz.
numerical and physical. In the Appendix we provide exhaustive
evidence that the former, i.e., the uncertainties associated with the
modeled subgrid terms, are comfortably small, so that the drag
reduction phenomena can be evaluated with good confidence.

Returning to the global values of Table 2, we first notice that
the ratioUcl /Ub between the centerline and bulk velocities is in
both cases very close to the steady pipe value. This indicates that,
at least in an average sense, the velocity profiles are somewhat
similar. As it will be shown later, the radial distributions of the
mean velocity still retain a clearly turbulent shape, with a well
defined logarithmic region. The displacement and momentum
thicknesses defined as

d* ~D2d* !52E
0

RS 12
ū~r !

Uc
D rdr ,

Table 1 Flow regimes investigated

Reb Red L

Steady flow 5900 0 0
Current dominated 6100 56 1
Wave dominated 5546 572 11

Table 2 Mean flow quantities

L Reb Ucl /Ub d* /R u* /R H

0 5900 1.32 0.129 0.069 1.87
1 6100 1.32 0.129 0.069 1.88

11 5546 1.29 0.121 0.059 2.05

L Reb Ret d1 Um /Ucl Cf /Cf
B

0 5900 192 1.06
1 6100 194 3.67 0.76 0.90

11 5546 160 3.01 8.50 0.73
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u* ~D2u* !52E
0

RS 12
ū~r !

Uc
D ū~r !

Uc
rdr , H5

d*

u*

also show insignificant variations, while their ratio, i.e., the shape
factorH is seen to increase of about 9% in the caseL511, and to
remain equal to the steady value in the caseL51. Recalling that
the laminar value is 3.37 we may already foresee the occurrence
of some resistance reduction; in fact, the skin friction coefficient
Cf5tw/1/2rUb

2 is smaller than the corresponding Blasius value
(Cf

B50.079 Reb
21/4) for both unsteady cases~10% for L51 and

27% forL511!. This is in accordance with the experimental data
@8,6#.

The radial distribution of the time averaged mean velocity is
shown in inner coordinates in Fig. 1 for the three cases. In what
follows we shall indicate withy5(R2r )/R the distance from the
solid wall. The wall values used for the normalization are space
~in the homogeneous directions! and time averaged. The deviation
from the logarithmic distribution ū151/k ln(y1)1B ~with
k50.41 andB55.5) is similar to the one observed in the experi-
ments and calculations reported in Ref.@14#.

In the current-dominated case the profile essentially collapses
on the steady distribution. This is a nontrivial result, since for
L.1 the amplitude of the velocity oscillation becomes greater
than the local velocity close to the wall and thus flow reversal
occurs. The somewhat surprising insensitivity of the mean flow
profile to the imposed oscillations, in the caseL;1, has not yet
received, in the author’s opinion, a convincing explanation. Tu
et al. @3# have argued that whenever the oscillating frequencyf o
5D/(TUb) is significantly below the bursting frequencyf b there
should be no effect of the pulsation on the mean velocity profile.
In view of this argument, and since our data do not satisfy their
criterion (f o;0.61. f b;0.2 @3#!, we would expect to observe
some modifications in theū radial distributions, which is appar-
ently not the case. The absence of any significant departure from
the steady condition, in the current dominated high-frequency re-
gime, has also been observed in plane channel geometries both
experimentally@1# and numerically@9# in similar flow conditions
(Recl58500, Um /Ucl50.64, d158.1 in Ref. @1# and Recl

57250,Um /Ucl50.75,d154.4 in Ref.@9#!.
The oscillating case withL511 still presents a logarithmic re-

gion with a slope 1/k essentially equal to the corresponding steady
slope but characterized by an upward shift. This shift and the
consequent increase of the viscous sublayer thickness is typical of
drag reducing flows.

Figure 2 shows, in inner coordinates, the radial distribution of
the root-mean-square values of the fluctuating velocity compo-
nentsu8u81, n8n81, andw8w81, for both oscillating cases. Also
reported in the same figure are the steady distributions together
with reference experimental and numerical data@1,9#. For the

lowest value of the amplitudeL51 all components show a good
correspondence with the steady profiles, except for the maximum
value of u8u81. The largest difference is, however, small, i.e.,
;3%. The above picture changes quite substantially in theL511
case; on a general ground we note that the net effect of the large
amplitude unsteady forcing on the normal stresses extends up to
y1;50, and basically consists of a reduction of all components.
There are no experimental data available to corroborate these
trends.

In Fig. 3 the space and time averaged data of the turbulent
~resolved and subgrid-scale stress! and viscous stresses are re-
ported for all simulations, in inner coordinates. The current domi-
nated case does not show any significant departure from the
steady flow distribution, either of the turbulent shear stressu8n81

or of the viscous onedū1/dy1. This is in accordance with the
global data previously discussed. In the wave dominated regime,
on the other hand, a remarkable reduction ofu8n81 across the
whole pipe radius occurs. The inner coordinates representation
highlights that the turbulent stress reduction is uniform, i.e., the
whole wall layer is witnessing a weaker response of the turbu-
lence to the unsteady forcing. However,u8n81 is not at all neg-
ligible and thus the flow is definitely not in a reverse transition
stage; note that neither is the extent of the overlap region substan-

Fig. 1 Mean velocity profiles

Fig. 2 Mean turbulent intensities; d experiments †1‡;
h LES †9‡

Fig. 3 Turbulent and viscous shear stress
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tially altered nor the location of the maximum Reynolds stress
modified. Figures 4 and 5 show the phase averaged velocity pro-
files in inner coordinates for both casesL51 and L511; the
phase anglesf(t/T) are defined asf(t/T)52pt/T with t/T
50, 1

4,
1
2,

3
4. Given the high value ofx, we may expect the loga-

rithmic region not to be altered by the pulsating flow and its
virtual origin to be displaced by a constant amount for each phase
value. This conjecture is based on the unproven assumption that
current and oscillating flows decouple for large enough values of
(R2r )/d. The data seem to corroborate the above assumption
outside the wall layer. The magnitude of the shift is obviously
phase andL dependent as clearly highlighted by the two graphs.
Evident is the reverse flow region occurring atf5p andf53/2p
for both L values. As concerns the wall layer we note that sub-
stantial differences take place; interesting are the local over- and
undershoots aty1;8 which are addressed later on. We next fur-
ther elaborate on the flow features decoupling. To this aim we
present in Fig. 6 the phase averaged pure oscillating~i.e., obtained
subtracting the mean value from the phase averaged ones! profiles
of the streamwise velocity component as a function of the nondi-
mensional coordinatey, for both cases. Reminding that forx.10,
the critical value of Red defining the transitional value below
which the oscillating flow is in laminar regimes is roughly 550,
and because the present value of Red is much smaller~L51! or
comparable with~L511! the critical value, it would be reasonable
to assume the oscillating component of the flow to be in laminar
regime. Therefore, the same figure reports, the Stokes solution
computed withx553, which is the only relevant nondimensional

parameter in laminar flow conditions. In either cases both the
amplitudes and the phase angles are very close to the Stokes val-
ues. Note that the maximum positive and negative velocity values
occur aty;0.05 corresponding toy1;8; thus the local peaks in
the velocity representation of Figs. 4 and 5 are definitely con-
nected with the underlying Stokes-like behavior. In the current
dominated regime, the laminar behavior of the oscillating part of
the flow has already been observed, in plane channel geometries,
by Refs.@1# and @9#. According to Ref.@1# whenever the Stokes
layer is sufficiently small, i.e.,d1<6, there is no interaction of the
unsteady vorticity~by diffusion! from the wall with the buffer
layer; hence the only energy-transfer mechanism is of viscous
diffusion nature. This result is consistent with the observed insen-
sitivity of the time averaged turbulent quantities in the wall layer
previously discussed. A Stokes-like behavior is also clear in the
wave dominated regime. Therefore it appears that even though the
oscillating component modifies substantially the time averaged
quantities, the pulsating flow is not altered by the turbulent mo-
tion.

Figures 7 and 8 compare the phase averaged turbulence inten-
sities distributions with the mean values. Apparently the radial
component is the most affected by the oscillation cycle; in fact the
perturbation from the mean at the position of the maximum value
is non-negligible, as confirmed by Table 3. With reference to the
streamwise normal stress, we further note that unlike theL51
case, for which moderate changes within the phase interval occur,
the L511 data exhibit more pronounced variations. Not only are
the amplitudes of those oscillations increased, but also the extent
of the radial region affected by the these oscillations is enlarged.
For L511 the location of the peak moves away from the wall and
its value decreases to disappear atf53/2p; simultaneously the
appearance of a secondary peak which will soon substitute the
primary peak to close the cycle dynamic is remarked.

Figures 9 and 10 compare the phase averaged turbulent shear
stress distributions with the mean values. The lines represent the
sum of the supergrid and subgrid stress tensor components; inci-
dentally we remark that the ratio of the subgrid to the total
~resolved1SGS! stress is not exceeding 10% across the pipe ra-
dius. This is certainly due to the satisfactory grid resolution in
both homogeneous directions. Similarly to the previously dis-
cussed Figs. 7 and 8 the phase variations of the turbulent stress in
the L51 case is significantly smaller than those pertaining to the
L511 case. Thus all time and phase averaged Reynolds stress
components show a relative insensitivity to the harmonic oscilla-
tion of the driving force. In the caseL511 the changes during the
oscillating period appear more pronounced. With reference to the
beginning of the accelerating phase~f50! negative values of the
total shear stress are observed close to the wall, i.e.,y1;10; at
f5p/2 the above region is seen to increase in size. The negative

Fig. 4 Phase averaged velocity profiles in inner coordinates
„LÄ1…

Fig. 5 Phase averaged velocity profiles in inner coordinates
„LÄ11…

Fig. 6 Phase averaged oscillating streamwise velocity profiles
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peak value position shifts towards the pipe core. The oscillations
weaken considerably fory1.30; this behavior is also shared by
the L51 case.

In Figs. 11 and 12 the temporal evolutions of both oscillating
streamwise velocity and Reynolds stress tensor components at the
position of maximumu8u8 are shown; the data, normalized with
the time mean values, are presented as a function of the phase
anglef. As already evident from Fig. 6, theu2ū fluctuation has
an almost perfect harmonic shape, with ap/2 phase shift with
respect to the driving forcing term. There is no appreciable effect
of the L parameter upon the shape of the profiles, except, of
course, for the amplitudes which roughly differ by a factor 10.
The scaling factor is not exactly 11 because the graphs pertain to
the peak locations ofu8u8 which occur at slightly different radial
positions~see caption of Fig. 11!. Conversely, the Reynolds stress
profiles show the appearance of temporal modes with higher~than
1! frequency contents and non-negligible amplitudes, which in-
crease withL. Note the asymmetry of the positive and negative
peaks. In addition there is considerable variation in the phase

angles for the twoL cases. Thus the amplitude increase of the
forcing induces a different response of the second-order moments
despite the integral time scale of the mean flows is unchanged. We
can therefore conclude that the response of the smaller turbulence
scales to the external forcing is affected by the amplitude of the

Fig. 7 Phase averaged „ … and mean „ … turbulent in-
tensities for LÄ1

Fig. 8 Phase averaged „ … and mean „ … turbulent in-
tensities for LÄ11

Table 3 Normal stress phase variation at y¿Ä13 „LÄ1… and
y¿Ä14.8 „LÄ11…

L51

Phase angle 0 p/2 p 3p/2

u8u8 1.9% 25.7% 22.0% 5.5%

v8v8 10.6% 4.7% 211.0% 26.4%

w8w8 24.9% 3.3% 6.0% 22.7%

L511

Phase angle 0 p/2 p 3p/2

u8u8 11.3% 1.9% 211.2% 23.6%

v8v8 13.0% 7.2% 13.5% 211.8%

w8w8 0% 24.7% 22.6% 6.7%
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oscillating component, to which different integral time scales, viz.
d/Um , pertain. Additional data processing is required to establish
this matter.

Conclusions
Numerical data obtained from wall resolved large eddy simula-

tions of pulsating turbulent pipe flows have been carried out in a
range of amplitudes for a fixed frequency. The data indicate that,
unlike the current dominated cases, in the wave dominated re-
gimes the time and space averaged resistance may be substantially
smaller than the corresponding nonpulsating case at the same bulk
Reynolds number. This is in agreement with the experimental data
of Refs.@8# and@6#, who also observed drag reduction. The analy-
sis of the radial distributions of the time and ensemble averaged
quantities reveals that the resistance reduction is not due to a flow
laminarization as suggested in Ref.@8#; turbulence remains sus-
tained across the oscillation cycle although the harmonic forcing
reduces the Reynolds stress tensor components to some non-
negligible extent. The oscillating flows obey the Stokes distribu-

tion even in the presence of resistance reduction. The phase
locked analysis of the normal and shear stresses shows the appear-
ance of temporal modes with frequencies higher than one of non-
negligible energy content which increases withL.
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Appendix: Grid Refinement Study
In this appendix we check the quality of the computations per-

forming a grid refinement study. The mesh used to build the sta-

Fig. 9 Phase averaged „ … and mean „ … turbulent
shear stress „resolved ¿SGS… for LÄ1 Fig. 10 Phase averaged „ … and mean „ … turbulent

shear stress „resolved ¿SGS… for LÄ11
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tistics in both steady and current dominated regimes consists of
six subdomains, each of which is characterized by 48 Fourier
modes in the homogeneous~longitudinal and azimuthal! direc-
tions and 12 Chebyshev modes in the radial one. In the case of the
wave dominated regime, we have kept the mesh spacing constant
and therefore, since the pipe length was incremented, the number
of nodes in the streamwise direction was increased by a factor 1.5.
An analogous resolution has been used in the calculations of the
pulsating turbulent channel flow of Ref.@9#.

The accuracy of the data is tested performing the grid refine-
ment study only in the steady case, and increasing the number of
modes in the homogeneousz andu directions. In what follows we
shall analyze the results computed with the grid systems described
in Table 4. Statistics for all the grids were collected over identical
averaging times, so that the sample size plays no role in the

present discussion. The time steps of the simulation isDt1

5Dtūt /D50.0831023. When the grid was refined in the azi-
muthal direction the time step was reduced toDt150.03
31023.

In Table 5 we analyzed the effect of the grid refinement, on
some global parameters, and compare them with reference data
(ut

B denotes the Blasius value of the friction velocity!. The largest
differences are of the order of a few percent.

In Fig. 13 we compare the mean velocity profiles and root-
mean-square streamwise velocity distributions, in inner coordi-
nates, with reference experimental and numerical data of Ref.
@14#. Within plotting accuracy, there is essentially no difference

Fig. 11 Temporal evolution of the phase averaged oscillating
streamwise velocity component „Šu ‹Àū …Õū ; top LÄ1, y¿Ä13;
bottom LÄ11, y¿Ä14.8

Fig. 12 Temporal evolution of the phase averaged Reynolds
stresses „Šu i8u j8‹Àu i8u j8…Õu i8u j8; LÄ1, y¿Ä13; LÄ11, y¿Ä14.8;
„a… iÄ jÄ1; „b… iÄ jÄ2; „c… iÄ jÄ3; „d… iÄ1, jÄ2

Fig. 13 Streamwise velocity profiles „top …; Reynolds stress
trace „bottom …. d experiments †14‡; h DNS †14‡.

Table 4 Characteristics of the reference and refined grids

Grid (z,r ,u) Dz1 Dr 1

LES1 63~48312348! 49.7 0.19<Dr 1<7.8
LES2 63~48312396! 49.7 0.19<Dr 1<7.8
LES3 63~96312348! 24.9 0.19<Dr 1<7.8

(rDu)max
1

LES1 (rDu)max
1 526.0

LES2 (rDu)max
1 513.0

LES3 (rDu)max
1 526.0

Table 5 Mean flow quantities: steady flow conditions

Reb Recl Ret Ucl /Ub

LES1 5900 7788 192 1.32
LES2 5900 7664 191 1.30
LES3 5900 7775 197 1.31
DNS @14# 5300 6950 180 1.31
HWA @14# 5600 7350 190 1.31

ut /ut
B d* /R u* /R H

LES1 0.971 0.129 0.069 1.87
LES2 0.962 0.122 0.066 1.85
LES3 0.986 0.127 0.070 1.84
DNS @14# 0.998 0.127 0.068 1.82
HWA @14# 1.003 0.128 0.070 1.82
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between LES1 and LES3, while LES2 differs from the other two
in the wall layer by some small amount~the largest difference is
2.5% aty1;15). We have therefore good confidence in the qual-
ity of the present results.

Figure 14 depicts, in inner coordinates, the viscous stress, the
resolved1SGS turbulent stress along with the total ones~top half
figure!, together with the DNS data of Ref.@14#. Shown also are
the subgrid stress distributions~bottom half!; note the different
scale on they axis. Interesting is the expected decrease of the SGS
part in the outer layer when the streamwise resolution is increased
~LES1 versus LES3! and the reverse phenomenon characterizing
the azimuthally more resolved grid~LES2!. This is an effect of the
cylindrical coordinates which puts into evidence the role of the
streamwise box size whenr→0; conversely in the buffer layer
there is clearly a demand for an enhanced resolution to properly
describe the streaks dynamics.

From the foregoing we may argue that the multiple scale char-
acteristics of this kind of wall bounded shear flows would be
better accounted for, in a LES framework, with a nonconforming
technology. Work is in progress in this direction.

Nomenclature

Dimensional Quantities

d5A2n/v 5 Stokes layer thickness
d* 5 displacement thickness
D 5 filter size
k 5 von Kármán constant

mT 5 turbulent viscosity
n 5 kinematic viscosity
p 5 static pressure
u 5 momentum thickness
r 5 radial coordinate

ru 5 azimuthal coordinate
R, D 5 pipe radius, diameter

r 5 fluid density
S 5 rate of strain tensor
t 5 time coordinate

T 5 oscillating period
t 5 subgrid scale stress tensor

uz , u, u1 5 axial velocity component
ur , v, u2 5 radial velocity component

uu , w, u3 5 azimuthal velocity component
u 5 velocity vector

ut 5 wall friction velocity
y 5 distance from the wall
z 5 axial coordinate

v52p/T 5 oscillating frequency

Nondimensional Quantities

Cf 5 friction coefficient
f52pt/T 5 phase angle

H 5 shape factor
L5Um /Ub 5 amplitude oscillation parameter
Reb5UbD/n 5 bulk Reynolds number
Ret5utR/n 5 Reynolds number

Red5Umd/n 5 oscillating Reynolds number
x5R/d 5 Stokes parameter

Subscripts

b 5 bulk, area averaged value
cl 5 centerline value
m 5 maximum oscillatory value atr 50
w 5 wall value

Superscripts

1 5 wall coordinates
8 5 fluctuating component
B 5 Blasius value

Averaging Operators

˙̄ 5 time and space averaged
^•& 5 phase and space averaged

˙̃ 5 resolved quantity
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Feasibility Analysis for the
Rotordynamic Performance of
API617
The rotordynamic performance of API 617 standards provides two primary requirements.
First, the standard stipulates system damping near the expected operating speed range.
Second, the standard requires a specific bound of the worst case unbalance response. The
problem this poses for machine designers is (1) feasibility: can bearings be designed for
a given rotor to meet API 617 and (2) if so, how can these bearings be designed? Our
primary effort in this research is to convert the API requirements to a control design
objective for a bearing. This permits direct assessment of the feasible design problem as
well as providing a means to synthesize optimal bearing dynamics. In addition to provid-
ing synthesis of magnetic bearings, the resulting bearing transfer functions give direct
guidance to selection of more conventional fluid film or rolling element bearings.
@DOI: 10.1115/1.1789492#

Introduction
The rotordynamic performance of API 617 standards provides

two primary requirements. First, the standard stipulates system
damping near the expected operating speed range. This takes the
form of a combination of damping requirements and separation
margins, depending on where the system critical speeds lie rela-
tive to the operating range. Second, the standard requires a spe-
cific bound on the worst case unbalance response.

The problem this poses for machine designers is~1! feasibility:
can bearings be designed for a given rotor to meet API 617 and
~2! if so, how can these bearings be designed? This paper exam-
ines the feasibility problem. One possible approach to assessing
feasibility would be to pick bearings, to model the final machine
~including bearings!, and to assess the resulting API 617 compli-
ance. The problem with this approach is that the choice of bearing
dictates the outcome and it may be difficult to select an optimal
bearing for API 617. Consequently, failure of this test does not
imply non-feasibility.

An alternative approach is to convert the API requirements to a
control design problem. With this approach, it is not necessary to
predesign or preselect the bearings: we can determine directly
whether a bearing set exists that satisfies the control design prob-
lem. In this case, feasibility will not assure that a given type of
bearing~fluid film, rolling element, . . . ! can meet the API stan-
dard, but it does imply that the requirement can be met through
some mechanism~perhaps a magnetic bearing!.

Some Tools. Constructing this control design problem re-
quires three important mathematical tools:H` norms @1#,
m-analysis@2#, andm synthesis@3#. We present here a very brief
synopsis: the full story can be found in Ref.@4#.

The H` norm measures generalized peak of gain. Assume a
dynamic systemy5G(s;N) f . The response is a function of com-
plex frequency,s, and may also depend on parameter~s! N ~which
might be the rotor spin rate, for instance!. At any givens5 j v, the
steady-state responsey to sinusoidal inputf is computed by evalu-
ating the matrix functionG( j v). BecauseG is a matrix, the gain
from f to y depends on the direction off. A bound on how largey
can be for a boundedf is the maximum singular value

s̄„G( j v;N)… @5#. The maximum singular value can be viewed as
a composite summary of each of the individual transfer functions
which constituteG.

TheH` norm ofG(s;N) is the largest maximum singular value
of G( j v;N) when v ranges from zero to infinity. IfG were a
scalar function ofs, then theH` norm of G(s) would be the
highest point on the Bode magnitude plot ofG(s).

m-analysis considers the stability problem where some stable
systemG(s) is connected to some other uncertain~but stable!
systemW(s)D, as shown in Fig. 1. Here,W(s) describes the
expected frequency response character of the uncertain system
while D is a bound on its gain. For instance, if a rotor is connected
to a seal with unknown damping:25 Nsec/m,Cseal
,25 Nsec/m, thenG(s) would contain the nominal damping~10
Nsec/m!, W(s) might be the transfer function 15s, andD would
be 61.

Now, ask: Is the closed loop system stable for all possibleD,
whereD is bounded~typically by 61!? Using a very central result
of control theory called the small gain theorem@6#, m-analysis
returns a figure of merit,m. If m,1, then the system is stable for
all allowed values ofD while if m.1, it may not be.

Finally, m-synthesis constructs a controller for an uncertain
plant (G(s) connected toW(s)D) so that the resulting closed loop
system will be stable for all possibleD. Therefore, the resulting
closed-loop system isrobust to uncertainties described byD.

The Feasibility Problem. The unbalance response require-
ment is exactly a formalH` performance measure, but the sepa-
ration margin requirement is not analytic so it is not simple to
directly formulate this requirement as a linear system analysis
problem. In this paper, the separation margin requirement is re-
placed by a pole placement problem: relatively large damping
near the operating range. The pole placement problem can be
approximated as a robust stability problem with frequency shaped
uncertain modal damping. Since the unbalance response require-
ment can already be expressed as anH` problem, the two API 617
requirements can be cast as a singlem-analysis problem. This
permits direct assessment of the feasible design problem and also
provides a means to synthesize optimal bearing dynamics. In ad-
dition to providing synthesis of magnetic bearings, the resulting
bearing transfer functions may give direct guidance to selection of
more conventional fluid film or rolling element bearings.

The API 617 Standards†7‡
Given a rotor-bearing system with a probe at a certain~impor-

tant! location, one can experimentally find the vibration amplitude

Contributed by the International Gas Turbine Institute~IGTI! of THE AMERICAN
SOCIETY OF MECHANICAL ENGINEERSfor publication in the ASME JOURNAL OF
ENGINEERING FOR GAS TURBINES AND POWER. Paper presented at the Interna-
tional Gas Turbine and Aeroengine Congress and Exhibition, Atlanta, GA, June
16–19, 2003, Paper No. 2003-GT-38596. Manuscript received by IGTI, October
2002, final revision, March 2003. Associate Editor: H. R. Simmons.
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A @m# at the probe as a function of rotor speedN @rpm#. If the
A(N) curve is plotted, it will typically have some peaks as illus-
trated by Fig. 2. The rotor speed at which a peak occurs is called
a resonance speed~labeled byNR in Fig. 2!. For each resonance
speed, the amplification factor (AF) is defined by

AF[
NR

N12N2
, A~N1!5A~N2!5

A~NR!

A2
, N1,N2 . (1)

AF is defined for each resonance speedNR so we may denote its
dependence byAF(NR). If AF is larger than 2.5 at some reso-
nance speedNR , then it is called a critical speed.

The procedure for checking satisfaction of the API 617 require-
ments is as follows.

1. Find resonance speeds by simply running the shaft or by
analytical methods based on mathematical model of the sys-
tem.

2. For each resonance speed, place unbalance weights at the
locations that affect the resonance mode most adversely. The
unbalance amount must be within the range specified below.

3. Run the shaft and measure the vibration amplitude at the
probe at each rotor speed in the neighborhood ofNR .

4. CalculateAF at NR and check if it is below the specified
level, which is described below in detail.

Unbalance Response Requirement.The unbalance
weight~s! must be chosen and placed so that the peak vibration
amplitudes at the probes are not larger than

Lvª25.4A12 000

N
mm, (2)

whereN @rpm# is the operating speed nearest toNR . Given jour-
nal loadingsW, the unbalancemr at each plane has to be in the
following interval:

2Umax<mr<8Umax, Umaxª6350
W@kg#

Nmax@rpm#
@g•mm]. (3)

When the probes are at the limitLv , the rotor vibration cannot
exceed 75% of the clearance at any location. Since the unbalance
response requirement stipulates a specific bound on the worst case
unbalance excitation, it is easily converted into a standardH`
analysis problem: a norm bounded output for a worst case norm
bounded input.

Separation Margin Requirement. Let the operating speed
range of the rotor-bearing system be given byNl<N<Nu . The
system passes the test at the resonance speedNR if one of the
following conditions holds:

NR<0.83Nl , NR>1.27Nu : no bound (4a)

0.83Nl<NR<Nl :
Nl2NR

Nl
>0.17S AF22.5

AF21.5D (4b)

Nl<NR<1.1Nu :AF<2.5 (4c)

1.1Nu<NR<1.27Nu :
NR2Nu

0.1Nu
>111.7S AF22.5

AF21.5D (4d)

Clearly, the separation margin requirement is not analytic so it is
difficult to formulate this as a linear system analysis problem.

Interpreting the Separation Margin
Suppose that the rotor-bearing system at an operating speed in

the neighborhood of a certain resonance speedNR can be ad-
equately described byy5G(s) f where f PRn f is the unbalance
force vector andyPRny is the displacement output at the probe.
Assume that the transfer functionG(s) can be described by

Mq̈1Dq̇1Kq5 f , y5Cq. (5)

Let F be the unitary modal matrix that simultaneously diagonal-
izesM andK:

FTMF5I , FTKF5L, FTDF5Z, (6)

whereL is a real diagonal matrix with non-negative entries. As-
suming Rayleigh damping, the matrixZ is also diagonal. In the
modal coordinatesjªFTq, the system can be described by

j̈1Zj̇1Lj5FTf , y5CFj (7)

Suppose that theith mode frequency corresponds to the reso-
nance speedNR . The unbalance force that would most excite the
ith mode is given by

f ~ t !5mrve
2f i sinvt, (8)

where the excitation frequencyve is in the neighborhood of the
resonance frequency andf i is the ith column ofF.

The steady state responsey to this excitation is

y~ t !5uG~ j v!v2f i umr sin~vt1w!, (9)

wherew is an appropriate phase. Then the amplification factor at
NR can be calculated using

M ~s!ªs2G~s!f i5
Cf is

2

s21Zis1L i

, (10)

whereZi andL i are theith diagonal entries ofZ andL.
Consider a second order system of~7! that has a resonance near

the operating range,

M ~s!ª
ks2

s212zvns1vn
2

. (11)

Assuming a small dampingz, we will calculate theAF at the
resonance frequency. Note that

uM ~s!u25
k2v4

~vn
22v2!214z2vn

2v2
. (12)

It is readily deduced thatuM ( j v)u has the following peak:

iM i`5
k

2zA12z2
, NR5

vn

A122z2
. (13)

The frequencies at half power are given by

Fig. 1 An example of an uncertain system

Fig. 2 Relation between the rotor speed N and vibration A
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N1,2ª
vn

A122z272zA12z2
. (14)

Hence, theAF may be approximated as

AF8
NR

N22N1
'

A11h2A12h

A12h2
, hª

2zA12z2

122z2
. (15)

When the damping is larger than 0.383, the resonance peak is
not sharp enough to have a half-power frequencyN1,2 and hence
the correspondingAF may be considered as zero. In this manner,
the separation margin requirement~4! can be converted exactly
into a damping requirement.

Pole Placement Problem. The separation margin require-
ment can be described as the intersection of the following three
conditions: system stability, required damping and operating
range; that is, the system should be stable in the region of~4a! and
should have the required damping near operating speed specified
by ~4b!–~4d!. Therefore, the separation margin requires placement
of the poles in the shaded region in Fig. 3.

Robust Stability With Uncertain Modal Damping. It is rea-
sonable to ask, ‘‘Why is there a separation margin requirement in
API 617: Is not the unbalance response requirement sufficient?’’
The separation margin requirement is derived from long experi-
ence with this class of machines. A likely linear systems interpre-
tation of this requirement is that, if the amplification factor is high
near operating speed, then small changes in system damping could
abruptly lead to unsatisfactory unbalance response. Such a ma-
chine would be overly sensitive: it lacks robustness to uncertain
modal damping.

This heuristic argument motivates the ensuing effort to substi-
tute a robust stability analysis for the pole placement problem
described above. The pole placement problem of Fig. 3 can be
approximated as robust stability with frequency shaped uncertain
modal damping, which is a stability problem of a systemj̈
12zvnj̇1v2j5f f with uncertain modal dampingz5z0
1B(s) as shown in Fig. 3. HereB(s) captures the rather compli-
cated speed dependency of~4!: essentially a band pass filter en-
compassing the operating speed range~Fig. 6!.

Weighting Scheme for API 617 Requirements
The unbalance response requirement can be described by a

transfer function (SG) for the response from unbalance excitation

d to responsese as shown in Fig. 4. In addition, a bearing speci-
fication in the form of a maximum force according to worst un-
balance force~T! is required. Therefore, a relatively simple
weighting scheme for the API problem is

Fe~s!

u~s!G5FSG~s!

T~s! G@d~s!#. (16)

Input ww and outputwu1 are introduced to eliminate singularity in
this simple formulation. In addition, another disturbance input is
introduced to make the unbalance response requirement indepen-
dent of the bearing specification. The inputswd , wd1 , andwy and
outputwe , wu , andwu1 are chosen and augmented with the cor-
responding weighting functions. A frequency shaped modal uncer-
tain dampingB(s) for the separation margin is introduced. The
resulting augmented general plant is shown in Fig. 4.

Since the unbalance requirement and actuator specification are
not related to the uncertain modal damping, the resulting
m-synthesis for the API 617 standards can be expressed by

min
k

subject toiWeS0G0Wdi`,g, iWuT0Wd1i`,g,

(17)
iWu1CS0Wyi`,g, and mD~Hrs!,1.

The subscript 0 denotes the nominal transfer function~D50! and
Hrs is defined as the transfer function seen byD. This problem is
not tractable but can be approximated by

min
k

max
D

m~H !,H~s!5FWeSGWd WeSGWd1 WeTWy

WuTWd WuTWd1 WuCSWy

Wu1TWd Wu1TWd1 Wu1CSWy

G ,

(18)

where the underlying uncertainty structure for them~•! operation
is Dpªdiag(Dp1,Dp2,Dp3), which is the performance block. This
robust performance problem is further converted to a robust sta-
bility problem via the main loop theorem and then to the
D-scaling m upper bound problem for numerical tractability
@4,8,9#.

The weighting functions related to the unbalance requirement
areWd andWe : Wd is for the worst case unbalance excitation and
We is for the allowed response. The unbalance excitation is pro-
portional to the square of the rotor speed and is specified up to the
maximum operating speed. This is well approximated by a 5th
order Butterworth filter indicated in Fig. 5, which quickly attenu-
ates the unbalance excitation above the maximum running speed.
The allowed maximum responseWe is given by

We
215min~Lv,0.75Ccl!. (19)

If the bearing device is assumed to have a first order character-
istic ~constant capacity out to some typical cut-off frequency!, the
weightingWu for maximum bearing force can be approximated by

Fig. 3 Interpretation of the separation margin „a… pole place-
ment, „b… robust stability problem

Fig. 4 A weighting scheme for API 617 standard
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Wu5
~s1vb!

Fmaxvb~«s11!
, (20)

wherevb is the bandwidth of the bearing device. The factor« is
simply chosen to be much smaller than 1/vb and much smaller
than 1/Nu . For a fluid film bearing,vb may be taken as infinite so
thatWu becomes constant.Wu1 andWy are chosen as constants to
have a small effect on the synthesis at first. However, these
weighting functions will later play a significant role in reducing
the conservativeness by weighting the control effort.

The frequency shaping implied by~4! for B(s) can be approxi-
mated using a 7th order elliptic filter whose gain outside of the
separation margin range is less than 0.001. The filter coefficients
are determined through a least square algorithm@10#. The normal-
ized separation margin requirement and an example elliptic filter
are shown in Fig. 6.

Example
The example system consists of a rotor, three sensors, and three

AMBs as shown in Fig. 7. For simplicity, it is assumed that the

three probe points and unbalance excitation locations for API
standards are the same as the sensor and bearing locations.

The rotor has three actuator sleeves, three midspan unbalance
disks, and a coupling at the right end. The total mass is about 85
kg and total length is about 2.7 m. The first four natural frequen-
cies in RPM are 8600, 19,268, 37,997, and 60,648.

The operating range is selected to be 8,000–10,000 rpm so that
the first bending natural frequency is within the operating range.
The calculated vibration limit at probes is 0.028 mm and the worst
case unbalance is 14.4 g-mm from~2! and~3!. The AMB capaci-
ties are assumed 6300 N up to the 265 Hz power signal band-
width.

Results. To check if the API standards can be satisfied with
these bearings, a synthesis is performed with small constant
weightings for the control effort. If a rotor is assessed~by our
method! to be infeasible for API standards, then we can be rea-
sonably certain that there is no fluid film bearing which will meet
API. On the other hand, if there is a controller, then there may be
a bearing which also meets API, and it may be possible to ap-
proximate the computed controller as stiffness and damping of a
bearing.

The peakm value is 0.1574 and the API standard can be satis-
fied with the given actuator as shown in Fig. 8. The robust stabil-
ity denotes the separation margin requirement, the nominal per-
formance of the~1,1! diagonal block is for the unbalance response
requirement and the nominal performance of the~2,2! diagonal
block is for the actuator specification. The robust stability has
most influence on the peakm value near the operating range.

Figure 9 shows the pole/zero maps of the augmented open-loop
plant and closed-loop system. The seven poles along the required
damping line for the separation margin in Fig. 9~a! are related to
the 7th order elliptic filter for the uncertain modal damping, while
the three poles along the maximum operating range are related to
the 5th order Butterworth filter for the unbalance excitation. In
addition, there is a lightly damped first bending mode~8600 rpm!
near the imaginary axis, which is denoted by original pole. The
pole of the lightly damped first bending mode moves farther be-

Fig. 5 A weighting function for the worst case unbalance
excitation

Fig. 6 7th order elliptic filter for the uncertain modal damping

Fig. 7 Example rotor model

Fig. 8 Results with the original actuator
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yond the required damping line than is required to meet the sepa-
ration margin requirement, which is denoted by moved pole as
shown in Fig. 9~b!.

The maximum singular value of equivalent stiffness of the re-
sulting control is shown in Fig. 10. The resulting controller does
not exhibit the typical control shape of an AMB system, which is
very similar to a PD control. In order to test how much control
effort is required to meet the API standards, a simpler optimal
design problem was solved. Here, the three bearings were as-
sumed to be identical devices with fixed stiffness and damping.
Thus, single values of stiffness and damping were found, which
simultaneously satisfy 5.46•105 N/mm and 7.65•103 Nsec/mm,
respectively. The equivalent stiffness at the bending natural fre-
quency is 6.91•106 N/mm. The gain of the designed controller is
much higher~the maximum value is 1.56•108 N/mm).

Although the API standards are satisfied, the designed control-
ler is very conservative since all performance indices are much
less than 1.0~especially, the robust stability is 0.1283!, which
means that the control effort bound is unnecessarily high. In order
to reduce the conservativeness of the synthesis and to find an
economic controller meeting the API requirements with minimum
control effort, the constant weighting for the control effort is
changed. The synthesis procedure is as follows: all weightings are
the same except for the control effort, whose initial values are the
maximum force and vibration amplitude. Then, an optimal
weighting constant is found to satisfy the API standard and the
actuator specification through the bisection method. When the

maximum response is reduced by 11.4 times, the peakm value is
1.8412 and robust stability is 0.9997. Both the API standards and
the actuator specification are satisfied as shown in Fig. 11.

The pole/zero map of the closed-loop system is shown in Fig.
12. The moved pole is very close to the required damping line and
the conservativeness is reduced significantly.

The maximum singular value of the equivalent stiffness of the
second controller is shown in Fig. 13. The controller has the de-
sired shape to stabilize an AMB rotor system similar to a PD
control. The control effort is reduced significantly~particularly the
gain at low frequencies! and the maximum equivalent stiffness is
1.53•107 N/mm, which is a little bit higher than expected; how-
ever, it is not unacceptably high considering non-collocation con-
figuration and stabilization of an unstable AMB rotor system. That
is, the m-analysis/synthesis is known to be conservative so it
should not be expected to be exactly same as the API standards.
However, it can be said is that if the proposed sythesis is success-
ful, then there is definitely a bearing to meet the API standards.

Conclusion
This paper discussed a possible control design problem for as-

sessing the feasibility of meeting the API 617 requirements with a

Fig. 9 Pole Õzero map: „a… augmented open-loop plant, „b…
closed-loop system

Fig. 10 Stiffness of the designed controller

Fig. 11 Results after reducing the conservativeness
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given rotor. The separation margin requirement is replaced by a
pole placement problem: relatively large damping within the op-
erating range. This pole placement problem can be approximated
as a robust stability problem with a frequency-shaped uncertain
modal damping. Since the unbalance response requirement can
easily be expressed as anH` problem, the two API 617 require-
ments can be cast as a singlem-analysis problem. Two simulations
are performed with an example AMB rotor system: a feasibility
test for API requirements with a given AMB actuator and a syn-
thesis of economic controller meeting the API requirements with
minimum control effort. The simulation shows that the proposed
synthesis permits direct assessment of the feasible design problem
as well as providing a means to synthesize optimal bearing dy-
namics.

The main point of the method, of course, is to be able to weed
out ~rotor/unbalance/clearance/bearing capacity! sets that simply
cannot meet API standards. With the tool presented here, it is
reasonably easy to play with clearances, unbalance specifications,
and bearing capacities to determine what needs to be done to
make the set feasible for API standards.
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Nomenclature

A, Ap 5 vibration amplitude and peak vibration ampli-
tude

AF 5 amplification factor
B(s) 5 bandpass filter for the separation margin

C 5 output matrix
Ccl 5 critical clearance

Cseal 5 uncertain seal damping
D 5 damping matrix
d 5 plant input disturbance
e 5 unbalance responses at probes
f 5 force

Fmax 5 maximum force of actuator
G 5 plant ~rotor! transfer matrix
I 5 identity matrix

K 5 stiffness matrix or controller
k 5 residual

Lv 5 vibration limit at probes
M 5 mass matrix

M (s) 5 unbalance response
mr 5 unbalance

N 5 rotor speed
NR , N1,2 5 resonance and half power speeds

Nl , Nu 5 lower and upper operating speeds
n f , ny 5 numbers of unbalance force inputs and dis-

placement outputs
q 5 state vector
R 5 real number
S 5 sensitivity function
s 5 frequency domain
T 5 complementary sensitivity function
u 5 controller input
U 5 unbalance amount

W(s) 5 example uncertainty
We 5 allowed unbalance responses weighting func-

tion
Wu 5 worst case bearing force weighting function
Wd 5 worst case unbalance excitation weighting

function
Wy 5 allowed bearing input weighting function

w 5 controller input disturbance
y 5 response or output
Z 5 modal damping matrix
D 5 uncertainty
« 5 factor for bearing force weighting
F 5 modal transformation matrix
f 5 eigenvector
h 5 constant forAF
w 5 phase angle
s 5 singular value
L 5 diagonal eigenvalue square matrix
v 5 frequency

vb 5 bandwidth of actuator
ve , vn , v r 5 excitation, natural, and resonance frequencies

j 5 modal coordinate
z, z0 5 damping ratio and nominal damping ratio
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Crack Detection in a Rotor
Dynamic System by Vibration
Monitoring—Part I: Analysis
Many practical rotor dynamic systems contain shaft/rotor elements that are highly sus-
ceptible to transverse cross-sectional cracks due to fatigue. The early detection of me-
chanical malfunction that can be provided by an effective vibration monitoring system is
essential. Two theoretical analyses, global and local asymmetry crack models, are utilized
to identify characteristics of the system response that may be directly attributed to the
presence of a transverse crack in a rotating shaft. A model consisting of an overhung
whirling rotor is utilized to match an experimental test rig. A 2X harmonic component of
the system response is shown to be the primary response characteristic resulting from the
introduction of a crack. Once the unique characteristics of the system response are iden-
tified, they serve then as target observations for the monitoring system.
@DOI: 10.1115/1.1789514#

1 Introduction
As rotating machinery is designed to operate at higher mechani-

cal efficiency; operating speed, power, and load are increased as
weight and dimensional tolerances are decreased. The result is a
significantly increased level of operating stress in modern rotating
machinery. As a consequence, many practical rotordynamic sys-
tems contain shaft/rotor elements that are highly susceptible to
transverse cross-sectional cracks due to fatigue. To accurately pre-
dict the response of a system to the presence of a transverse crack,
an appropriate crack model is essential. Once the crack is included
in the system model, unique characteristics of the system response
can be identified and attributed directly to the presence of the
crack. These predicted indicators then serve as target observations
for monitoring systems.

A significant amount of research involving the prediction of the
response of shaft/rotor systems to the presence of a transverse
crack, and the detection of transverse cracks in rotating shafts by
vibration monitoring, has been completed in the last 30 to 40
years. This work is an extension of a body of research focused on
a flexibly mounted rotor~FMR! mechanical face seal system@1#.
The dynamics of the FMR mechanical face seal system have been
extensively investigated@2–5#. In Ref. @2# the coupled dynamics
of the seal and shaft is investigated including effects of shaft
inertia and slenderness, fluid film, secondary seal, flexibly
mounted rotating element, and an axial offset of the rotor center of
mass. The steady-state response was investigated by implement-
ing a complex extended transfer-matrix method. In Ref.@3# an
experimental correlation is investigated between the presence of
higher harmonic oscillations in the test rig system and seal face
contact. The dynamics behavior of the FMR seal itself was inves-
tigated in Refs.@4# and@5#. Seal failure, diagnostics, control, and
eventual performance restoration are extensively discussed in
Refs. @6–10#. To achieve these goals it is imperative that failure
characteristics of seal and shaft are well differentiated. The influ-
ence of a crack in a seal-driving shaft is the concern of this work.

An uncracked shaft has constant stiffness, and thus constant
displacement under a fixed load, regardless of the angle of rota-
tion. In a cracked shaft, the cracked portion of the cross section is

not capable of supporting a tensile stress. Therefore the displace-
ment, as a function of the stiffness, is minimum when the crack is
closed and maximum when the crack is open. This opening and
closing behavior, which is referred to as ‘‘breathing,’’ results in
time-dependent stiffness coefficients in the equations of motion of
the system, which is difficult to work with. Obtaining solutions
usually requires making broad simplifying assumptions or some
type of numerical approximation.

Systems in which static displacements and vibrational ampli-
tudes remain very small result in a crack that remains essentially
open regardless of the angle of rotation. This type of crack, which
is essentially a local stiffness asymmetry, is referred to as a ‘‘gap-
ing’’ crack. The analysis of systems containing a gaping crack is
extremely useful since the response characteristics, or crack indi-
cators, identified in the gaping crack analysis are also present in
the analysis of systems containing a breathing crack. Furthermore,
these indicators prove to be the most practical, in terms of imple-
mentation, in the detection of real cracks. Also, since the intro-
duction of a crack into a rotating system, on the most basic level,
results in a system with a stiffness asymmetry, the analysis of
systems containing an asymmetry is fundamental to the study of
the dynamics of cracked rotating systems.

The primary effect of the presence of a crack in a rotating shaft
is clearly a local reduction in stiffness. This highly localized effect
does not influence the stiffness of the regions of the rotor away
from the cracked cross section. Regardless of the type of crack
model used for analysis, the effective overall stiffness of the rotor
is no longer symmetric. The analysis of the response of a rotor
with designed-in asymmetry is therefore part of the fundamental
basis for the analysis of the dynamics of shafts containing a trans-
verse crack.

A free response of a two degree-of-freedom rotor with asym-
metric moments of inertia@11# shows a range of shaft speeds in
which the response is unstable. The appearance of a region of
instability near the first natural frequency is confirmed in Ref.
@12#, as well as the 2X harmonic response in an analysis of a
linearly asymmetric shaft. In Ref.@13# the 2X resonance is also
predicted at approximately one-half of the first natural frequency.
An intuitive explanation for the existence of a region of instability
and a 2X harmonic response in shafts with dissimilar moments of
inertia is given in Ref.@14#. It is important to note that for rotating
systems, the terms ‘‘natural frequency’’ and ‘‘whirl frequency’’ are
synonymous. Also, the term ‘‘critical speed’’ refers to a shaft
speed for which one or more of the natural~whirl! frequencies of
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the system are equal to the shaft speed. Therefore the maximum
2X harmonic response occurs at shaft speeds that are approxi-
mately one-half of a critical speed, i.e.,1

2ncr .
In Ref. @15# a practical ‘‘hinge model’’ is developed that repre-

sents the crack as an additional flexibility in the direction perpen-
dicular to the crack edge, for positive displacements in that direc-
tion. Similar displacement based breathing crack models have
been utilized in Refs.@12,13,16–19#. In Ref. @20# the opening and
closing of the crack is modeled as a step type function of the angle
of rotation only. Other similar step and 1/rev continuous functions
of the angle of rotation have been used to model the breathing
behavior of the crack in Refs.@16–18,21–28#.

The complicated system models resulting from the inclusion of
a breathing crack model have been solved or approximated by a
variety of methods. Analog computer simulations@12,15#, Ritz
basis functions based on the asymmetric solution@16#, and nu-
merical integration @13,17,18,20# have been used. Various
transfer-matrix methods were employed as well@19,23,29#. Flo-
quet theory stability analysis is performed in Refs.@21,27,30#, and
perturbation methods are utilized in Refs.@24,25#.

The most significant result of the analysis of systems containing
breathing crack models that is relevant to this work is the fact that
the response characteristics due to a breathing crack model consist
of the primary response characteristics of an asymmetric system
plus some additional phenomena, in form of sub or higher har-
monics @20,21,24,25,30–34#. The direction of the investigations
into the response of rotating systems containing breathing crack
models tends to focus on the 1X and 2X harmonic responses
@17,23–25,33,34#.

On the most basic level the introduction of a gaping crack re-
sults in a local system stiffness asymmetry that is time indepen-
dent in a rotating coordinate frame. The additional flexibility in-
troduced to the system by the presence of the crack is determined
by methods such as finite element analysis or the Paris strain
energy method@21,30#. The localization of the stiffness asymme-
try is the key in this analysis.

In Refs. @21,30,33,34# the overall stiffness properties for their
two and three degree-of-freedom systems is determined by con-
veniently placing the crack at the mid-span of the De-Laval rotor
system. To arbitrarily place the crack at some location along the
shaft in the system model, it is convenient to utilize a discrete
representation of the system, such as a transfer-matrix method
@29#. The presence of a gaping crack in the shaft of a rotating
system tends to primarily affect the 1X synchronous response, and
the 2X harmonics, which has a resonance at1

2ncr .
In summary, the introduction of a gaping crack model into an

existing system model has been shown to be a very effective
method of obtaining reasonably accurate results from analysis, yet
it avoids the inherent complexities of cracked shaft analysis due to
breathing behavior. A discrete representation of the system allows
the additional flexibility due to the crack to be placed arbitrarily
along the axis of the shaft of the system. The 2X harmonic com-
ponent of the system response is clearly the most practically
implemented indicator for a monitoring and detection system.
This work utilizes a global asymmetry crack model in a continu-
ous representation of the system as well as a gaping crack model
in a discrete representation of the system using a unique extended
transfer-matrix formulation@2#. The theoretical analyses focus on
the prediction of the behavior of the 2X component of the system
response. For each crack model, free and forced response charac-
teristics are investigated.

2 Global Asymmetry Crack Model
A shaft into which a transverse crack is introduced experiences

a reduction in stiffness which, depending on the relative dimen-
sions of the crack, can be quite small or quite large. As a first
approximation we consider a shaft whose entire cross section is-
represented by the remaining uncracked cross section. Thus the
resulting shaft is assumed to have an asymmetric cross section

over its entire length. This is referred to as a global asymmetry
crack model, which is the worst case in terms of the amplitude of
the resulting response characteristics.~Such an analysis is useful
by itself since many rotor dynamic systems contain designed-in
asymmetric components.!

In Fig. 1~a! the cross section of an overhung massless shaft
with an attached rotor~which is a reasonable representation of the
test rig system that is detailed in Ref.@35#! is shown to include a
transverse crack. Figure 1~b! shows the same system including the
global asymmetry crack model, which is essentially an asymmet-
ric Euler-Bernoulli beam. Equations of motion for this system are
derived in a rotating frame to avoid time-dependent stiffness co-
efficients. TheXYZ coordinate system rotates with the shaft, at
shaft speedn, and is oriented such that theX axis is perpendicular
to the crack edge. The relationship between the rotatingXYZ
coordinate system and the inertialjhz coordinate system is shown
in Fig. 2. The equations of motion can be derived in the rotating
XYZ coordinate frame as detailed in Ref.@35#, which is based
upon the work in Ref.@36#. For the no damping case we have

Fig. 1 „a… Cracked system; „b… global asymmetry crack model

Fig. 2 Coordinate systems
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0 k12X n2~ I P2I t!1k22X 0

2k12Y 0 0 n2~ I P2I t!1k22Y

G H X
Y
gX

gY

J 5$F%, (1)

whereX, Y, gX , andgY are displacements and tilts about theX
andY axes, respectively,m is the mass or the rotor,n is the shaft
speed,I p andI t are the polar and transverse moments of inertia of
the rotor, andki j are stiffness elements, which are determined in
the Appendix. Since in the tested system the mass of the shaft is
significantly less than the mass of the rotor, it is neglected. The
effects of internal energy dissipation in the free response analysis
are negligible. Therefore internal damping will be incorporated
into the equations of motion for the forthcoming forced response
analysis. Equation~1! forms a system of coupled linear ordinary
differential equations including gyroscopic effects, where$F% is a
vector of generalized applied forces.

2.1 Undamped Free Response.The goal of the free re-
sponse analysis is to obtain the system eigenvalues, which are the
natural, or whirl, frequencies. The homogeneous form of the ma-
trix equation of motion given in Eq.~1! has the general form

@M #$S̈%1@C#$Ṡ%1@K#$S%5$0%, (2)

where@M#, @C#, and@K# are inertia, ‘‘damping’’~i.e., Coriolis and
gyroscopic effects!, and stiffness matrices, and$S% is the general-
ized vector of displacements. The system is conveniently ex-
pressed in a state-variable form by defining the following@A# and
@B# matrices:

@A#5F2@K# @0#

@0# @M #
G ; @B#5F @0# 2@K#

2@K# 2@C#
G . (3)

The system expressed in state-variable form is then given by

$ Ṡ̂%5@A#21@B#$Ŝ%, (4)

where $Ŝ% is the state vector of the displacements and tilts and
their first derivatives, which is given by

$Ŝ%5$X Y gX gY Ẋ Ẏ ġX ġY%T. (5)

For this state vector form the state matrix is formed by@A#21@B#.
The eigenvalues and eigenvectors, or whirl frequencies and

mode shapes, are then obtained, corresponding to the state vector
expressed in the rotatingXYZ frame. For monitoring purposes the
absolute whirl frequencies are of interest since the monitoring
system is typically fixed in the inertialjhz coordinate frame. The
absolute whirl frequencies,v, i.e., the eigenvalues expressed in
the inertialjhz frame, can be obtained from

v5v01n, (6)

wherev0 is the relative whirl frequency, andn is the shaft speed.
Since the state matrix,@A#21@B#, is 838, four conjugate pairs of
eigenvalues are obtained. The eigenvalues are purely imaginary
since damping or dissipation effects are neglected in this free
response analysis.

In rotordynamics, the sign of the frequency is meaningful due
to the fact that shaft whirl can occur with a negative sense, op-
posing the direction of shaft rotation, or a positive sense, in the
direction of shaft rotation. The proper sign can be assigned to the

magnitude of each eigenvalue pair which yields forward or back-
ward whirl according to the analysis detailed in Ref.@35#. The
relative whirl frequencies resulting from the analysis,v0 , are as-
signed the appropriate direction and the absolute whirl frequencies
v are obtained from Eq.~6!. Figures 3 show the whirl frequencies
as a function of shaft speed for simulated crack depths ranging
from 0–40% of the shaft diameter. The ‘‘3’’ symbols along the
horizontal axis of Fig. 3 indicate shaft speeds for which one or
more of the eigenvalues has a positive real part, i.e., shaft speeds
for which the response is unstable. This instability is solely due to
an asymmetric cross section of a purely elastic shaft~recall that
internal damping has been neglected in this section! ~see also
Refs.@11,12,14#!. Two reference lines are also plotted in each of
the figures. The intersection of thev5n line with the locus of
whirl frequencies indicates shaft speeds which are equivalent to a
whirl frequency, i.e., primary (1X) critical speeds. The intersec-
tion of the v52n line with the locus of whirl frequencies indi-
cates shaft speeds which are one-half of a whirl frequency, i.e.,
secondary (2X) critical speeds.

When operating at a secondary critical speed, the 2X compo-
nent of the response of the system is occurring at a natural fre-
quency of the system, and will therefore exhibit a resonance be-
havior. It is at these 2X critical speeds that the 2X response is
expected to be maximum. Comparing the predicted shaft speeds at
which the 2X resonance occurs for various crack depths clearly
shows a decrease in the natural frequencies of the system due to
the presence of the crack. This change in the system natural fre-
quency is due to the reduction in system stiffness resulting from
the crack. The predicted 2X resonance shaft speeds for the global
asymmetry crack model are given in Table 1.

2.2 Damped Forced Response.The gravity forced re-
sponse of the system model containing the global asymmetry
crack model is fundamentally important when considering crack
detection. The resulting 2X harmonic response is the most reliable
and widely used indicator of crack existence.

Energy dissipation effects are included in this analysis in order
to observe the influence of the introduction and propogation of the
simulated crack on the magnitude of the system response at 2X
resonance shaft speeds. The equivalent viscous damping coeffi-
cients are incorporated into the matrix equation of motion by de-
fining a new damping matrix,@Ĉ#, according to

@Ĉ#5@C#1@D#, (7)

where @C# is the matrix which contains the Coriolis and gyro-
scopic effects, and the@D# matrix contains the equivalent viscous
damping coefficients. The damping matrix@D# is given by

@D#5F d11Y
0 0 2d12Y

0 d11X
d12X

0

0 d12X
d22X

0

2d12Y
0 0 d22Y

G , (8)
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where di j X
5di j Y

5ceqi j
5

1
2b̄ (ki j X

1ki j Y
)/v. Here average stiff-

ness elements are used so thatdi j X
anddi j Y

are equal. It is neces-
sary to construct the complex equations of motion in the following
analysis. The equation of motion, including internal damping, has
the form

@M #$S̈%1@Ĉ#$Ṡ%1@K#$S%5$F%. (9)

The equations of motion are derived in the shaft-fixedXYZ
coordinate frame. The direction along which gravity acts, which is
a stationary vector along thej axis of the inertialjhz coordinate

frame, can be represented by a vector that is rotating with a nega-
tive sense in theXYZ frame. Therefore the forcing function re-
sulting from gravity has the form

Fg5mge2 int, (10)

wherem is the mass of the rotor,g is the gravitational acceleration
andn is the shaft speed. The vector of forces that is now included
in the right-hand side of the equations of motion@Eq. ~1!# is then
given, in the rotatingXYZ coordinate frame, by

$F%5H mgcos~nt!
2mgsin~nt!

0
0

J . (11)

The equations of motion are then combined by defining the fol-
lowing complex variables for the displacementr and tilt f:

r5X1 iY, (12)

f5gX1 igY . (13)

The resulting complex equations of motion are

Fig. 3 Global asymmetry model free response at various crack depth values: „a… uncracked; „b… 20%; „c… 30%; „d… 40%

Table 1 2 X resonance shaft speeds—global asymmetry model
free response

% cracked Shaft speed~Hz!

0 70.62
10 67.04
20 60.55
30 52.29
40 43.01
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where the ‘‘* ’’ denotes the complex conjugate of the variables in
Eqs.~12! and ~13!, and

vr5
kr

m
, vf5
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I t
, vrfm
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To solve this system of equations, solutions of the following
forms are chosen for the displacementr, and tilt f:

r5Aeint1Be2 int, (16)

f5Ceint1De2 int, (17)

whereA, B, C, andD are arbitrary complex numbers. These so-
lutions are substituted into Eqs.~14! and ~15! and the complex
coefficientsA, B, C, and D are determined. Recalling that the
displacement and tilt in the rotatingXYZ coordinate frame are
given by Eqs.~16! and ~17!, the displacementu and tilt g in the
inertial coordinate frame are obtained according to

u5reint, (18)

g5feint. (19)

The displacement and tilt expressed in the inertial coordinate
frame are of interest since the experimental data provided by the
monitoring system is also obtained in the inertial coordinate frame
~according to Ref.@35#!. From Eqs.~16!–~19! it is clear that the
displacement and tilt in the inertial coordinate frame will have the
form

u5Aei2nt1B, (20)

g5Cei2nt1D. (21)

The presence of the 2X harmonic is evident in Eqs.~20! and~21!.
The magnitudes of coefficientsA andC are the magnitudes of the
2X harmonic response, in the inertial frame, of the displacement
and tilt, respectively. Equations~20! and~21! predict displacement
and tilt responses which have circular shapes, having radii ofuAu,
anduCu, and are offset byB andD. It is important to note that due
to the form of the assumed solutions@Eqs. ~16! and ~17!#, the
resulting solutions@Eqs. ~20! and ~21!# are limited to predicting
only circular orbit shapes of the 2X component.

Figures 4 show the predicted magnitude of the 2X tilt response,
based on the global asymmetry crack model, as a function of shaft
speed, for two speed ranges, and crack depths varying from 0 to
40% of the shaft diameter. The magnitudes plotted show the radii

of the predicted circular 2X tilt responses. It is clear that for an
arbitrary shaft speed, the amplitude of the 2X response is pre-
dicted to increase as the crack depth increases.

The magnitudes of the 2X component of the response plotted in
Fig. 4~a! are significantly smaller than those plotted in Fig. 4~b!.
The range of shaft speeds shown in Fig. 4~b! contains 2X resonant
speeds for each crack depth.

As predicted, the 2X resonant speeds decrease as the crack
depth increases. The 2X resonance shaft speeds predicted based
on this global asymmetry crack model forced response analysis
are given in Table 2. These predicted 2X resonance shaft speeds
agree with the 2X resonance shaft speeds predicted in the global
asymmetry model free response analysis, which are given in Table
1. Since the 0% simulated crack depth results in a system with
symmetric stiffness properties, no 2X resonance is predicted for
the forced response analysis. Damping is light, thus numerically
Tables 1 and 2 provide similar 2X results.

3 Local Asymmetry Crack Model
Perhaps the most important effect of the presence of a trans-

verse crack in a rotating shaft is the highly localized flexibility

Fig. 4 Global asymmetry model forced tilt 2 X response: „a…
Low-speed range; „b… high-speed range
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that is introduced. To locally represent the stiffness properties of a
cracked cross section in an otherwise uncracked shaft, it is neces-
sary to determine the additional flexibility due to the presence of
the crack, and incorporate this flexibility into a discrete represen-
tation of the system. In this study a transfer-matrix method was
employed to accomplish this desired localizing effect. Figure 5
shows the cracked system represented by three lumped stiffness
elements;@F1#, @Fcrack#, and @F2#, and one lumped inertia ele-
ment@P#. Since the mass of the shaft is significantly less than the
mass of the rotor, the mass of the shaft is neglected.

The purpose of this section is to present the analytical portion
of the analysis of the cracked system including a local asymmetry
crack model using the complex extended transfer-matrix method
@2,37# for free and forced response analyses, along with relevant
results. As previously, damping effects will be incorporated into
the forced response analysis.

3.1 Crack Flexibility. The localized additional flexibility
can be represented by a lumped parameter element. A section of a
shaft containing a crack of deptha is shown, under general load-
ing, in Fig. 6~a!. Figure 6~b! shows the cross section of the shaft
section in Fig. 6~a! at the location of the transverse crack. The
generalized displacementui in the i direction is obtained by uti-
lizing Castigliano’s theorem@21,30#:

ui5
]

]Pi
E

0

a

J~Y!dY, (22)

wherePi is the generalized force associated withui , andJ(Y),
according to Tada, Paris, and Irwin@37#, is the strain energy den-
sity function given by

J~a!5
12n2

E F S (
i 51

6

KIi D 2

1S (
i 51

6

KIIi D 2

1~11n!S (
i 51

6

KIIIi D 2G , (23)

wheren is Poisson’s ratio,E is Young’s Modulus, andKni is the
crack stress intensity factor for moden due to Pi . The stress
intensity factors for a unit width strip containing a crack of depth
a are evaluated according to

Kni5s iApaFnS a

h D , (24)

wheres i are the stresses due to the loadPi at the crack,Fn(a/h)
are appropriate intensity functions, andh is the total strip length
~see Fig. 6~b!!.

The additional flexibility due to the crack for a unit width strip
can be written as

ci j 5
]2

]Pi]Pj
E

0

a

J~Y!dY (25)

which, after integration along the crack edge, becomes

ci j 5
]2

]Pi]Pj
E

2b

b E
0

a

J~Y!dY. (26)

The current analysis is not concerned with torsion or axial dis-
placement, hence onlyc22, c33, c44, c45, c54, and c55 are re-
quired. These elements are then given byFig. 5 Local asymmetry crack model

Fig. 6 Local crack model: „a… shaft section containing a crack;
„b… crack cross section

Table 2 2 X resonance shaft speeds—global asymmetry model
forced response

% cracked Shaft speed~Hz!

0
10 67.04
20 60.55
30 52.29
40 43.01
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c225
4~12n2!

pER E
0

b̄E
0

ā

ȲFII
2 S Ȳ

h̄
D dȲdX̄, (27)

c335
4~12n2!

pER E
0

b̄E
0

ā

ȲFII
2 S Ȳ

h̄
D dȲdX̄, (28)

c445
32~12n2!

pER3 E
0

b̄E
0

ā

X̄2ȲFIY
2 S Ȳ

h̄
D dȲdX̄, (29)

c455c555
64~12n2!

pER3 E
0

b̄E
0

ā

X̄ȲA12X̄2FIXS Ȳ

h̄
DFIYS Ȳ

h̄
D dȲdX̄,

(30)

c555
64~12n2!

pER3 E
0

b̄E
0

ā

~12X̄2!ȲFIX
2 S Ȳ

h̄
D dȲdX̄, (31)

where b̄5b/R, X̄5X/R, Ȳ5Y/R, ā5a/R, and h̄5h/R. The
corresponding intensity functions are given by

FIXS a

h D5F tan~bc!

bc
G1/2

@ .9321.199~12sin~bc!!4#/cos~bc!,

(32)

FIYS a

h D5F tan~bc!

bc
G1/2F .7521.202S a

h D
1.37~12sin~bc!!3GY cos~bc!, (33)

FII S a

h D5F1.1222.561S a

h D1.085S a

h D 2

1.18S a

h D 3GY S 12
a

h D 1/2

, (34)

FIII S a

h D5F tan~bc!

bc
G1/2

, (35)

bc5S pa

2h D . (36)

The additional flexibilities due to the presence of the crack may
therefore be obtained by numerically integrating Eqs.~27!–~31!.
Dimensionless flexibilities can be obtained according to

c̄225c22

pER

~12n2!
, c̄335c33

pER

~12n2!
,

c̄445c44

pER3

~12n2!
c̄455c45

pER3

~12n2!
, (37)

c̄555c55

pER3

~12n2!
,

where the overbar indicates the nondimensional value. These di-
mensionless flexibilities are plotted in Fig. 7, for crack depths up
to 50% of the shaft diameter. These local flexibilities may now be
introduced appropriately into the discrete representation of the
system.

3.2 Transfer Matrix. The transfer-matrix method is a
lumped parameter method in which inertial properties of the sys-
tem are lumped into point matrices, and stiffness properties of the
system are represented by lumped field matrices@2#; both relate
state vectors at the two ends of a shaft element. The state vector at
station i, expressed in the rotatingXYZ coordinate frame, is de-
fined as

$Z% i5$uX uY MY 2VX 2uY uX MX VY%T, (38)

whereu, u, M, andV are the complex magnitudes of the displace-
ment, tilt, moment, and shear force, respectively.

The Field Matrix. The state vector at the left of stationi,
$Z% i

L , is related to the state vector at the right of stationi 21,
$Z% i 21

R , by the field matrix@Fi #:

$Z% i
L5@Fi #$Z% i 21

R . (39)

The field matrix@Fi # has the form

@Fi #5

l

1 l i
l i
2

2EI

l i
3

6EI
0 0 0 0

0 1
l i

EI

l i
2

2EI
0 0 0 0

0 0 1 l i 0 0 0 0

0 0 0 1 0 0 0 0

0 0 0 0 1 l i
l i
2

2EI

l i
3

6EI

0 0 0 0 0 1
l i

EI

l i
2

2EI

0 0 0 0 0 0 1 l i

0 0 0 0 0 0 0 1

m
, (40)

wherel i is the length of the field,E is Young’s modulus, andI is
the area moment of inertia of the field cross section.

The Crack Matrix. The crack is represented by a field matrix
which contains the additional flexibilities introduced by the pres-
ence of the crack. The crack field matrix@Fcrack# has the form

Fig. 7 Dimensionless crack flexibilities
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@Fcrack#53
1 0 0 2c22 0 0 0 0

0 1 c44 0 0 0 c45 0

0 0 1 0 0 0 0 0

0 0 0 1 0 0 0 0

0 0 0 0 1 0 0 2c33

0 0 c54 0 0 1 c55 0

0 0 0 0 0 0 1 0

0 0 0 0 0 0 0 1

4 ,

(41)

where the elementsci j are determined in Eqs.~27!–~36!. Notably,
in an uncracked shaft,a50, ci j 50, and@Fcrack#5@ I #.

The Point Matrix. The state vector at the right of the lumped
mass at stationi, $Z% i

R , is related to the state vector at the left of
the lumped mass at stationi, $Z% i

L , by the point matrix@Pi #:

$Z% i
R5@Pi #$Z% i

L . (42)

The solution is sought in the rotating frame,XYZ, thus

@Pi #53
1 0 0 0 0 0 0 0

0 1 0 0 0 0 0 0

0 n2~ I p2I t!2I tv0
2 1 0 0 inv0~2I t2I p! 0 0

m~v0
21n2! 0 0 1 22inv0m 0 0 0

0 0 0 0 1 0 0 0

0 0 0 0 0 1 0 0

0 inv0~2I t2I p! 0 0 0 n2~ I p2I t!2I tv0
2 1 0

2inv0m 0 0 0 m~v0
21n2! 0 0 1

4 , (43)

wherem is the rotor mass,I t and I p are the transverse and polar
mass moments of inertia, respectively,n is the shaft speed, andv0
is the relative whirl frequency~see Eqs.~1! and ~6!!.

The Overall Transfer Matrix. The overall transfer matrix for
this system,@U#, is constructed according to

@U#5@P#@F2#@Fcrack#@F1#. (44)

The state at the support,$Z%support, is then related to the state at
the right of the lumped mass$Z%1

R by the following:

$Z%1
R5@U#$Z%support. (45)

Undamped Free Response.Applying the clamped-free bound-
ary conditions, which are no displacement or tilt at the support
boundary and no shear or moment at the end of the shaft, to the
overall transfer matrix expression given in Eq.~45! leads to the
following relations:

FU33 U34 U37 U38

U43 U44 U47 U48

U73 U74 U77 U78

U83 U84 U87 U88

G H MY

2VX

MX

VY

J
support

,@Freq#H MY

2VX

MX

VY

J
support

5H 0
0
0
0
J

1

R

, (46)

FU13 U14 U17 U18

U23 U24 U27 U28

U53 U54 U57 U58

U63 U64 U67 U68

G H MY

2VX

MX

VY

J
support

,@Switch#H MY

2VX

MX

VY

J
support

5H uX

uY

2uY

uX

J
1

R

, (47)

whereUi j are elements of the overall transfer matrix@U#.
By solving the standard eigenvalue problem for Eq.~46!, four

complex-conjugate pairs of eigenvalues result. The problem of
assigning whirl directions to each of the four frequency magni-
tudes is identical to the previous discussion. To obtain the mode
shape for a given eigenvalue, which is essentially the displace-
ment and tilt portion of the state vector at the end of the shaft, it
is convenient to label the 434 matrices in Eqs.~46! and ~47! as
@Freq# and @Switch#, respectively. From Eq.~47!, the shear and
moment portion of the state vector at the support is given by

H MY

2VX

MX

VY

J
support

5@Switch#21H uX

uY

2uY

uX

J
1

R

. (48)

Substituting this expression for$MY 2VX MX VY%support
T into Eq.

~46! results in

@Freq#@Switch#21H uX

uY

2uY

uX

J
1

R

5H 0
0
0
0
J . (49)

For each frequency magnitude, given by the four pairs of eigen-
values, Eq.~49! forms a linearly dependent system of equations.
Solving this eigenvalue problem results in the corresponding
mode shape, i.e., the vector$uX uY uY uX%T. Once the eigenvalues
and corresponding eigenvectors, or mode shapes, are determined,
whirl directions are also assigned~see previous discussion! to
each frequency, and the true natural frequencies are plotted versus
shaft speed.

Figure 8 shows the whirl frequencies as a function of shaft
speed for crack depths ranging from 0 to 40% of the shaft diam-
eter. The ‘‘3’’ symbols along the horizontal axis indicate shaft
speeds for which one or more of the eigenvalues has a positive
real part, i.e., shaft speeds for which the response is unstable. As
previously, two reference lines indicating critical speeds and ‘‘2X
resonance’’ shaft speeds are also included in each figure. From
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this analysis, shaft speeds at which the 2X response is maximum
can be predicted for various crack depths. Table 3 gives the pre-
dicted 2X resonance shaft speeds based on the local asymmetry
crack model. The decrease in the 2X resonance shaft speeds indi-
cates the decrease in the natural frequencies of the system result-
ing from the increased flexibility introduced by the presence of the
crack. This free response analysis of the system containing the
local asymmetry crack model indicates that a decrease in natural
frequencies, which may be observed as a decrease in primary and
secondary critical speeds, is a characteristic of the system re-
sponse that can be directly attributed to the presence of a trans-
verse crack.

Damped Forced Response.To account for a forcing function
in the transfer-matrix method described above, the state vector
and field and point matrices are extended to 931 and 939, re-
spectively, similar to Ref.@2#. Likewise, the point matrix for this
local asymmetry model forced response analysis will be modified
to include damping effects.

The state vector for stationi now has the form

$Z% i5$uX uY MY 2VX 2uY uX MX VY 1%T. (50)

The field matrices, including the crack matrix, are identical to
those given in Eqs.~40! and ~41! with an additional row and
column of zeros, except for element~9,9!, which is one unit. The
damped forced response point matrix@ P̂i # contains damping ef-
fects, and is given by

@ P̂i #5F @Pi # $0%

$0% 1 G1@ P̃i #, (51)

where@Pi # is the 838 point matrix given in Eq.~43!, and@ P̃i # is
the 939 matrix given by

Fig. 8 Local asymmetry model free response at various crack values: „a… uncracked; „b… 20%; „c… 30%; „d… 40%

Table 3 2 X resonance shaft speeds—local asymmetry model
free response

% cracked Shaft speed~Hz!

0 70.62
10 70.34
20 69.24
30 66.97
40 62.44
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@ P̃i #53
0 0 0 0 0 0 0 0 0

0 0 0 0 0 0 0 0 0

ivd12Y
2 ivd22Y

0 0 0 0 0 0 0

ivd11Y
2 ivd12Y

0 0 0 0 0 0 mg

0 0 0 0 0 0 0 0 0

0 0 0 0 0 0 0 0 0

0 0 0 0 ivd12X
2 ivd22X

0 0 0

0 0 0 0 ivd11X
2 ivd12X

0 0 2 img

0 0 0 0 0 0 0 0 0

4 , (52)

where di j q
5ceqi j q

5b̄ki j q
/v, and g is the acceleration due to

gravity. This matrix contains the influence of internal damping
and the forcing function. The overall transfer matrix is obtained
by combining these 939 field and point matrices as in Eqs.~44!
and ~45!. Applying the clamped-free boundary conditions, which
are no displacement or tilt at the support boundary and no shear or
moment at the end of the shaft, results in the following relations
for the forced response:

FU33 U34 U37 U38

U43 U44 U47 U48

U73 U74 U77 U78

U83 U84 U87 U88

G H MY

2VX

MX

VY

J
support

1H U39

U49

U79

U89

J 5H 0
0
0
0
J

1

R

,

(53)

FU13 U14 U17 U18

U23 U24 U27 U28

U53 U54 U57 U58

U63 U64 U67 U68

G H MY

2VX

MX

VY

J
support

5H uX

uY

2uY

uX

J
1

R

.

(54)

The vector$MY 2VX MX VY%T in Eq. ~53! is obtained as the so-
lution of a linearly independent system of equations. This solution
is substituted into Eq.~54! and the forced response vector
$uX uY uY uX%T is obtained. Each element of the state vector is a
complex number. The displacement in theX andY directions, for
example, are of the form

uX5uXr
1 iuXi

, (55)

uY5uYr
1 iuYi

, (56)

where ther and i subscripts denote real and imaginary compo-
nents, respectively. The displacement in theX andY directions,X
andY, will be given by

X5Re@uXeint#, (57)

Y5Re@uYeint#. (58)

So, taking the real part of each,

X5uXr
cos~nt!2uXi

sin~nt!, (59)

Y5uYr
cos~nt!2uYi

sin~nt!. (60)

Recalling that the point and field matrices were derived in the
rotating coordinate frameXYZ,

r5X1 iY5~uXr
1 iuYr

!cos~nt!2~uXi
1 iuYi

!sin~nt!. (61)

It is desired to observe the results in a stationary coordinate frame.
The transformation from the rotatingXYZcoordinate frame to the
inertial jhz coordinate frame is given by

u5reint, (62)

so, the displacement of the rotor expressed in the stationary coor-
dinate frame is

u5
1
2 @~uXr

2 iuxi
1 iuYr

1uYi
!1~uXr

1 iuxi
1 iuYr

2uYi
!ei2nt#.

(63)

Similarly, the tilt of the rotor expressed in the stationary coordi-
nate frame is

g5
1
2 @~uXr

2 iuxi
1 iuYr

1uYi
!1~uXr

1 iuxi
1 iuYr

2uYi
!ei2nt#.

(64)

It is clear from Eqs.~63! and~64! that the constant radial force of
gravity acting on the cracked system results in a 2X harmonic
response which is predicted by this analysis to have a circular
shape. The predicted 2X circular tilt response has a radius of
1
2 u(uXr

2uYi
)1i(uXi

1uYr
)u and is offset according to12 @(uXr

1uYi
)

2 i (uXi
2uYr

)#. The magnitude of the 2X tilt response is plotted
as a function of shaft speed in Fig. 9, shown separately for two
low- and high-speed ranges, and for crack depths varying from 0
to 40% of the shaft diameter. It is clear that for an arbitrary shaft
speed, the amplitude of the 2X response is predicted to increase as
the crack depth increases. The range of shaft speeds shown con-
tains 2X resonant speeds for each crack depth~Fig. 9~b!!. As
previously, the 2X resonant speeds decrease as the crack depth
increases. The 2X resonance shaft speeds predicted based on this
local asymmetry crack model forced response analysis are given
in Table 4. Since the 0% crack depth results in a system with
symmetric stiffness properties, no 2X resonance is predicted for
the forced response analysis. Damping is light~typical damping
ratios are less than 1%, as experimentally found@35#!, thus nu-
merically Tables 3 and 4 provide similar 2X results.

The amplitude of the 2X response at each 2X resonant speed is
shown to increase in magnitude as the crack depth increases. The
shaft speeds at which the 2X peaks occur decrease due to the
reduced stiffness, which changes the system natural frequencies,
resulting from the presence of the crack. The increased amplitude
of the 2X component of the system response is due to the in-
creased asymmetry as the crack depth increases. This forced re-
sponse analysis of the system containing the local asymmetry
crack model indicates that an increase in the amplitude of the 2X
component of the system response, as well as a decrease in the
shaft speed at which the 2X component of the response is maxi-
mum, are characteristics of the system response that may be di-
rectly attributed to the presence of a transverse shaft crack.
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4 Conclusions
Two theoretical analyses have been presented to identify char-

acteristics of the system response that may be directly attributed to
the presence of a transverse crack in the shaft of the test rig
system. Both the global and local asymmetry crack model analy-
ses qualitatively predict response characteristics which have been
experimentally observed in the response of a system containing a
gaping crack.

The behavior of the 2X harmonic component of the system
response is an effective target observation for a monitoring sys-
tem. The predicted behaviors of the 2X harmonic component of

the system response include an increase in magnitude for increas-
ing crack depth as well as a decrease in the shaft speed at which
the 2X harmonic component of the system response is maximum.
The presence of a transverse shaft crack has also been shown to
induce an unstable response for some shaft speeds. The detection
of changes in the magnitude of the 2X harmonic component of the
system response becomes much more difficult for shaft speeds
which are greater than 2X resonance speeds. Frequency-sweep
tests, which pass through 2X resonance shaft speeds, would pro-
vide the most useful information; however, observation of the
magnitude of the 2X component could also provide crack diag-
nostic information.

This research utilizes a method to account for a shaft crack in
the transfer-matrix method. By employing these transfer matrices,
coupled systems that include shafts, seals, bearings, etc., can be
systematically analyzed in a modular fashion@2#.
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Appendix: Asymmetric Stiffness
The stiffness elements relate the displacement and tilt at the end

of the shaft to the applied forces or moments in theX and Y
directions. The stiffness relationships for a cantilever Euler-
Bernoulli beam are obtained from general beam theory as

H FX

MY
J 5F k11Y

2k12Y

2k21Y
k22Y

G H X
gY

J (A1)

and

H FY

MX
J 5F k11X

k12X

k21X
k22X

G H Y
gX

J , (A2)

where k11X
512EIX / l 3, k12X

5k21X
56EIX / l 2, k22X

54EIX / l ,

k11Y
512EIY / l 3, k12Y

5k21Y
56EIY / l 2, andk22Y

54EIY / l .
The area moments of inertia,I, are calculated about theX andY

axes. For the uncracked case, theX andY axes are also the neutral
axes of bending.

The asymmetric stiffness relationships are obtained by calculat-
ing the appropriate asymmetric area moments of inertia and prop-
erly substituting them into the stiffness coefficientski j above.

The cross section of the shaft at the location of the crack, which
is shown in Fig. 10, has asymmetric area moments of inertia about
the neutral axes of bending which are parallel to theX andY axes.
To find the area moments of inertia about the neutral axes of
bending, the parallel axis theorem was utilized.

Fig. 9 Local asymmetry model forced response: „a… low-speed
range; „b… high-speed range

Fig. 10 Asymmetric shaft cross section

Table 4 2 X resonance shaft speeds—local asymmetry model
forced response

% cracked Shaft speed~Hz!

0
10 70.34
20 69.24
30 66.97
40 62.44
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The area moments of inertia about theX andY axes,Î X and Î Y ,
are defined as

Î X5E
A
Y2dA5E

A
Y2dXdY, (A3)

Î Y5E
A
X2dA5E

A
X2dXdY, (A4)

where A is the uncracked area of the cross section. The cross-
coupled area moments of inertia,I XY and I YX , are zero since the
X axis is an axis of symmetry. After integrating over the un-
cracked area, the following equations forÎ X and Î Y result:

Î X5
pr 4

8
1

1

4 F ~r 2a!~r 224ra12a2!A2ra2a2

1r 4 sin21S r 2a

r D G , (A5)

Î Y5
pr 4

4
1

~r 2a!~2Y!3

12
2

1

4 FY~2Y22r 2!Ar 22Y2

1r 4 sin21S Y

r D G , (A6)

where r is the shaft radius,a is the crack depth, andY
5Aa(2r 2a) for convenience.

The following expressions for the area of the cross section,A,
and the distance from theX axis to the centroid of the cross
section,X̄, can be obtained

A5~r 2a!A2ra2a21r 2 sin21S 12
a

r D1
pr 2

2
, (A7)

X̄5
2

3A
~2ar2a2!3/2. (A8)

The moments of inertia about the parallel centroidal axes,I X and
I Y , are then obtained according to the parallel axis theorem as

I X5 Î X , (A9)

I Y5 Î Y2AX̄2. (A10)
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High Temperature
Characterization of a Radial
Magnetic Bearing for
Turbomachinery
Open loop, experimental force and power measurements of a radial, redundant-axis,
magnetic bearing at temperatures to 1000°F (538°C) and rotor speeds to 15,000 rpm
along with theoretical temperature and force models are presented in this paper. The
experimentally measured force produced by a single C-core circuit using 22A was 600 lb
(2.67 kN) at room temperature and 380 lb (1.69 kN) at 538°C. These values were com-
pared with force predictions based on a one-dimensional magnetic circuit analysis and a
thermal analysis of gap growth as a function of temperature. The analysis showed that the
reduction of force at high temperature is mostly due to an increase in radial gap due to
test conditions, rather than to reduced core permeability. Tests under rotating conditions
showed that rotor speed has a negligible effect on the bearing’s static force capacity. One
C-core required approximately 340 W of power to generate 190 lb (845 N) of magnetic
force at 538°C, however the magnetic air gap was much larger than at room temperature.
The data presented are after bearing operation for eleven total hours at 538°C and six
thermal cycles.@DOI: 10.1115/1.1807413#

Introduction

The gas turbine industry has a continued vested interest in im-
proving engine performance and reducing net operating and main-
tenance costs. These goals are being realized because of advance-
ments in materials, aeroelasticity & CFD analysis, and engine
simulation. These advancements also aid in increasing engine
thrust-to-weight ratios, pressure ratios, specific fuel consumption,
and overall reliability through higher-efficiency engine operation
at higher rotational speeds and temperatures.

Rolling element bearings and squeeze film dampers are cur-
rently used to support gas turbine engine rotors. These types of
bearings are limited in temperature~,260°C! and speed~,2.5
million DN! and require both cooling air and a lubrication system.
Rolling element bearings in gas turbines have been pushed to their
limits and new bearing technologies must be developed to take
full advantage of other aforementioned advancements.

Magnetic bearings are well suited to operate at elevated tem-
perature, higher rotational speeds, and extreme altitudes~thin air
atmosphere! and are a promising solution to current limitations.

Magnetic bearings in gas turbine engines would eliminate lu-
brication analysis, leaks, spills, contamination, and unnecessary
maintenance due to faulty chip detection. The magnetic bearing
could also provide health monitoring and adapt the rotor support
to actively respond to transients such as hard aircraft landings and
sudden imbalances. Magnetic bearings will enable engine design-
ers to take full advantage of other technological advancements in
turbine engine components by allowing rotor components to spin
at higher speeds and at higher temperatures. As a result, turbine
and compressor spools can be designed with higher operating
temperatures and with significantly larger, faster, stiffer, highly
damped rotors.

Literature Search
Magnetic bearing technology is being developed worldwide

and is considered an enabling technology for new, hotter engine
designs. There are several institutions which have been develop-
ing hardware for this high temperature application. Xu, Wang, and
Schweitzer demonstrated 1 degree-of-freedom~DOF! levitation of
a plate at 560°C and presented a design of a magnetic bearing
system for 5 DOF in Ref.@1#. Vibration results for a blower used
to recycle 700°C cathode gas, fully suspended by magnetic bear-
ings operating at 400°C, was presented by Ohsawa et al.@2#
Mekhiche et al. developed a high temperature magnetic bearing
system that is described from design through room temperature
testing in Refs.@3,4#. Field et al. described a complete, reliable
magnetic bearing system targeted for high temperature application
in Refs. @5,6#. Only in Ref. @2# can actual experimental data de-
scribing high temperature operation be found. But the data de-
scribe the vibration response of the suspended rotor at tempera-
ture. They do not present an assessment of the effects of
temperature on magnetic bearing properties and system require-
ments.

High temperature magnetic properties of candidate magnetic
materials were investigated in the 1960s by Kueser et al.@7#, and
recently by Kondoleon and Kelleher@8# and Fingers@9#. Hyperco
50 data in Ref.@7# does not indicate a significant decrease in
permeability or saturation flux density at 538°C.

After reviewing the available literature, the authors believe that
this paper provides the first baseline industry performance charac-
teristics for actual magnetic bearing hardware during operation at
temperatures up to 538°C.

The third generation high temperature, high load magnetic bear-
ing, developed at the NASA Glenn Research Center, was first
characterized at room temperature~RT! up to 20,000 rpm. It is
capable of producing over 1000 lb~4.5 kN! of force per magnetic
axis at RT and at speed. RT data for this bearing is presented in
Ref. @10#.

Data presented in this paper characterizes the third generation
bearing at temperatures up to 538°C. Bearing force as a function
of current, temperature, and speed to 15,000 rpm is shown. Bear-

Contributed by the International Gas Turbine Institute~IGTI! of THE AMERICAN
SOCIETY OF MECHANICAL ENGINEERSfor publication in the ASME JOURNAL OF
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tional Gas Turbine and Aeroengine Congress and Exhibition, Atlanta, GA, June
16–19, 2003, Paper No. 2003-GT-38870. Manuscript received by IGTI, October
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ing power consumption measurements taken at several applied
currents and temperatures are also presented. And finally, results
of a simple analytical model are compared to the experimental
force results.

Test Facility

Facility Description. The high temperature magnetic bearing
test facility is shown in Fig. 1. The structural support can accom-
modate thrust and radial bearings up to 22.8 cm diameter with a
maximum axial loading of 22 kN and a maximum radial loading
of 11.1 kN. The test facility has been configured a number of
different ways@10,11#.

The current configuration can be seen in Fig. 2. The magnetic
bearing is located at the center of gravity of the 75-mm-diam rotor
that weighs 8 kg. The 200-mm-diam stator weighs 23 kg. A 0.56
mm radial air gap exists between the stator poles and the rotor at
RT. The rotor has interchangeable sleeves on each end that inter-
face it with the support bearings, which, for these tests, are high-
speed, grease packed, duplex ball bearings. For this configuration,
the rotor was fitted with negative clearance sleeves so it was sup-
ported on pre-loaded ball bearings at both ends. This was done so
that forces exerted by the magnetic bearing could be easily and
directly measured outside the hot section at the support bearing
locations. The outboard sleeve can be replaced with a positive
clearance sleeve so that the magnetic bearing can support the ro-
tor. An air turbine drives the rotor.

The magnetic bearing stator is an isolated C-core, 12-pole, het-
eropolar design, and is described in detail in Ref.@12#. The stator

has an axial length of 76 mm. Each C-core is wrapped with two
coils of 52 turns each of specially insulated and potted silver wire.

Power to the magnetic bearing is provided through tri-state,
pulse width modulated~PWM! amplifiers. These components are
passively filtered to remove high frequency amplifier noise that
results from hard amplifier switching and for reducing EMI emis-
sions from the bearing coils that are picked up by the eddy current
position sensors.

Heat is supplied to the bearing through three, 3 kW band heat-
ers wrapped around the stator~Fig. 2!. Ground Fault Circuit In-
terrupts~GFCIs! have been incorporated into the heating system
and the PWM amplifier circuits to protect the hardware and for
safeguarding personnel. The facility is described in more detail in
Ref. @12#. Figure 3 shows the facility at 538°C with the stator
glowing ‘‘orange’’ hot.

Sensors. The facility is equipped with several different types
of sensors that monitor load, temperature, rotor position, speed,
and electric current.

High load, high bandwidth, piezoelectric load cells, with an
accuracy of61.5 N, support the inboard and outboard rolling
element bearings~Fig. 4!. These load cells are capable of measur-
ing loads up to 7.5 kN at 200 kHz and have a maximum operating
temperature of 200°C. Two load cells are aligned along each of
the three magnetic bearing axes on both support bearings for a
total of 12 load cells. Each load cell was set with a preload of 1
kN. This preload value supplied symmetric structural rotor sup-
port, put the critical speed out of the operating range, and estab-

Fig. 1 High-temperature magnetic bearing test facility at
NASA Glenn Research Center

Fig. 2 Third-generation high-temperature magnetic bearing
test rig

Fig. 3 Magnetic bearing at 538°C „1000°F…

Fig. 4 Six load cells supporting the outboard duplex ball bear-
ing
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lished a large dynamic measurement range. This preload was elec-
tronically zeroed during testing and data acquisition.

Temperatures are recorded at several locations within the test
rig. Both axial ends of the stator have three thermocouples
mounted on them. Thermocouples are also mounted to each set of
support bearings. A handheld infrared thermometer is also used
periodically to gather additional thermal information about the
shaft temperatures during rotation.

Commercially available, high-temperature eddy current dis-
placement probes are used just outside the stator on both sides of
the magnetic bearing to monitor rotor position. Each side has four
probes (X1,X2,Y1,Y2). The probes are capable of 0.0012
mm accuracy and are temperature compensated for a 538°C
environment.

Other sensors include: an eddy current displacement probe used
to measure rotor rpm and phase, magneto-resistive current sensors
to measure C-core currents, and temperature and rpm sensors in
the air turbine.

Data Acquisition. The facility data acquisition system is ca-
pable of capturing data at rates up to 15,000 samples per second
per channel. Data are recorded for inboard and outboard bearing
loads, support bearing and stator temperatures,X andY axis dis-
placements, rotor speed, and bearing C-core currents. Data are
displayed in real time and can be saved directly into spreadsheet
format.

Experiment
For the tests reported in this paper, the shaft was mounted on

zero clearance ball bearing supports so the load exerted by the
magnetic bearing C-cores on the rotor could be measured outside
of the hot section of the test facility.

The maximum load capacity for this bearing was determined by
calculating the vector sum of the forces produced by any three
C-cores along the middle core’s centroidal axis. The primary force
component is generated by the C-core inline with that axis. Each
C-core adjacent to the primary C-core also contributed a compo-
nent of force in the direction of the axis~Fig. 5!. For example, the
total load in the C-core #3 direction is the sum of theF2 and the
cosine ofF1 and F3 . The sine components of theF1 and F3
cancel each other out. This axis is referred to as the #2-3-4 mag-
netic axis.

Maximum Force Produced by Single C-Core as a Function
of Temperature. Recorded data sets of load capacity versus
temperature indicate the maximum load capacity of a single core

and the current level where saturation begins. For these tests,
C-core #1 was attached directly to a high power dc supply~100 V,
40 A! and load was measured while current was increased at five
different temperatures.

Results are shown in Fig. 6. Force starts to become nonqua-
dratic above about 12 A and saturation is almost complete at about
20 A if at lower temperatures. Saturation is less complete at higher
temperatures. This suggests that forces attainable at RT can be
achieved at elevated temperatures provided enough EMF can be
generated to do so. Currents greater than 22 A were not applied
due to concern over C-cores damage. The data also show that
force production decreases by 37% at 22 A between RT and
538°C. In Ref.@11#, Minihan et al. showed a similar force capac-
ity degradation of 33% between RT and 538°C in saturation for
the second generation high temperature magnetic bearing. The
large decrease in load capacity for an applied current above room
temperature is attributable to two causes: a minor decrease in
permeability of the core material and a large increase in the radial
air gap due to test conditions.

Figure 7 presents a subset of the C-core #1 data in log–log
format. The top line indicates the quadratic form of the data since

Fig. 5 Maximum load on each magnetic axis is a vector sum of the forces
from more than one C-core

Fig. 6 Force capacity for C-core #1 as a function of tempera-
ture
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each temperature data set is almost parallel to it. If the gap dimen-
sion was independent of temperature, then these curves would line
up on top of each other. However, the actual gap dimension at
each temperature can be backed out of this data using the assump-
tion that the change in relative permeability of the core material is
negligible and provided the initial gap at room temperature is
known. Magnetization curves for 0.1 mm laminations of Hiperco
50 alloy in Ref. @7# do not appear to indicate an appreciable
change with temperature~RT to 538°C! in relative permeability or
induction for a fixed magnetizing force.

An inherent increase in gap length exists based solely upon the
fact that the magnetic bearing lamination stacks are heating up. If
the change in temperature of both the rotor and the stator is uni-
form, the gap grows by 0.5% at 538°C. One way to see this
increase is to imagine replacing the air in the gap with lamination
material. After applying heat, not only due the rotor and stator
stacks expand, but so too does the gap material. Since this imagi-
nary gap stack does not affect the growth of either the stator or the
rotor stack, it can be concluded that the gap grows with tempera-
ture by a small amount as does the other metal components.

The coefficient of thermal expansion for Hyperco 50 is 5.28
31026 in./~in. °F) and the gap is 0.022 in. An increase of 538°C
thus results in a 0.5% increase in gap length, which results in a
1% loss in force capacity.

Individual C-Core Force Capacity as a Function of Speed
and Temperature. Typical load capacity of a single C-core as a
function of current, temperature, and speed is presented here.
C-core #2 load capacity data at 0 and 15,000 rpm from 27 to
538°C is shown in Figs. 8 and 9.

The data show that speed does not have an appreciable effect on
the force capacity of C-core #2 at any temperature or speed to
15,000 rpm. This same result was observed previously in Ref.
@10#.

Figure 10 shows just how close the data matches at 538°C.
Slight variations are most likely associated with the timeliness of
the measurements. Gap size affects these measurements and how
long the stator took to get from RT to 538°C and how long it was
there is critical. Possible nonuniform frictional forces generated
within the rolling element bearings as the rotor gets hot, which are
not accounted for, may also be a source of variation. Small net
frictional forces in the direction of load could develop if the pre-
loads are not perfectly balanced, or if the concentricity between

the rotor and the outboard rolling element bearing changes. How-
ever, the ball bearings do provide a good load path from the ro-
tating shaft and this effect seems minimal.

The option of measuring forces directly at the stator~Fig. 11!
has been tried, with difficulty, prior to this publication. The main
problem was that the load cells had to be in line with the stator
mechanical support and an external actuator system was required.
This support configuration permitted unwanted stator deflection
and position slip during dynamic tests.

As the speed increases, rotor eddy current and hysteresis losses
increase. However, these losses do not affect the static load pro-
duction capability of this bearing at elevated temperatures to
15,000 rpm. These losses still have negative effects on actuator
bandwidth.

For this particular C-core, a decrease in load capacity of 53% is
evident at 15 A between RT and 538°C. This is considerably
higher than previous results have shown. Since force is propor-
tional to the inverse square of the total air gap, small changes in
air gap can greatly affect bearing output for any current values. It
would appear that Figs. 8 and 9 would have shown a more favor-
able result if data from C-core #1 was recorded. However, it is
highly unlikely that the test rig reached an equilibrium tempera-
ture when Fig. 6 data were recorded.

Fig. 7 C-core #1 force data plotted on log–log plot
Fig. 8 Force vs current for C-core #2 at 0 rpm

Fig. 9 Force vs current for C-core #2 at 15,000 rpm
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C-core #2 tests were performed immediately when the stator
had reached the desired temperature. Band heaters heat the back
iron of the stator and the heat travels to all other components
primarily through conduction and radiation. Consequently, the ro-
tor takes longer to heat and therefore the air gap is larger than at
room temperature. In fact, air gap size is a direct function of
rotational speed,and the difference in temperature between the
rotor and the stator.

Maintaining a constant uniform gap dimension for these tests is
difficult. Concentricity within the rig has also been a challenge.
The eight displacement sensors monitoredrotor position during
all the tests to ensure the rotor did not bow or change position
relative to the support stand. However, the stator was not moni-
tored, and its position may have changed slightly due to slipping,
thus changing the air gap between the coils.

Figure 12 presents C-core #2 data in log–log format. The data
are similar to that shown for core #1. Table 1 shows the % reduc-
tion in force and the % increase in gap for C-core #1 and #2 as a
function of temperature. Force reductions were found by dividing
each data set by the room temperature result. The increase in gap
is directly proportional to the inverse square root of force.

Force Capacity of an Axis as a Function of Speed and Tem-
perature. The previous tests were expanded upon to determine
the load capacity for an axis under the condition where three
adjacent C-cores all carry the same current and the opposing

C-core coils carry none. The maximum load of an axis is a func-
tion of three adjacent C-cores. The two C-cores on either side of
the main axis have a contribution to the total load in that axis~Fig.
5!. Acting at an angle of 60 deg to the axis, these side C-cores
contribute as much of the total force as the central C-core. The
results of load versus current and temperature for 0 and 15,000
rpm using magnetic axis 2-3-4 are shown in Figs. 13 and 14.

Once again speed does not have an appreciable effect on the
load capacity along an axis at any temperature—at least to 15,000
rpm.

To confirm that the applied magnetic force was in the same
direction as the center C-core of that axis, the angle of the applied
load was monitored. This was done by taking the load cell data in
real-time and plotting the load vector direction versus true hori-
zontal. The stator load angles matched the theoretical values~i.e.,
0° for the #2-3-4 axis! to within a few degrees.

Power Characterization

Power Consumption of Single Core. The power required by
the bearing C-cores as a function of magnetic force, current, tem-
perature, and speed was also determined. At RT, the average re-
sistance~R! for a C-core~2 coils! is 0.48V and inductance~L! is
18 mH. The real power used by the C-core is a function of the
output voltage of the pulse width modulation amplifier~22 kHz
switching frequency! and the instantaneous current. Figure 15
shows the typical power system for one C-core.

The high switching frequency~22 kHz! of the PWM amplifier
makes it difficult to measure the power required to produce bear-
ing forces. Normal 60 Hz rms power measurement equipment
cannot be used. An isolated, high impedance digital oscilloscope
capable of acquiring data at one million samples per second was
used to record the instantaneous voltage across the C-core coils as

Fig. 10 Force versus current and speed at 538°C

Fig. 11 Load measurements at the stator using piezoelectric
actuators

Fig. 12 C-core #2 data at 0 rpm plotted on log–log plot

Table 1 Percent reduction in force and increase in gap as a
function of temperature

Temp
~°C!

C-core #1 C-core #2

% force
reduction

% gap
increase

% force
reduction

% gap
increase

121 13 7 21 13
260 30 20 33 22
399 44 34 47 37
538 51 43 55 49
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well as the instantaneous current through the coils. Average power
for each data point was calculated using a power factor equal to
one.

Full Axis Power Consumption. Average power as a function
of temperature was calculated for C-core #2 and the #2-3-4 mag-
netic axis at 0 rpm. The power for the magnetic axis is the sum of
the power from the three C-cores in that axis. All the power cal-
culations are shown in Figs. 16 and 17.

The largest power requirement was about 1 kW at 538°C to
produce 2.3 kN on an axis. Power required to produce a specified
load increases dramatically with temperature for several reasons.
Resistive power loss increases since coil resistance increases. In
fact, at 538°C, the resistance of the coils has increased by a factor
of 3, thus required power will be at least three times as much
based on this result alone. Slight degradation of the flux carrying
capacity of the magnetic laminations also contributes to an in-
crease. The other component here stems from an increase in gap
dimension.

Thermal Analysis

Increase in Gap due to Thermal Expansion. A major con-
tributor to the decrease in load and the increase in power as tem-
perature rises is the expanding gap between the rotor and the
stator. Since the heaters are mounted directly on the outside of the
stator, the stator heats up at a much higher rate then the rotor,

Fig. 13 Force as a function of current and temperature for the
#2-3-4 magnetic axes at 0 rpm

Fig. 14 Force as a function of current and temperature for the
#2-3-4 magnetic axes at 15,000 rpm

Fig. 15 Power system for one C-core

Fig. 16 Power consumption of C-core #2 at 0 rpm

Fig. 17 Power consumption of magnetic axis #2-3-4 at 0 rpm
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which relies only on convection and radiation for heating. Thus,
the rotor will not have expanded as much as the stator, and as a
result, the gap will be larger than nominal.

In hindsight, it would seem advantageous to heat the rotor as
well as the stator to alleviate thermal mismatch problems. With
the current rig setup, however, this is not possible. Stresses gen-
erated from thermal expansion of the zero clearance bearing
sleeves might cause the ball bearings to seize up. In addition, the
grease used to lubricate these bearings is only rated to 135°C. In a
future build, the ball bearings will be replaced with high tempera-
ture hydrostatic bearings to allow consideration of other heating
methods. The hydrostatic bearings will also allow for continuous
testing at higher speeds. Currently, the ball bearings heat up
within minutes to their temperature limit in tests performed at
high speed.

Constant gap dimension is important in the determination of
force capacity and bearing power requirements, but the gap in a
real engine application will not stay constant and could vary with
time and external environmental conditions, such as inlet air
temperature.

In order to better understand the growth of the gap, a linear
thermal expansion analysis was conducted. The gap at any tem-
perature has a minimum and maximum value just due to the tol-
erance stack up of the rotor and stator bearing components. The
actual gap, which is somewhere between the max and min, will
change with thermal mismatch. Thermal maps of the magnetic
bearing section of the rotor were constructed using temperatures
measured at several different points on the rig using a handheld
infrared thermometer. Figure 18 shows that even after 2.5 h, the
average gap dimension is greater than it is at room temperature. It
is quite possible, that the rotor would never reach 538°C using the
current heating method. The initial gap value for C-core #2 was
determined using plastic shims to be approximately 0.56 mm. Us-
ing this reference and the values in Table 1, the actual gap can be
determined. Values based on experiment and plotted in Fig. 18,
fall between the max and min curves and thus provide confidence
in the model.

The thermal map in Fig. 19 shows a temperature gradient on the
rotor. This gradient was due to different heating rates of each of
the three band heaters and also because the outer containment
shell was removed for these tests allowing for convective cooling.
The coolest rotor section is about 315°F. Figure 20 shows that the
rotor did reach a uniform temperature of about 415°C after 2.5 h
of steady heating after the stator poles reached 538°C.

In this model, the average radial gap at room temperature was
0.620 mm at 27°C. This gap increases to 0.792 mm at 538°C~Fig.
18!. Since the magnetic force is a function of the inverse square of
the gap distance~if core material is far from saturation!, it is clear
why the force at elevated temperature severely drops for a fixed
supply current.

Force Prediction. A simple analytical prediction of force,
made to verify the experimental results, is presented here. For a
general magnetic actuator, the force produced by the magnetic
flux in one air gap of areaAg is

F5
1

2
am0AgF NI

2G1
L iron

m r

G 2

. (1)

In this equation,m0 is the magnetic permeability of free space
andNI is the ampere-turns of the coil~s! driving flux through the
circuit. 2G represents the total effective magnetic air gap anda is
a force de-rating factor, which accounts for leakage, fringing, and
non-uniformity in flux density across the pole face@13#. L iron rep-
resents the average iron path component of the C-core circuit, and
ur is the relative permeability of the iron laminations.

The actuator measurements in this paper are based on the per-
formance of a complete C-core circuit. Each of the two C-core
poles is 15° off-axis, therefore, the forced produced by a single
C-core is 1.93 times that obtained using Eq.~1!. Force predictions
were made using the following parameters:a50.8, m054p
31027 N/A2, N55232 turns, Ag512.9 cm2, G050.559 mm,
L iron5145 mm, m r5500. A nominalm r was calculated from the
local slope of the Hyperco 50 data in Ref.@7# at 12 Oe and RT. 12
Oe corresponds to about 10 A in these third generation radial
bearing C-cores.

Figure 21 shows a comparison between the predicted force and
the measured force for C-core #1. An initial gap,G0 , of 0.47 mm
was used in the predictions since the force in C-core #1 was
considerably higher than that in C-core #2. The trend for gap
increase backed out of the measured data for C-core #1 shown in
Table 1 was used to determine predicted gap values in C-core #1

Fig. 18 Theoretical gap between stator and rotor as a function
of temperature using linear method

Fig. 19 Thermal map „not FEA … of rotor and stator when rig
first reaches 538°C

Fig. 20 Thermal map „not FEA … of rotor and stator after rig at
538°C for 2.5 h
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using G0 as a reference. There is good agreement between the
calculated load and the actual measurements when the variation in
gap is considered.

It becomes quite clear that exact knowledge of the gap dimen-
sion is imperative to obtaining a detailed comparison between
experimental results and analytical predictions. This measurement
is not easy to obtain, however. The gap in this test rig is difficult
to get at and high temperatures limit probe or shim materials.

Concluding Remarks
Magnetic applied force and electric power for a high load, high

speed, high temperature radial magnetic bearing for turbomachin-
ery were measured. Even though the shaft is not doing any work
and the rotor is not levitated, these tests provide baseline industry
performance characteristics for actual hardware. Load capacity
and power consumption of both a single C-core and a magnetic
axis were measured from 27 to 538°C. Thermal analysis of the
test rig to investigate gap growth due to non-uniform heating was
performed. Theoretical force predictions were compared to actual
results with good correlation. No appreciable decrease in static
force production capability was observed due to rotation up to
15,000 rpm at any temperature. Future experimental work will
include high temperature, high-speed levitation tests without the
use of rolling element bearings and high temperature force mea-

surements of a magnetic thrust bearing. Future analytical work
will include the development of an advanced model that includes
the effect of applied magnetizing force and temperature on the
relative permeability of the core material as well as the effects of
rotation and thermal mismatch on bearing air gap.
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Introduction
Various hydrodynamic, hydrostatic and hybrid bearings have

been widely used in rotating machinery. The mechanism of hy-
drodynamic lubrication has been investigated and various bear-
ings have been developed, which enable modern rotating machin-
ery to operate with ever increasing speed, stability and efficiency.
The majority of the analytical research work in hydrodynamic
lubrication @1–6# has applied the classic Reynolds equation,
which is a reduced form of the Navier–Stokes equations and the
equation of continuity. Then the static performances, such as load
capacity and flow rate, can be calculated by integrating the pre-
dicted pressure field. Furthermore, the dynamic stiffness and
damping coefficients can also be obtained.

Because of the complexity of the structures and applied flow
equations, most of the current standard bearing codes usually fo-
cus on a specific and simplified physical model. It has some limi-
tations for application. These standard codes are usually adequate
for common designs, but additional work may need to be done in
order to meet the requirement when a new concept is desired or
when a more accurate analysis is necessary. For example, in order
to examine the effect of fluid inertia or complex flow geometries,
researchers are required to build a new and more accurate physical
model. This will require new equations developed from the gen-
eral Navier–Stokes equations. Therefore, it would be very benefi-
cial for the research work in the field of hydrodynamic lubrication
if a general fluid flow commercial software could be applied for
analysis of new bearing and damper designs.

Currently, initial CFD analysis has been conducted at the Vir-
ginia Tech Rotor Dynamics Laboratory, in which CFX-TASCflow
is mainly employed to simulate fluid-film bearings, dampers and
seals. In this paper, the application of CFX-TASCflow in the cal-

culation of static and dynamic characteristics of hydrodynamic
and hydrostatic bearings as well as a squeeze film damper is pre-
sented. In order to prove that the general CFD code can be applied
for bearing and damper analysis with the appropriate accuracy, the
results of the CFD analysis are compared to various standard lu-
brication theory numerical calculation programs@7–9#. The re-
sults show reasonable agreement, but leave room for future work
to refine the methods of computation.

The simulation presented in this paper was conducted by using
the CFX-TASCflow 2.11.1@10#. For grid generation the CFX-
Build 4.4 was employed. On the hardware side, one Intel
23Pentium III 800 MHz CPU computer with 512 Mbytes RAM,
and three Intel Pentium 4 1.7 GHz CPU computers with 2 Gbytes
RAM, all operating on the Windows NT 4.0/2000 systems, were
utilized, respectively. The typical simulation times ranged from a
few minutes to several hours depending on the complexity of the
models and the parameters used for the solver. More details of the
required time of computation with the CFD analysis will be given
in the following discussion of results.

Hydrodynamic Bearing and Validation Study
Hydrodynamic journal bearings are very typical in various

types of machinery requiring fluid-film lubrication. The
convergent-wedge and squeeze film effect between the surface of
the bearing and the journal create the dynamic pressure supporting
the external load on the journal. In order to prove that the CFX-
TASCflow program can be applied for fluid film bearing analysis,
it must be shown that the results are appropriate and with the
necessary accuracy. Hence, a validation study is conducted first on
a conventional hydrodynamic bearing design that can be com-
pared to the computer programs and results available for compari-
son. The standard lubrication numerical codes used for this com-
parison include: VT-FAST, DyRoBeS-BePerf, and VT-EXPRESS.
VT-FAST is a rotordynamics software package developed by VT
Rotor Lab that is currently used in both the classroom and indus-
try @7#. DyRoBeS-BePerf is another software package for rotor-
dynamics analysis developed by Chen@8#. VT-EXPRESS is a VT

Contributed by the International Gas Turbine Institute~IGTI! of THE AMERICAN
SOCIETY OF MECHANICAL ENGINEERSfor publication in the ASME JOURNAL OF
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Rotor Lab program mainly used for analysis of externally pressur-
ized fluid-film journal bearings@9#. The solutions of these three
standard codes are based on Reynolds equation, while CFX-
TASCflow solves the general Navier–Stokes equations. In addi-
tion, these standard codes employ Reynolds condition to process
the pressure boundary in the circumferential direction of the bear-
ing while the Half- Sommerfeld condition is used in the following
simulations by CFX-TASCflow. Both the standard codes and the
CFD solutions utilized for the results presented in this paper are
based on the assumption of incompressible fluid and laminar flow
in the bearing.

Example 1. Consider a typical cylindrical journal bearing as
shown in Fig. 1. Assume the diameter of the bearingD550 mm
~1.97 in.! with the width B525 mm ~0.984 in.! and radial clear-
anceh050.05 mm~1.97 mil!. The included angle of inlet pocket
is a530° while its axial land width isb53.75 mm ~0.148 in.!.
The supply pressure of lubricating oil isps5103 000 Pa~15
lbf/in.2! and its dynamic viscosity is m51.25
31022 N s/m2 (1.8131026 lbf s/in.2). The spinning speed of
journal is V51000 rad/s~'9550 rpm!. The eccentricity ratio of
journal ise50.5.

Figure 1 is the geometry of the bearing model with 148 K mesh
density. Figure 2 shows the pressure distribution obtained from
the simulation by CFX-TASCflow on this hydrodynamic journal
bearing with the same mesh density.

There are many factors that affect the correctness and accuracy
of simulation by CFX-TASCflow. Two of these require special
attention. The first is the mesh density of the geometry. Several
mesh densities, including 52, 148, and 308 K, have been calcu-
lated and compared to the results by standard lubrication codes.
The comparison of static calculation with different mesh density
and the results by standard codes are shown in Table 1. It can be
seen that the CFD simulation results are very close to that by the
standard lubrication numerical solutions. The CPU time for each
program is also given in Table 1, clearly illustrating the increased
time required for the CFD analysis.

To balance the calculation accuracy and the requirements for
proper use of machine’s memory and simulation time, the 148 K
mesh density is employed finally for this study. Table 2 gives the
percent differences of the results utilizing 148 K mesh geometry

relative to those of standard codes. It can be seen that the percent
differences for the maximum pressure and load capacity are less
than 1.2% while the difference for attitude angle is less than 3%.
Because usually there is an allowable range of about half degree
for the calculation of attitude angle in the traditional bearing cal-
culations, these results show a very good agreement.

Most of the CPU times in Table 1 are based on the executions
on the 1.7 GHz Pentium 4 machine. An exception is the CPU time
of VT-EXPRESS, which runs on Pentium III machine with 800
MHz CPU. In addition, the CPU times for VT-FAST and
DyRoBes-BePerf are the sum for both static and dynamic calcu-
lations. The other times in Table 1 are just for the static equilib-
rium calculation. It can be seen in Table 1 that the simulation by
CFX-TASCflow requires a great deal of CPU time as compared to

Fig. 1 Hydrodynamic bearing model Fig. 2 Pressure profile of hydrodynamic bearing

Table 1 Results of static calculations

Maximum
pressure
(106 Pa)

Load
capacity

~N!

Attitude
angle
~deg!

CPU
time

~h:m:s!

VT-FAST ¯ 1151 49.4 00:00:02
DyRoBeS-
BePerf

2.328 1155 48.5 00:00:07

VT-EXPRESS 2.324 1143 49.3 00:00:05
CFX-TASCflow
~52 K mesh!

2.336 1144 49.8 00:33:37

CFX-TASCflow
~148 K mesh!

2.351 1156 49.8 02:05:28

CFX-TASCflow
~308 K mesh!

2.352 1160 49.8 04:45:11

Table 2 Percent differences for 148 K mesh geometry relative
to comparison codes

Comparison
code

Maximum
pressure

Load
capacity

Attitude
angle

VT-FAST ¯ 0.43% 0.81%
DyRoBeS-
BePerf

0.99% 0.09% 2.68%

VT-EXPRESS 1.16% 1.14% 1.01%
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the standard lubrication codes. This proves the efficiency of the
standard lubrication solutions. The ultimate purpose of applying
this general CFD code for bearings and dampers is not to replace
the current standard lubrication codes. Rather, it is necessary to
understand how CFD analysis can be applied in those areas where
a complicated structure is used or where a more detailed analysis
is necessary.

The second factor affecting the simulation is the grid quality of
geometry, which mainly includes the aspect ratio and skew angle
of the grid. In CFX-TASCflow, the skew angle is required to be
larger than 10 deg to 20 deg while the aspect ratio is recom-
mended to be less than 100 or 200 for normal analysis. Due to the
existence of the thin film in hydrodynamic bearings, the dominat-
ing feature for bearing CFD models is the large aspect ratio of the
grid. To avoid the negative influence of this large aspect ratio,
double precision calculations have been adopted per the sugges-
tion of CFX-TASCflow documentation@10#. Table 3 gives the
range of results for the grid quality check for the bearing model
with 148 K mesh density. These results are for the entire range of
eccentricity ratios from 0.1 to 0.9. For example, the model aspect
ratio is 814.01 when the eccentricity ratio is equal to 0.5.

Dynamic Calculation

Calculation Method. Consider the hydrodynamic bearing de-
scribed in example 1. Using the small perturbation method, the
increment of fluid-film force components can be described as
follows:

DFx5kxxx1kxyy1cxxẋ1cxyẏ,
(1)

DFy5kyxx1kyyy1cyxẋ1cyyẏ,

where ki j ( i , j 5x,y), ci j ( i , j 5x,y) represent the stiffness and
damping coefficients of the bearing, andx, y, ẋ, ẏ represent the
perturbation of displacements and velocities in theX direction and
Y direction, respectively. The coordinate system is the same as
that shown in Fig. 1.

By giving small perturbations of displacement either in theX
direction orY direction, the stiffness coefficients can be obtained
by differentiating the resultant fluid film force components on the
displacements of perturbation. In standard lubrication programs,
the dimensionless perturbation of displacementsx/h0 , y/h0 is
usually between 0.01 and 0.005. For better comparison, in this
study, three dimensionless perturbations are used: 0.01, 0.005, and
0.002 for selected CFD results.

In order to calculate the damping coefficients, a special capa-
bility in CFX-TASCflow, called ‘‘Moving Grid,’’ has been em-

ployed. The bearing surface and journal surface are specified as
‘‘Frozen’’ nodes and ‘‘Moved’’ nodes, respectively. Through the
user’s FORTRAN code, the ‘‘Moved’’ nodes can move in the
fashion specified by the user. To match with the practice in stan-
dard codes, the dimensionless perturbations of velocity used in
this study areẋ/Vh0 , ẏ/Vh050.01, 0.005, and 0.002.

Analysis of Results. Table 4 shows the results of stiffness
calculations by CFX-TASCflow and other standard lubrication
codes for the bearing described in example 1. For better compari-
son, the CFD results with bothx/h0 and y/h0 equal to 0.005 is
selected for further comparison. The percent differences relative
to the standard codes are shown in Table 5.

It can be seen from Table 4 that the stiffness coefficients by
CFX-TASCflow are relatively closer to the results by VT-FAST
than to the results by the other two standard codes. The percent
differences for all of the four stiffness coefficients are less than
15%. It seems there is a big difference for the results ofKxy .
Since this stiffness component usually has a very large slope,
this difference may be better understood in future research
investigation.

Table 6 shows the results of damping calculation. Table 7 is the
percent differences for the CFD simulation with the 0.005 of di-
mensionless perturbation of velocity, relative to that of the stan-
dard codes. It can be seen that in general, the damping coefficients
by CFX-TASCflow are larger than those by the standard codes.
One of the possible reasons for this difference may be the influ-
ence of the fluid in inlet pockets. Generally speaking, this fluid
body has more obvious effect on the damping of the bearing. In
standard lubrication solutions, this effect was not considered. In

Table 3 Results of grid quality check

Checked value Required value

Skew angle
~deg!

19.22–168.85 .10–20

Aspect ratio 1.01–4485.93 ,100–200

Table 4 Stiffness coefficients

Kxx

(106 N/m)
Kxy

(106 N/m)
Kyx

(106 N/m)
Kyy

(106 N/m)

VT-FAST 40.0 219.4 87.2 59.1
DyRoBeS-BePerf 38.0 215.2 84.8 65.2
VT-EXPRESS 33.9 213.1 85.3 65.0
CFX-TASCflow
(x/h0 ,y/h050.01)

41.2 221.9 88.0 56.0

CFX-TASCflow
(x/h0 ,y/h050.005)

41.1 222.1 88.0 56.0

CFX-TASCflow
(x/h0 ,y/h050.002)

38.9 221.3 85.0 55.0

Table 5 Stiffness coefficients percent difference for CFD
simulation with x Õh 0 , y Õh 0Ä0.005 relative to comparison codes

Comparison
code Kxx Kxy Kyx Kyy

VT-FAST 2.75% 13.9% 0.91% 25.24%
DyRoBeS-BePerf 8.16% 45.4% 3.77% 214.1%
VT-EXPRESS 21.2% 68.7% 3.16% 213.8%

Table 6 Damping coefficients

Cxx

(104 N s/m)
Cxy

(104 N s/m)
Cyx

(104 N s/m)
Cyy

(104 N s/m)

VT-FAST 5.75 4.93 5.41 16.7
DyRoBeS-BePerf 4.86 4.29 4.29 16.1
VT-EXPRESS 4.38 3.87 4.50 15.9
CFX-TASCflow
( ẋ/Vh0 ,ẏ/Vh050.01)

6.92 5.90 6.60 18.2

CFX-TASCflow
( ẋ/Vh0 ,ẏ/Vh050.005)

7.16 5.92 6.40 18.4

CFX-TASCflow
( ẋ/Vh0 ,ẏ/Vh050.002)

6.86 5.82 6.50 18.0
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addition, the differences in equation basis between two kinds of
solutions may also be a cause. This will be a subject in future
research work.

Thermal Analysis
In the thermal analysis, another capability in CFX-TASCflow,

‘‘Heat Transfer/Natural Convection,’’ is activated. The fluid prop-
erty functions are introduced by employing the user’s FORTRAN
code.

Example 2. Consider a cylindrical journal bearing as described
in example 1 and Fig. 1. Here the lubricating oil is ISO VG32
~equivalent to DTE-LIGHT!.

Fluid Properties. Two cases are calculated in this thermal
analysis. The first case has an assumption of constant fluid prop-
erties, which is typical in normal lubrication analysis. The second
case assumes the fluid properties are a function of temperature,
which is a more realistic simulation. These two cases are de-
scribed in Table 8.

Simulation Results. In Fig. 3, the profiles of temperature and
viscosity for case 2 at 0.5 of eccentricity ratio and 9550 rpm of
speed are displayed. The performances of the bearing both for
case 1 and case 2 over the entire range of eccentricity ratios are
shown in Fig. 4. For the purpose of comparison, the results by
VT-EXPRESS are also displayed. Figure 5 is the maximum and
average temperature curves of case 2.

Availability for Extended Thermal Analysis. The possibil-
ity to conduct further thermal solutions where the model to be
analyzed includes both fluid film and solid elements, such as the
bearing housing or journal, has been examined. This necessitates
the ‘‘Conjugate Heat Transfer’’ capability in CFX-TASCflow. Fig-
ures 6 and 7 display the results of an initial simulation which has
been conducted on a ‘‘long bearing’’ model. It can be seen that in

Table 7 Damping coefficients percent difference for CFD
simulation with ẋ ÕVh 0 , ẏ ÕVh 0Ä0.005 relative to comparison
codes

Comparison
code Cxx Cxy Cyx Cyy

VT-FAST 24.5% 20.1% 18.3% 10.2%
DyRoBeS-BePerf 47.3% 38.0% 49.2% 14.3%
VT-EXPRESS 63.4% 52.9% 42.2% 15.7%

Table 8 Two cases for thermal solutions

Feature Property values

Case 1 Constant properties ISO VG32 at
50°C/122°F

Case 2 Function properties Functions for ISO
VG32

Fig. 3 Temperature and viscosity distribution „case 2, 0.5 of
eccentricity ratio, 9550 rpm of speed …: „a… temperature, „b… dy-
namic viscosity

Fig. 4 Bearing performances „5000 rpm of speed …: „a… load capacity, „b… maximum pressure „c… attitude angle, „d…
mass flow
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addition to the solutions of the fluid film, the temperature
distribution within the bearing housing is also available for
examination.

Hydrostatic and Hybrid Bearings
The hydrostatic bearing is another type of widely used fluid-

film lubrication bearing. This design employs an external high-
pressure supply system to form the hydrostatic pressure in the
bearing to supply the load capacity. In many circumstances, this
kind of bearing is also called an externally pressurized bearing.
Due to the rotation of the journal both hydrodynamic and hydro-
static lubrication effects can play essential roles in this kind of
journal bearing. Hence, an externally pressurized journal bearing
is a hybrid-operating bearing if the journal rotation speed is high.

In addition, depending on the fluid supply system, there are two
categories of hydrostatic bearing: flow-constant and pressure-
constant.

Flow-Constant Hydrostatic Bearing. A set of pressure pro-
files for a flow-constant hydrostatic journal bearing with four
pockets can be seen in Fig. 8. It can be seen that there is an
obvious hydrodynamic effect in this hybrid-operating condition
due to the rotation of the journal. In contrast, the pressure profile
of a hydrostatic-operating bearing is symmetric relative to the
eccentricity direction.

Pressure-Constant Hydrostatic Bearing. In pressure-
constant hydrostatic bearings, a restrictor such as an orifice or a
capillary, should be used to compensate the pocket pressures, to
produce the load capacity of the bearing. The pressure-constant
hydrostatic bearing is widely used in engineering applications.

Considering the difference between the sizes and grid numbers
of the pocket and orifice, the grids could be built separately and
attached together by using the GGI connection capability.

Example 3. Consider a typical four-pocket hydrostatic journal
bearing with pressure-constant control system. Assume the diam-
eter of bearingD530 mm ~1.18 in.! with the width B520 mm
~0.79 in.! and radial clearanceh050.03 mm ~1.18 mil!. The in-
cluded angle of each pocket isb545° while its axial land width is
b55 mm ~0.197 in.!. The depth of pocket ish151 mm ~39.37
mil!. The diameter of orifice isd050.6 mm~23.6 mil!. The supply
pressure of lubricating oil isps55 MPa ~725 lbf/in.2! at each
orifice inlet and its dynamic viscosity is m59.93
31023 N s/m2 (1.4731026 lbf s/in.2). The eccentricity ratio of
journal ise50.5.

In this analysis, VT-EXPRESS is used as the comparison code.
In addition to the difference of basic equations mentioned before,
another difference between the two solutions is the process of
pocket pressure distribution. In VT-EXPRESS, the pressure in the
entire pocket area is assumed to be uniform, which is equal to the
pocket inlet pressure~post-orifice!. In the CFX-TASCflow simu-
lation, the pocket area is solved at the same time as the other areas
of the bearing.

The pressure distributions for both the hydrostatic-operating
and hybrid-operating conditions are shown in Figs. 9 and 10, re-
spectively. Figures 9~a! and 10~a! show the pressure changes pre-
and post-orifices under two different operating conditions. From
these two fringe plots, it can be seen clearly that the four pockets
obtain a different pocket inlet pressure, due to the different clear-
ance in each pocket region, while each pocket has the same supply
pressure. Furthermore, due to the introduction of the hydrody-
namic effect in the hybrid-operating bearing, the pocket inlet pres-
sures for pockets 2 and 4 are different, as shown in Fig. 10.

Table 9 is the data results for two solution methods, CFX
TASCflow and VT-EXPRESS. It can be seen that, essentially,

Fig. 5 Average and maximum temperatures „case 2, 5000 rpm
of speed …

Fig. 6 Temperature distribution on one cross section of
bearing housing

Fig. 7 Temperature distribution on one circular layer of
bearing housing

Fig. 8 Pressure distribution of flow-constant hydrostatic
bearing: „a… hydrostatic-operating, „b… hybrid-operating
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most of the results have a good agreement. The percent differ-
ences for all of pocket inlet pressures~the mean values at pocket
inlets in CFD solutions! are less than 2%. But, it seems the load
capacity is an exception. The load capacities by CFX-TASCflow
under hydrostatic-operating and hybrid-operating conditions are

higher by 13.2% and 8.3%, respectively, than that by VT-
EXPRESS. Generally speaking, under the hydrostatic-operating
condition, the load capacity of the bearing is proportional to the
difference of pressures between the bottom and top pockets. By
checking the pressure distribution in each pocket, it is found that
in the top pocket area~pocket 1! there is an obvious decrease in
the pressure field from the pocket inlet pressure~post-orifice pres-
sure!. Figure 11 shows this phenomenon in hydrostatic-operating
condition. It can be seen that the pressure values on most areas in
the top pocket are less than the pocket inlet pressure. This prob-
ably is because the clearance of the bearing in this area increases
more than the other areas after applying the eccentricity. Although
there is also a similar mechanism in the bottom pocket as well as
the other two pockets, the simulation results show this influence is
more evident right in the pocket opposite to the eccentricity direc-
tion. In the VT-EXPRESS solution, the pressure in each pocket
was assumed to be the pocket inlet pressure. This phenomenon
can also be found in the hybrid-operating conditions.

Squeeze Film Damper
A squeeze film damper~SFD! is a special kind of fluid-film

bearing, which exclusively makes use of only the squeeze effect
resulting from the whirl of the journal to influence the vibration of
the supported rotor systems. Squeeze film dampers are utilized in

Fig. 9 Pressure distribution under hydrostatic-operating con-
dition: „a… pre- and post-orifice, „b… bearing surface

Fig. 10 Pressure distribution under hybrid-operating condi-
tion „9550 rpm of speed …: „a… pre- and post-orifice, „b… bearing
surface

Table 9 Comparison of results by two solutions

Hydrostatic-operating Hybrid-Operating

CFX-
TASCflow

VT-
EXPRESS % diff

CFX-
TASCflow

VT-
EXPRESS % diff

#1 Pocket
inlet
pressure
~MPa!

2.657 2.650 0.3% 2.671 2.724 1.9%

#2 Pocket
inlet
pressure
~MPa!

4.104 4.165 1.5% 3.723 3.745 0.6%

#3 Pocket
inlet
pressure
~MPa!

4.959 4.975 0.3% 4.980 4.987 0.1%

#4 Pocket
inlet
pressure
~MPa!

4.104 4.165 1.5% 4.413 4.503 2.0%

Load
capacity~N!

722.7 638.1 13.2% 727.0 670.9 8.3%

Attitude
angle~deg!

0 0 0% 23.4 25.7 8.9%

Flow rate
~kg/s!

0.0324 0.0306 5.8% 0.0318 0.0304 4.6%

Fig. 11 Pressure decrease within pocket area in hydrostatic-
operating bearing
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jet aircraft engines to provide needed damping to control undesir-
able vibrations. They also are used in many land-based rotating
machinery to enhance stability.

Example 4. Assume the diameter of a long damperD530 mm
~1.18 in.! with radial clearanceh050.03 mm~1.18 mil!. The dy-
namic viscosity of lubricating oil ism59.9331023 N s/m2 (1.47
31026 lbf s/in.2). The radius of whirling orbit ise50.02 mm
~0.79 mil! and its circular frequency isv5200 rad/s~'1910
cpm!.

By employing the ‘‘Moving Grid’’ capability and the user’s
FORTRAN code, the dynamic simulation of this SFD can be con-
ducted. Some of the transient images of dynamic pressure at dif-
ferent instants are shown in Fig. 12.

Conclusions
The application of the general CFD code, CFX-TASCflow, for

analysis of hydrodynamic, hydrostatic, and hybrid bearings as
well as a squeeze film damper, has been successfully conducted.
The following conclusions can be stated:

1. The simulation results for static performances of hydrody-
namic bearing have a good agreement with that of the stan-
dard lubrication solutions.

2. Considering the dynamic calculation of the hydrodynamic
bearing, the stiffness coefficients by CFX-TASCflow are
quite close to one of the standard codes. However, the damp-
ing coefficients by the CFD simulation are higher than that
by the comparison codes, in general. One of the possible
reasons is the inclusion, in the CFD simulation, of the influ-

ence of the fluid in the inlet pockets. The resolution of this
discrepancy requires a new future investigation.

3. The CFD simulation of an externally pressurized bearing for
both the hydrostatic and hybrid operating conditions shows
that most of the static performance results have a reasonable
agreement with that by a standard code. It also shows the
load capacity in the hydrostatic-operating condition is higher
than that by the standard code because of a further decrease
of the pocket pressure values relative to its inlet pressure in
the pocket opposite to the eccentricity direction. This may
also affect the load capacity of the hybrid-operating bearing.

4. Certain capabilities in CFX-TASCflow can be used in the
bearing and damper analysis. For example, ‘‘Moving Grid’’
is employed in the calculation of the bearing damping char-
acteristics and the simulation of the squeeze film damper.
The capability of ‘‘Conjugate Heat Transfer’’ makes the
comprehensive simulation of both the fluid film and solid
elements possible.

5. The simulation by CFX-TASCflow requires a great deal of
CPU time if compared to the standard lubrication codes.
However, it should be noted that the ultimate purpose of this
research in applying this general CFD code for bearings and
dampers is not to replace the current standard lubrication
codes. CFD analysis will find its place in those areas where
the complicated structure is used or when a more detailed
system analysis is needed.

Although the current CFD results are encouraging, much work
remains to be done in the future. Eventually CFD analysis will
play an important role in the field of bearing and damper analysis.
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